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ABSTRACT

As a result of prior EPRI-sponsored studies, it was concluded that a
research program should be designed and implemented to provide an
improved basis for the design, procurement, testing, and operation of
large feed pumps with increased reliability and stability over the
full range of operating conditions. This two-volume report contains a
research plan which is based on a review of the present state of the
art and which defines the necessary R&D program and estimates the
benefits and costs of the program. The recommended research program
consists of 30 interrelated tasks. It is designed to perform the
needed research; to verify the results; to develop improved compo-
nents; and to publish computer-aided design methods, pump specifica-
tion guidelines, and a troubleshooting manual. Most of the technology
proposed in the research plan is applicable to nuclear power plants as
well as to fossil-fired plants.
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EPRI PERSPECTIVE

PROJECT DESCRIPTION

RP1884~6 is part of an EPRI program to improve the reliability of
feedwater pumps for large power~generating units. Problems of feed-
water pumps are a leading cause of unscheduled outages, and they are
estimated to have cost more than $408 million for replacement power
alone during 1981. The EPRI-sponsored program will be a multivear
effort to provide an improved basis for the design, procurement,
operation, and testing of large feedwater pumps with increased reli-
ability and stability over the full range of operation. Phase I of
this effort was completed by two independent teams; the result of one
team is reported here. The Phase I work was the preparation of a
research program design for the remainder of the overall EPRI effort,
including both theoretical and experimental research. The work was
based on surveys of architect—-engineers, utilities, independent
research laboratories, and pump manufacturers as well as on the
resources of the team that performed the work.

In preparation for RP1884-6, EPRI sponsored several proijects, which
are reported in the following publications:' Survey of Feed Pump
OQutages (EPRI Final Report FP-754), Centrifugal Pump Hydraulic
Instability (EPRI Final Report CS8-~1445), and Recommended Design
Guidelines for Feedwater Pumps in Large Power Generating Units (EPRI

Final Report CS-1512). The complementary reports on Phase I work are
being published as EPRI Final Reports CS-2322, Volumes 1 and 2.

This two-volume report was prepared to provide utilities, manufac-
turers, and other interested parties with the results from the Phase I
research program design and related activities. The program plan is
expected to have a major influence on shaping EPRI work on feedwater
pumps, and the program plan will provide an overview of the work that
is required to improve the reliability and stability of large feed-
water pumps. In addition, the Phase I effort offers a review of




feedwater pump problems, design methods, theory, and research
requirements.

PROJECT OBJECTIVES

The general objective of this project was to prepare a research plan
for a multiyear effort to improve feedwater pump reliability and
stability. The plan was to include resource and facility requirements
together with schedules and work descriptions.

Specific objectives were:

@ To review feedwater pump design methods

] To survey problems in boiler feed pumps

® To assess feedwater pump experimental research

® To review pump theory

® To formulate a statement of pump research requirement
@ To detail plans for the proposed research program

PROJECT RESULTS

A comprehensive research program was formulated to develop a new
generation of advanced design feedwater pumps that would be highly
reliable and stable throughout their operating range. The proposed
research effort would require a five-year period and would cost
approximately $5.2 million (1981 dollars).

A Phase II integrated experimental and analytic effort would be under-
taken in the following fields: hydraulics, cavitation, rotor
dynamics, and pump systems (interactions with connecting components
and piping). Full-scale verification tests would be performed to
examine the combined results of the foregoing efforts. Application
studies of pump components and economic methods would be made.

In Phase II1I, design methods for large feedwater pumps would be
developed. Computer—aided design methods would be prepared for
hvdraulic analysis, cavitation, stress analysis, and rotor dynamics.
Pump specification guidelines would be prepared on the basis of the
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entire program, including monitoring and troubleshooting, materials
selection, and code modification.

I. A. Diaz-Tous, Project Manager
Coal Combustion Systems Division
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APPENDIX A

TABULATED AND SUMMARIZED RESPONSES TO BYRON JACKSON/EPRI SURVEY

Note:

OF ARCHITECT/ENGINEERS

The A/E responders are not identified. Where responders
are identified a, b, ¢, etc., in various responses, the
identification is on a random basis. Responder a. to

question 1 is not responder a. to question 4, but may be

responder c¢. or d. to that guestion.

What will be the range of sizes for most fossil-fired power
plants built in the next 10 years?

Responder MWE MWE
a. - to 1,000 or 1,100
b. 500 to 1,000
c. 400 to 1,000
d. 300 to 800
e. 300 to 800
£. - to 800

TVA and AEP were mentioned as exceptions to the above. They may
build more 1,300-MWE plants. Many responders believe that the
trend is toward smaller (400-MWE to 500-MWE) plants.

Many responders were skeptical about the future of new super-
critical plants, but the pressure for better fuel efficiency

is strong.

What will be the maximum boiler feed pump size required for

fossil-fired power plants built in the next 10 years?

a. Maximum f£low? 21,000 gpm
b. Maximum head? 11,000 feet
C. Maximum discharge pressure? 4,600 psi
d. Maximum horsepower? 65,000

The above figures were given as representing the size of the feed

pumps used by TVA and AEP in their existing 1,300-MWE plants.
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Most responders see very few requirements for pumps larger than
16,000 to 24,000 horsepower.

One responder stated that an operating pressure of 4,500 psi is
being considered by the industry. Such an operating pressure
would require a feed pump discharge pressure of approximately
5,500 psi.

What will the ultimately required boiler feed pump sizes be?
The answers were the same as the answers to question 2, except
requirements for pumps in the 25,000~ to 45,000~horsepower

range are expected.

What do you generally consider to be the required operating range

for boiler feed pumps during normal operation?

Regponder Minimum Flow, % Maximum Flow, %

a. 25 115

b. 25 120 to 130

c. 25 130

d. 25 135

e. 40 140

f. 10 to 25 Depends on the sys-

tem.

What do you generally consider to be the required operating
range for boiler feed pumps for short periods of time during

abnormal operation?

Responses were the same as the answers to question 4, except
that responder d. gave the range as 15% to 140% and stated that
the pumps might be operated overnight at 15% flow.

Please state your current practice relating to the number and
size of boiler feed pumps installed in new plant.

Responder Response
a. 2-50% and 1-33%
b. 2-50% and 1-25% to 35%
C. 2-50% and 1-50%, limited to 8,000 to 9,000
horsepower




d. 2-50% or 2-50% and 1 smaller

e. 2-60% and 1-20%
£. 3-50% or 4-33%
7. What will be the range of sizes for most nuclear power plants

built in the next 10 years?

Responder MWE MWE
a. 1,100 to 1,300
b. 900 to 1,300
C. 1,100 to 1,200
d. 900 to 1,200
e, 600 to 1,200
f. - 1,100

The 600-MWE plants are for the developing countries.

8. What will be the maximum feed pump size reguired for nuclear

power plants built in the next 10 years?

Max. Flow Max. Head Max. Press Max.

Resp. gpm feet psig horsepower
a. 23,000 *2,600 1,450 *18,000
b. 20,000 2,100 1,600 12,000
c. 16,000 3,100 - 11,000
d. 15,000 2,000 1,000 -
e. 50% pumps for a 1,300-MWE plant
£. We will get guidance from reputable vendors.

*Combined feed pumps and booster pumps.

9. What will the ultimately required nuclear feed pump sizes be?

Max. flow Max. head Max. press. Max.

Resp. gpm feet psig horsepower
a. 23,000 *2,700 1,500 *¥19,000

b. 40, 000 2,100 1,600 24,000

c. 18,000 3,200 - 15,000

d. 15,000 2,000 1,000 -

e. 50% pumps for a 1,300 MWE-plant

£. We will be guided by recommendations from a

reputable vendor.
* Combined feed pump and booster pump.

10. what do you generally consider to be the reguired operating range
. for nuclear feed pumps during normal operation?



11.

12,

13.

Minimum Flow Maximum Flow

Responder % of Design Flow % of Design
Flow

a. 25 160

b. 40 140

c. 50 130

d. 30 125

e. 25 115

£. 10 to 25 Depends on the
system.

What do you generally consider to be the required operating range
for nuclear feed pumps for short periods of time during abnormal
operation?

Responses were the same as for question 10, except that responder
c. gave a range of 10% to 140% or 160%, accomplished with speed
control.

Please state your current practice relating to the number and

size of nuclear feed pumps installed in a new plant.

Responder Response
a. 2-50% and 1-33%, or 3-50%
b. 2-50% and 1-25% to 35%
c. 2-50% and 1-50%, limited to 8,000 to 9,000
horsepower
d. 3~50% or 4-33%
e. 2-50% (PWR), 3-50% (BWR)
f. 2-50%

What considerations generally govern your determination of the
net positive suction head (NPSH) available to the feed pump?

There were wide variations in the responses to this question.

It was agreed that NPSH is furnished to nuclear feed pumps by
condensate booster pumps in the majority of current plant de-
signs. There 1s no agreement, however, on the question of
whether 50% capacity boiler feed pumps in large fossil-fired
plants should take suction from an elevated deaerator cor should

be provided with booster pumps.




14.

15,

l6.

There 1s generally a preference that the 20% to 33% capacity
motor-driven boiler feed pumps should take suction from the

deaerator and should not have booster pumps.

Half of the responders mentioned NPSH margin. Some spoke of
desired margins and some of required margins. Some were con-
cerned with margin at design flow, some with margin at runout
flow, and some with both. Desired and required margins varied
from 80% to 100% at design flow and from 25% to 50% at runout
flow. Desired or reguired margins in some cases were tied to a
specific NPSH test method, such as 0% head drop on cold water.

What considerations generally govern your feed pump foundation

design?

There were wide variations in the responses to this question.
Some responders prefer steel baseplates, some prefer concrete
pedestals, and some have no preference or no rigid practices.
Most prefer a stiff foundation, but some will use either a very

stiff or a very soft foundation.

What considerations generally govern your piping design as re-

lates to feed pump suction and discharge piping nozzle loads?

Two responders try to design the piping not to exceed the allow-
able nozzle loads gquoted by the pump manufacturer. Four respond-
ers specify the nozzle loads to the pump manufacturer but, in

all cases, will work with the manufacturer and make some effort

to reduce loads that are greater than recommended.

What considerations generally govern your piping design as it
relates to feed pump suction piping that will provide uniform

velocity distribution to the pump suction?

Most responders try to provide at least five pipe diameters of
straight pipe into the pump suction. Several have unpublished
internal specifications governing such things as allowable velo-

cities, specification of long-radius elbows, and avoidance of



17.

18a.
18b.

19.

20a.

elbows at a right angle to the plane of rotation of the first-
stage impeller unless extra straight-run pipe is provided. More

information on this subject would be welcomed by many responders.

What considerations generally govern your piping design as it
relates to the avoidance of discharge piping that may resonate

at pump vane-passing frequency?

Five responders said that discharge piping resonance at vane-
passing frequency is not a common problem, and no analysis of it

is performed during plant design.

One responder said that he does an analysis of vane-passing
frequency harmonics in the piping. Most responders feel that
the practical and economical approach is to attend to the few

problems as they occur.

How are feed pumps protected against water hammer?
If they are not protected, how are water hammer loads

characterized?

Four responders consider the avoidance of water hammer in the
feedwater system one way or another. There was general agree-
ment that water hammer is not a problem for feed pumps, because
other components in the feedwater system suffer more if water

hammer occurs.

What seismic requirements may be imposed on a feed pump?

Two responders said that even in nuclear plants, feed pumps are
not classed as "safety related" and are not subject to special
seismic analysis. Two responders said that seismic require-
ments apply to nuclear feed pumps, and one said that they apply
only to feedwater systems in PWR plants.

What dry-running requirements are generally specified for boiler

feed pumps?




20b.

21,

22,

23,

No responders are presently requiring dry run of boiler feed
pumps. One requires a severe low NPSH test, and others are

considering similar requirements.

What dry running requirements are generally specified

for nuclear feed pumps?

Only one responder requires a dry run of nuclear feed pumps.

Some are considering severe low NPSH testing.

What attemperation requirements are anticipated?

From 5% to 20% of design flow. There is a very wide range of

opinions.

Several people mentioned that some coals to be used in the future
may cause worse slag formation and fouling. This condition may
increase attemperation requirements.

What requirements for re-entry designs are anticipated?

No re-entry designs are anticipated at this time by the respond-

ers.

How is quoted pump efficiency evaluated?

a. At design point?
Almost all responders indicated to some degree that they
do not like the concept of giving great weight to quoted
pump efficiencies when evaluating pump proposals, except

to assess a penalty if the quoted pump is a poor "fit."

One will not give credit for any quoted efficiency above

85%. Several others would like to do something similar.

b. At other flow rates?

When efficiency evaluations are made and the client does not

A-7



24.

25.

26.

27.

28.

specify evaluation at off-design flow rates, half of the re-

sponders evaluate off-design and half do not.

How is the quoted minimum flow evaluated?

a. Recirculating line and valve cost?

b. Power required to pump the recirculated fluid?

Three responders evaluate minimum flow and three do not.
One evaluates piping cost only, one evaluates power

cost only, and one evaluates both.

How is anticipated feed pump reliability evaluated prior to pur-

chase of feed pumps for a new plant?

Responder Response

a. A formal analysis of EEI/NERC data is under
way.

b. We will probably do a formal reliability study
on the next job.

C. We evaluate EEI data, vendor installation list,
and vendor outage estimates.

d. Based on knowledge of industry specialists and
EEI information.

e. Based on EEI data and internal data.

£. Based on past experience, including field

experience.

How is the manufacturer's past service record evaluated prior

to purchase of boiler feed pumps for a new plant?

None of the responders makes a formal analysis. However, this

item is almost always taken into account one way or another.

How is gquoted shutoff head evaluated?

Only one responder evaluates shutoff head. Three responders
specify shutoff head not to exceed 130% of design head.

Do you specify any of the following? (Please give details.)



Question Responder

a. b. c. d. e. £.
a.Maximum head per No No No No No Yes
stage?
b.Maximum shutoff Some Yes Yes No No Yes
head?
c.Maximum number of No Some No No No No
stages?
d.Maximum RPM? Yes No Yes Yes Yes Yes
e.Maximum suction No Yes No No No No
specific speed?
f.0ther hydraulic No Yes Yes No No Inter-
design parameters? nal
clear-
ances
per
FP-754

What operating instrumentation is specified to monitor the feed

pump operating parameters? (Please give details.)

Question Responder
a. b. Cc. d. e. £f.
a.Vibration? Yes Yes Yes Yes No Yes
b.Radial shaft motion No Yes Yes Yes No Yes
(orbit)?
c.Axial shaft motion Nuc. Yes No Yes No No
(end float)? only
d.Discharge pressure No Yes No No No No
pulsations?
e.Suction pressure No Yes No No No No
pulsations?
f.Fluid-borne noise? No No No No No No
g.Airborne noise? No OSHA OSHA No No No
only only
h.Other? No Hot No No No Hot
align- align-
ment ment
check check

What instrumentation will detect rubbing of internal components--

wear rings, seals, etc.--so as to indicate damage and wear?

No responder is aware of proven instrumentation for this purpose.

Some feel that vibration detectors may give this indication.



31.

32.

33.

34.

35,

What instrumentation is needed to detect the onset of cavitation .

in various parts of a pump?
No responder is aware of such instrumentation.
Two responders mentioned measurement of available NPSH.

Is fluid-borne or airborne noise signature analysis a valuable
tool for monitoring an operating feed pump or for diagnosis

of feed pump problems?

Four responders believe that analysis of fluid-borne noise can
be valuable. One responder believes that analysis of airborne

noise can be valuable.

Do you specify a certain type of shaft seal? (If so, please give
details.)

Responder Response

a. Throttle bushings, temperature controlled

b. Fixed-injection type, other temperature
controlled

c. Labyrinth type, temperature controlled

d. Packless leak~off type, pressure controlled

e. Fossil, no. Nuclear plants, bleed-off type

£. Generally not

How do your specifications assure stable head-capacity curves

for boiler feed pumps?

A stable head-capacity curve is specified, and the pumps are

witness tested.

What tests do you specify to qualify a boiler feed pump at the

manufacturer's facility?

Responder
a. b. C. d. e. £.
Test @ operating temp. Yes Yes Yes No Some Some .
Test @ full speed Yes Yes Yes Yes Yes Yes
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‘ Lube system Yes - - - - -

Airborne noise No - - Yes

Fluid-borne noise Some = - Some - -
Special Q.C. Yes - - - - -
Suction transient - Yes - - - -
Seal leak rate - - Yes - - -
Vibration - - - Yes - -
Post~test exam. - - - Yes - -
Loss of injection - - - - - Yes

Note: All responders require head-capacity, efficiency, and NPSH
tests (from 0% on cold water to 3% on hot water). Almost
all will allow testing at less than full speed, even though
full speed is specified, if a gualified vendor's facility
limitations do not allow full speed.

36. What boiler feed pump field tests do you specify during plant

start-up and plant acceptance tests?

The right to run field tests is always specified but seldom
exercised.

37. What pump test codes do you specify?

a. Hydraulic Institute? Always specified.

b. ASME PTC 8.27 Sometimes specified.

c. Other? Specifications often require
additional testing and/or
Q.C.

38. Are existing test codes adequate? (If not, please give details.
For example, what performance standards are needed for vibration,

shaft orbit, shaft end float, and pressure pulsation levels?)

Only two responders answered with an ungualified yes to this

question.
Three responders are not satisfied with vibration standards, two
would like to have pressure pulsation acceptance criteria, and

one believes that NPSH tests are not accurate.

. There was, however, general agreement that the best way to re-

solve existing problems is by revision of the Hydraulic Test
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39.

40.

41.

42,

Code, not by having different requirements for each A/E.

Do you have any comments on EPRI CS-1512, "Recommended Design

Guidelines for Feedwater Pumps in Large Power Generating Units"?

Three responders had not seen this publication, and two had
generally favorable remarks. One responder feels that the manu-
facturers are asked for too much information and that there is

too much specification of pump design.
Do you have any comments on EPRI NP-1571, "Evaluation of Basic
Causes of Repetitive Failures of Nuclear and Fossil Feedwater

Pumps"?

Three responders had not seen this publication and three had

generally favorable comments.

Do you have any comments on EPRI FP-754, "Survey of Feed Pump
Outages"?

Five responders had generally favorable comments. One feels
that there is too much specification of pump design.

Do you have any comments on EPRI CS-1445, "Centrifugal Pump
Hydraulic Instability"?

Two responders had not seen this publication and three had

generally favorable comments. One had no comment.
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APPENDIX B
PRO FORMA TECHNICAL SPECIFICATION
TURBINE~DRIVEN BOILER FEED PUMPS
FOR
LARGE FOSSIL~FIRED POWER PLANTS

1.0 SCOPE

This technical specification covers the reguirements for the design,
manufacture, shop testing, packaging, storage and handling, shipping,
and technical direction of installation and field testing of feed
pumps and accessories for large (600-MWE and larger) fossil-fired

power plants.

General requirements are contained in the text and specific project
requirements in the tables following the text. Where they differ,
the requirements of the tables shall apply.

2.0 GENERAL

2.1 Work To Be Provided

The work to be provided by the pump manufacturer in accordance with

this technical specification shall include:
a. Design, manufacture, and shop testing of feed pumps and
integration of accessories.

b. All required cleaning, finishing, packaging, and prepara-
tion for shipping and storage.

c. Technical direction of the installation of the pumps.

d. All documentation specified herein.

The pump manufacturer shall be responsible for all items in the above
list that are covered by this section of the specification, except as
otherwise indicated in Table 1, "Project Requirements For Boiler Feed

Pumps. "



2.2 Applicable Documents

The latest editions and addenda of the following documents, in effect
on the date of contract award, are a part of this technical specifi-

cation and, where referred to by the title or basic designation only,
are applicable to the extent indicated by the specific reference.

2.2.1 State and Local Codes specified in Table 1.
2.2.2 American National Standards Institute (ANSI)
ANSTI B16.5 Steel Pipe Flanges and Flanged Fittings
ANSI Bl6.11 Forged Steel Fittings, Socket-~-Welding and
Threaded
ANSI B31l.1 Power Piping
2.2.3 American Society of Mechanical Engineers (ASME)

ASME Boiler and Pressure Vessel Code, Section IX, Welding
and Brazing Qualifications

ASME Power Test Code PTC 8.2 - Performance Test Code,
Centrifugal Pumps

ASME Boiler and Pressure Vessel Code, Section VIII, Pres~
sure Vessels, Division 1

2.2.4 Hydraulic Institute

Hydraulic Institute Standards for Centrifugal, Rotary and
Reciprocating Pumps

2.2.5 Occupational Safety and Health Administration (OSHA)

3.0 DETAILED REQUIREMENTS

3.1 Description of Service

The feed pumps will form a part of the feedwater system for the power
plant described in Table 1 under "Description of Service."
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3.2 Design Conditions and Performance Requirements

3.2.1 The feed pumps shall be designed for the conditions specified

in Table 1 under "Design Conditions and Performance."

3.2.2 The feed pumps shall be designed in accordance with the
Hydraulic Institute Standards, Centrifugal Pump Section.

3.2.3 The number of feed pumps shall be as specified in Table 1.

3.2.4 The feed pumps shall be designed to operate continuously in
parallel over the pump operating range, from guoted minimum flow to

quoted maximum flow, without damage to the pump.

3.2.5 When one pump in the parallel operation trips, the remaining
feed pump(s) running at rated speed shall be capable of operating at
the intersection of the feedwater system resistance curve (attached).

This is known as pump runout condition.

3.2.6 The pump manufacturer shall provide pump performance charac-
teristic curves on which total head, brake horsepower, speed, requir-
ed NPSH, and efficilency are plotted as functions of volumetric flow
rate between shutoff and runout. Total head and pump efficiency shall
be defined in accordance with the Hydraulic Institute Standards.

3.2.7 The pump manufacturer shall guarantee the design condition
performance of the pumping eguipment furnished. The guaranteed
performance given by the pump manufacturer in the Proposal Bid Data
Sheets shall be based on the design conditions specified in Table 1
and shall be clearly indicated on his pump performance curve. The
tolerances on the guaranteed performance shall be in accordance with
the Hydraulic Institute Standards.

3.2.8 The pump efficiency at the design conditions specified in
Table 1 shall be guaranteed cold/hot (see paragraph 5.2.2),.

3.2.9 Pump head curves shall rise continuously from design f£low to

shutoff when determined at constant pump speed.



3.2.10 The pumps shall be identical in design. All replacement
parts shall be interchangeable.

3.2.11 Wetted pump parts shall be suitable for the water handled by
pumps. The chemical analysis of feedwater (condensate) is given in
Table 1.

3.2.12 The pump shaft sealing shall be achieved by cold condensate
from the condensate system discharge. Descriptions of condensate

system discharge for pump seal design are given in Table 1.

3.2.13 Each pump shall be capable of operating without damage if
the injection seal water is interrupted for a maximum of 30 seconds
when the pump is operating at any specified operating point.

3.2.14 The pumps shall withstand 10 percent overspeed without
damage. The pumps shall be capable of running safely and satisfac-

torily on turbine turning gear continuously.

3.2.15 Ambient conditions in which the pumps will operate are as
specified in Table 1.

3.2.16 Unless otherwise specified in Table 1 under "Remarks and
Special Requirements,"” the pump manufacturer is not required to per-

form seismic analysis of the work.

3.2.17 The pump manufacturer's proposal shall clearly describe both
normal and emergency pump warm—up procedure. Warping, buckling, mis-
aligment, rubbing, seizure, or other objectionable effects shall not

result from following either procedure.

3.2.18 Adequate clearances shall be provided in the pump to accommo-
date rotor deflection in any specified operating mode and during turn-
ing gear operation. Reliability during all operating conditions is a
major consideration. The long~term reliability of the pump will be

critically emphasized in the evaluation of proposals.

3.2.19 The pump will be tripped automatically on high feed-water-

header pressure, low lube-oil pressure, high vibration, high
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bearing temperature or wear, high turbine-drive exhaust-hood pressure,
turbine-drive overspeed, or any other signal from equipment pro-

tection devices.

3.2.20 The pump shall be designed for frequent startup and shutdown
(either initially cyclic, or becoming cyclic when dictated by system
regquirements). It is anticipated that the pump can be subjected to

daily start-up and shutdown, temperature changes, and frequent daily

load cycles.

3.3 HMaterials

Materials for the feed pumps shall be as specified below. The pump
manufacturer may propose alternative materials that in his experience
are more suited to the specified service. The alternative materials
shall be subject to the owner's approval. When two or more materials
are specified for a component or part, the pump manufacturer shall

choose among them.

When the material is not specified, it shall be selected by the pump

manufacturer and clearly stated in his proposal.

The material thickness of pressure-boundary parts and pressure
bolting shall be as calculated in accordance with the ASME Boiler

and Pressure Vessel Code, Section VIII, Division 1.

Outer Casing (Barrel) and End Head (Barrel Cover)
Low carbon steel with 300 series stainless steel overlay at all
gasket fits and at all areas subject to erosion, such as at
discharge nozzles, if velocity is over 25 feet per second

Volute

11-13% chrome steel castings
13% chrome, 4% nickel steel castings

Diffuser

11-13% chrome steel castings
13% chrome, 4% nickel steel castings

Shaft

Type 410 stainless steel forging, heat treated
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Impellers

11-13% chrome steel castings
13% chrome, 4% nickel steel castings

Casing Wearing Rings
Type 420 stainless steel, heat treated
Pressure Bolting Studs
ASTM A 193, Gr B.7
Pressure Bolting Nuts
ASTM A 194, C1 2H
Bearing Housings
Cast steel
Baseplate and Steel Pedestals
Fabricated low carbon steel
Injection Seal Shaft Sleeves (if required)
Type 420 stainless steel, heat treated
Throttle Bushing
Type 420 stainless steel, heat treated
Piping
ASTM A 106, GR B
Warm-Up Orifice

Type 304 stainless steel

3.4 Design and Construction Features

3.4.1 Type. The feed pumps shall be of the horizontal, centrifugal,
multistage, barrel type. They shall be of either a two-piece, hori-
zontally split inner case, double-volute construction, or of a
radially split stacked diffuser construction forming the inner

assembly.

3.4.2 Interchangeability. Pumps shall be identical in construction,

and similar parts of pumps shall be interchangeable.




3.4.3 Rotation. Pumps shall rotate clockwise when viewed from the

pump coupling end.

3.4.4 Outer Casing (Barrxel). The outer casings shall be construc-

ted with integral suction and discharge nozzles, arranged to
permit ready removal of the inner assembly without disturbing
pipe connections. The outer casing, including suction and dis-
charge connections, shall be of forged steel per paragraph 3.3.
Nozzles that are not fabricated integrally with the pump casing
shall be either seamless, forged, or extruded pipe.

Areas around the discharge, and areas at the seals that are in
contact with the feed water, shall be surfaced, per paragraph 3.3,
with an overlay of a metal alloy to resist both corrosion and the
erosion resulting from high fluid velocity and turbulence.

Support of the outer casing shall be at a point as near the center-
line of the casing as possible to permit equal thermal expansion in

both directions.

There shall be minimal restrictions on start-up procedures due to
thermal differences on various parts of the outer casing. The
specific requirements for the suction and discharge nozzles

shall be as specified in Table 1.

3.4.5 Rotating Elements. All rotating parts shall be balanced

statically and dynamically. Pumps shall have adequate axial and
radial balance at all recommended flowrates. Axial balance may be
achieved by opposed impellers or by means of balancing devices.
Leak-off from a balance disk or balance drum, when used, shall not be

considered as part of pump capacity or recirculated minimum flow.

3.4.6 Bearings. Each pump shall be provided with one thrust
bearing and two journal bearings. Thrust bearings shall be of
the double-~acting Kingsbury type. All bearings shall be suitable
for forced-oil lubrication, and all shall be replaceable.

Journal bearings shall be of a proven anti-oil-whip design, such as

tilting-pad or pressure-dam type. Bearings shall have seals to
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prevent oil leakage. The housings shall be of steel and shall

provide for easy bearing inspection.

The pump manufacturer shall make provision at the proper locations
for proximity probes in the X-Y direction to monitor rotor lateral
vibration. Probes shall be required at each sleeve bearing and

at the outboard end to detect both radial and axial rotor vibration
and movement. The axial probe is required only if shaft axial

motion is critical to rotor axial balance.

The pump manufacturer shall provide appropriate thermocouples or
resistance temperature detectors (RTD) for each bearing, with

suitable terminal blocks for owner's connection. The thermocouples or
RTD's sense the temperature of the metal in the radial bearings. For
the tilting-pad type of bearings, the thermocouples or RTD's should be
in the bottom pad. Thermocouples or RTD's are to be accessible for
service. Thrust bearing thermocouples or RTD's shall measure the

temperature at points as near as practicable to the thrust bearing.

3.4.7 Stuffing Boxes and Injection Seal System. Pump shafts shall

be provided with injection-type throttle bushing stuffing boxes to
meet the conditions caused by shaft peripheral speed and pump suction

temperature and pressure. Seal drains will be to the condenser.

The seal-water control system shall, under all conditions of opera-
tion, prevent flashing and maintain sufficient condensate injection
pressure to ensure adequate injection of cold condensate for proper
operation of the shaft seals. The makes and types of control valves
and devices for the seal injection system shall be clearly identified

in the proposal.

The complete shaft seal control system {(except filter) shall be assem-
bled by the pump manufacturer.

All piping and conventional shut-off valves for connection from the
condensate discharge to the feed pumps and leak-off systems will be
provided by others.



The system furnished shall include all controls necessary for automat-

ic operation.

Each controlled variable shall have local indication and shall be
provided with an electrical switch to annunciate whenever the variable

is outside normal operating limits.
The pump seal design shall be such as to permit the pumping unit and
turbine to coast to a stop safely immediately following emergency

plant trip-out when no injection water is available.

3.4.8 Nozzle Loads. The pump manufacturer shall state the allowable

forces and moments at the face of each nozzle connection (suction

and discharge) on the feed pump.

The pump manufacturer shall submit, for owner's approval, isometric

sketches of the nozzle loadings.

3.4.9 Warm-Up Breakdown Orifices. The pump manufacturer shall

provide the required warm—-up breakdown orifice for each pump for warm-

up purposes.

3.4.10 Lubricating 0Oil Piping. O0il pipe shall be of seamless steel,

schedule 80, or heavier if required. Flanged joints, where
necessarily used for assembly and dismantling of oil piping, shall be
of ANSI Bl6.5 forged steel weld neck or slip-on type. All oil pipe
shall be pickled and neutralized and fitted to the equipment, 1f

required, before shipment.

3.4.11 External Piping Connections. Suction and discharge con-

nections shall be located on top of the outer casing, unless otherwise
specified in Table 1, and shall be of the type specified in Table 1.
Suction and discharge nozzle piping sizes and design pressures and

temperatures shall be as specified in Table 1.

The pump manufacturer shall provide all connections required for
drainage and venting. The location, size, type, and quantity of all
openings, connections, and fittings shall be shown on the pump man-

ufacturer's drawings. All piping connections shall have weld ends,
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unless otherwise specified in Table 1 for specific connections or

where necessary for assembly and dismantling of the pumping units.

The pump manufacturer shall comment on the suitability of the owner's

suction piping arrangement.

3.4.12 Thermal Insulation and Metal Lagging. Each pump barrel shall

be provided by the pump manufacturer with thermal insulating
material completely enclosed in a rigid steel jacket and fastened to
the barrel. Insulation thickness shall limit surface temperature to
120° F with normal ambient temperature (see Table 1 under "Design
Conditions and Performance") when operating at pump design tempera-
ture. The insulation and jacket shall be arranged to allow for pump
disassembly without damage to the insulation or jacket. When the
pump installation utilizes concrete pedestals, the owner will

provide and install thermal insulation and lagging in the field.

3.4.13 Flexible Couplings. The pump manufacturer shall provide

flexible couplings connecting feed pump and auxiliary turbine driver
shafts.

The flexible couplings shall be of the nonlubricated type: Thomas,
Bendix, Zurn, or approved equal. The pump manufacturer shall be
responsible for handling, machining, coordination, and shop installa-
tion (in his own or auxiliary turbine driver manufacturer's shop) of
all the flexible couplings he furnishes. Coupling spacers shall be
furnished, when necessary, to facilitate maintenance of pump and other
parts. All couplings shall be both statically and dynamically

balanced to minimize coupling vibration.
Guards that allow compliance with OSHA requirements shall be fur-
nished for all couplings, coupling spacers, shafts, and other rotat-

ing parts.

3.4.14 Drain and Vent Valves. Valved connections shall be provided

in the outer casing for drainage and venting. Vents will be fur-
nished in the piping by others when the suction and discharge nozzles
are on the top of the outer casing. Drains will be furnished in the

piping by others when the suction and discharge nozzles are on the
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bottom of the outer casing. The connections shall be provided with
double valves if pressure exceeds pump suction pressure during any
operating condition. The location of connections and valves shall be
such that the valves will be easily accessible for operation and
maintenance. The make and type of all valves shall be approved by

the owner.

3.5 Auxiliary Turbine-Driven Pump Accessories

3.5.1 BAuxiliary turbine drivers will be provided by the owner for
direct connection to the feed pumps. The design of auxiliary tur-
bines will meet the specified speed range (see load requirements of
the feed pumps specified in Table 1 under "Design Conditions and

Performance").

3.5.2 Each auxiliary turbine driver will be provided with a turn-
ing gear. When the turning gear is engaged, lubricating oil will be

available to the feed pump bearings.

3.5.3 Pump pedestals suitable for installation on concrete or on
auxiliary turbine baseplates will be supplied as specified in
Table 1.

3.5.4 Overall turbine-pump assembly drawings will be provided by the
auxiliary turbine driver manufacturer. The pump manufacturer shall,
however, be responsible for expediting and coordinating with the
auxiliary turbine driver manufacturer concerning the assembly draw-

ings, including the base plate mounting dimensions.

3.5.5 0il for lubrication of feed pumps will be taken from the
auxiliary turbine driver oil system. The pump manufacturer shall be
responsible for coordinating the lubrication system requirements of

the pump with the auxiliary turbine driver manufacturer.

The pump manufacturer shall provide supply-and-return oil piping up
to the matchline located approximately at the face of pump half-
coupling, complete with adjustable orifices for proper setting of
bearing oil flow. The pump manufacturer shall also include sight-

flow glasses, as necessary.



0il piping requirements are specified in paragraph 3.4.10.

3.6 Welding Requirements

Welding and repair welding shall be performed in accordance with the
pump manufacturer's written procedures, as approved by ownher prior

to use.

3.7 Special Tools

The pump manufacturer shall provide one complete set of all the
necessary special tools required for installation and maintenance of
the feed pumps and accessories, including a dismantling carriage

designed to support the pump inner assembly during dismantling.

3.8 Spare Parts

The pump manufacturer shall provide one complete inner assembly con-
sisting of pump shaft, impellers, diffusers, and other rotating and
stationary parts subject to wear, including all required keys, pins,

screws, fasteners, gaskets, and seals.

The pump manufacturer shall also provide one complete set of journal

bearings and one set of thrust shoes for thrust bearings.

3.9 Cleaning and Painting

3.9.1 1Internal Surfaces. All internal surfaces shall be free of

gross contaminants such as heavy deposits of mill or heat-treating
scale, oil, oxide films, slag, flux, weld spatter, dirt, metal
chips, and abrasive particles. Achievement of this criterion shall

be determined by visual inspection.

The pump manufacturer's cleaning plan shall assure that cleaning
materials do not adversely affect the surface or base metal in the

cleaning or manufacturing environments.

Mechanical, solvent, or chemical methods may be used subject to the

following restrictions.
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Abrasive blasting shall not be used on surfaces containing areas on
which grit can accumulate and not be readily removed by subsequent

cleaning, rinsing, or flushing operations.

Acid cleaning or pickling shall not be used when other cleaning
methods are sufficient. Specifically, nitric-hydrofluoric acid
shall not be used on austenitic stainless steel and other alloy
surfaces that may be sensitized after welding or improper heat treat-

ment.

Chlorinated cleaning materials shall not be used on stainless steel
or nickel-base alloy surfaces. In addition, only alkaline cleaners
and water shall be used on ferrous and nickel~base alloy surfaces

removed by subsequent cleaning, rinsing, or flushing.

3.9.2 External Surfaces. External surfaces shall be smooth and free

of gross contaminants such as heavy scale, rust, sand, blisters, weld

spatter, metal chips, and heavy deposits of o0il or grease.

External surfaces, with the exception of machined surfaces and edges
prepared for field welding for a distance of 1% inches from the weld
edge, shall be given a shop coat of corrosion-resistant paint
capable of withstanding temperatures to the design temperature plus

50°F without loss of its prospective integrity.

All edges prepared for field welding shall be protected against
corrosion during shipment, storage, and installation by the applica-

tion of one coat of a rust-inhibiting coating.
All external machined surfaces shall be protected against corrosion
during shipment, storage, and installation by the application of one

coat of rust-inhibiting coating.

3.9.3 Final Painting. Final painting will be by others.

3.10 Quality Assurance

The pump manufacturer shall employ such quality assurance measures



as are necessary to insure that the work conforms to this specifica-

tion.

3.11 Packaging and Shipping

Pumps and all accessories shall be protected against damage during

normal shipping, receiving, storing, and handling operations.

Whenever size permits, the pump and any accessories shall be packed
securely in weatherproof crates. If the pump or any component is too
large for packing in a crate, it shall be placed on skids and

protected with an overwrap.

Overwrap material shall be moistureproof, heat sealable, and strong

enough to resist wear and tear during normal handling.

Guards shall be placed over easily damageable parts. All openings,
including pipe ends, shall be provided with closures. The use of

cloth for plugs or caps 1s prohibited.

Each package shall be properly marked for identification. Weight
1ift points or the center of gravity shall be marked on the crate or

skid to facilitate handling.
3.12 Marking
3.12.1 A corrosion-resistant nameplate shall be attached to each

pump in a clearly visible, easily accessible location. The name-
plate shall be stamped with the following information:

a. Manufacturer's name

b. Manufacturer's model number

c. Manufacturer's shop order number or serial number
d. Owner's equipment tag number

e. Service

£. Design capacity, gpm

g. Design temperature, F
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h. Design head, ft

i. Design speed, rpm
J. Suction pressure, psig
k. Discharge pressure, psig

3.12.2 The direction of rotation shall be permanently marked on the
pump casing in a location that will be clearly visible after appli-

cation of insulation.

3.12.3 A stainless steel identification tag shall be mounted on

each separately shipped valve in a conspicuous place. It shall be
shown on the valve assembly drawing submitted for approval. The
mounting shall not adversely affect the strength of the item to which
the tag is attached. The information shown on the tag shall include
the size of the valve, ANSI rating, manufacturer's name,
manufacturer's serial number, body and trim material, and owner's

tag number.

All loose instruments and control devices shall be properly tagged

with owner's tag numbers prior to shipment.

3.13 Storage and khandling Procedure

The pump manufacturer shall prepare and submit to owner written
procedures to govern the handling, storage, shipping, and preserva-
tion of the equipment, to prevent degradation of the supplied
equipment. This shall include recommendations for on~site storage.

4.0 INSTALLATION

All equipment will be installed by others. The pump manufacturer
shall, however, provide the services of an erection advisor to pro-
vide tecnnical direction of installation of the feed pumps and acces-
sories. The field personnel provided by the pump manufacturer shall
be capable, qualified, and able to perform the duties required.
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5.0 TESTING

5.1 Material Tests

Certified mill test reports for pressure-retaining parts shall be
provided for owner's information in accordance with ASTM specifica-
tions and shall include mechanical and chemical properties.

5.2 Shop Tests

5.2.1 Hydrostatic Tests. Outer casing and assembled cover shall

be hydrostatically tested at 150 percent of the maximum shut-off
pressure that would be created at design speed. The test pressure

shall be held for a minimum of 30 minutes.

The inner casing (including spare) and all crossover passages shall
be hydrostatically tested in accordance with the pump manufacturer's

standard procedure.
If the owner reserves the right to witness the hydrostatic tests, the
pump manufacturer, as indicated in Table 1, shall notify the owner of

the tests at least three days in advance of the time of the tests.

5.2.2 Performance Tests. The pump manufacturer shall perform, in

the pump manufacturer's shop, the pump running test in accordance
with the procedures of the Centrifugal Pump Section of the Hydraulic

Institute Standards.

Each pump (including spare inner element assembly and rotating
element) shall be performance tested at design speed and rated condi-
tions, preferably at rated temperature. Adjusting the performance
data (specifically, efficiency) from a cold-water test to hot~water
operating conditions shall be in accordance with the Hydraulic
Institute Standards. These calculations shall be sumbitted to owner

for approval.

Test readings shall be made for at least eight points over the range

between minimum flow to pump runout flow.




If a speed lower than the rated speed is used during testing, the
efficiency shall not be corrected when extrapolating the performance

to plant operating conditions,

If head instability is observed at any flow, that test point shall
be retested with the best possible accuracy. Also, two additional
test points shall be recorded adjacent to the point of instability,
one each at flow rates less than and greater than at the point of
instability.

Vibration and pressure pulsation data shall be individually analyzed
for amplitude versus frequency through the maximum frequency of in-
terest. The maximum amplitudes for each frequency of significance
should be plotted against pump flow. The results shall be evaluated
with the guidance of vibration performance charts and pressure pulsa-
tion guidelines (TBD).

The performance test shall include peak-to-peak pressure pulsation
measurements at the suction and discharge nozzles, as well as in the
balancing device leak-off flow piping or the leak=-off chamber of the
device (if applicable).

NPSH tests shall be performed at specified flows: runout flow,

rated flow, and minimum flow. Tests shall be performed to determine
tne head for the "breakaway" point (initiation of cavitation or onset
of cavitation). Data shall be submitted containing test points with

3%, 1%, and 0% head breakdown.

One pump shall be tested at an overspeed of 110 percent of rated
speed. The vibration behavior of the pump shall be observed during
this test.

Where interstage bleed is required in Table 1, all tests {(except for
bleed head-capacity test) shall be conducted with interstage bleed

closed.
The owner reserves the right to witness the performance tests. As

indicated in Table 1, the pump manufacturer shall notify the owner of

the tests at least three days in advance of the time for tests.
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Each pump shall be dismantled and inspected after the performance .
test is completed. Any clearance adjustment or any dimensional
change performed after the test shall require a retest of the pump,

unless the retest is waived in writing by the owner.

5.2.3 Vibration Tests. Each pump shall be tested to verify that

excessive vibration will not occur at quoted maximum and minimum flow.
This will demonstrate that the pump operation at maximum and minimum

flow is outside the hydraulically unstable flow regime.

Peak-to-peak amplitude of vibration measured on the pump bearing hous-
ings shall not exceed Hydraulic Institute Standards for the operating

speed range specified in Table 1.

Peak-to-peak amplitude of rotor vibration shall be measured by non-
contact proximity sensors on the shaft at each of the pump journal

bearings at quoted minimum flow, design flow, and quoted maximum flow.
Peak-to-peak amplitude of axial movement of the pump rotor shall be
measured by a noncontact proximity sensor at quoted minimum flow,

design flow, and quoted maximum flow.

5.2.4 Test Reports. Certified test reports shall be prepared and

submitted to the owner for information. The reports shall include
test arrangement, instrumentation and calibration data, test pro-

cedure, test data, and data-reduction calculations.

Results of the performance tests shall be summarized in curve form,
with total head, efficiency, brake horsepower, and NPSH referred to
the pump centerline plotted versus discharge capacity in gpm. The
guaranteed design performance, maximum runout operation, and test

water temperature shall be stated on the curve.
Each performance test report shall also include the following:

a. A separate family of calculated curves for one-pump
operation based on the performance test results from
design speed to minimum operating speed, as determined
by the specified system resistance curve. These ‘
curves shall show total head, interstage bleed dis-
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charge head and flow (if applicable), required mini-
mum flow, and runout flow plotted versus discharge
capacity in gpm for each 200-rpm increment in speed.

b. Detailed procedure for determining interstage bleed
discharge heads and flows (only if applicable) at
any pump operating condition.

c. Test procedures, calibration data for instruments and
equipment, and complete set of test calculations.

d. Efficiency adjustment calculations from a cold test to
hot-water operating conditions.

e. Verification of interchangeability tests for spare
internal assemblies in each pump.

£. Verification of journal bearing stability, hydraulic
stability at mimimum flow, and radial and axial
vibration limits.

5.3 Eield Tests

5.3.1 Startup Tests. The owner reserves the right to perform

field tests on each pump unit after the feedwater system is placed in

service.

The object of these tests will be to check performance of the units
with regard to vibration, noise, overheating of pump bearings,
operation of pump coupling, stuffing boxes and lubricating system,
pump and driver alignment, and for any display of unfavorable operat-

ing characteristics.

The pump manufacturer shall provide a gualified advisor at the

owner's request and expense.

5.3.2 Plant Acceptance Tests. Plant acceptance tests may be

conducted in the field by the owner within six months after

commercial operation of the turbine generator unit.

The pump manufacturer shall provide a qualified advisor at the

owner's request and expense.



6.0 INFORMATION TO BE SUBMITTED

6.1 With Bid

The pump manufacturer shall submit information with the bid in suffi-
cient detail to permit the owner to fully understand and evaluate

the equipment being offered.

The pump manufacturer shall complete the Proposal Bid Data Sheets

included in the Bid Form of this specification for submittal with

the bid. After acceptance by the owner, the data will become part
of this specification for the feed pumps and accessories.

6.2 After Award
The information and data below shall be submitted to the owner, for
approval or for information, in accordance with the timing specified

under "Information to be Submitted" in Table 1.

6.2.1 For Approval

6.2.1.1 Schedules. An overall schedule in sufficient
detail to demonstrate the pump manufacturer's ability to
perform the work within the specified time limits.

a. A detailed schedule showing submittal date for
each document.

b. A detailed schedule showing shipping date of each
piece of equipment from the manufacturer's plant.

6.2.1.2 Drawings and Data.

a. Dimensioned outline drawing of each pump unit.
b. Welding and repailr welding procedures.

c. Lubricating system piping drawing.

d. Pump sectional drawing with sections showing the

arrangement of the functional parts, parts list,
and material designations.



e. Installation drawings that may be required for
the complete equipment installation.

£. Injection seal system drawings.
Complete pump performance curves.

h. Torque-speed,curves from zero to rated pump Speed,
and rotor WR™.

i. Pump warm-up orifice drawings.

J. Nozzle load drawings.

6.2.2 For Information.

Je

Certified shop test reports for all shop performance
tests performed by the pump manufacturer.

Drawings detailing foundation loadings and requirements,
including moments, thrusts, size and location of anchor
bolts, clearance requirements, and all required
mounting details.

Complete list of spare parts. The list shall be based
on the pump manufacturer's part replacement experience
with similar equipment.

A complete list of special tools reguired to install and
maintain all equipment and instructions for their use.

Installation, operation, and maintenance manuals,
including a complete list of replacement parts.

Certified mill test reports. (Ref. para. 5.1)

Storage and handling procedures.
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TABLE 1, Sheet 1

PROJECT REQUIREMENTS FOR BOILER FEED PUMP (TURBINE DRIVEN)

SPEC.
PARA. ITEM

Not
2.1 Work to be Provided Reg'd Reg'd

Interstage Bleed

2.2 State and Local Codes

3.1 Description of Service

Plant Name:

Plant Unit No.:

Unit Name Plate Rating:

Pump Suction From:

Deaerator

Deaerator through booster pump
Deaerator through booster pump
and I.P. heater

Feed Pump Arrangement:
Percent Capacity Pump Number of pumps
Stand=-by Pump Yes No Number of pumps _

Pump Discharge Through Stages of Feedwater Heaters

3.2 Design Conditions and Performance

Pump Location:l ,Outdoor I IIndoor

Plant Elevation, feet:

Ambient Conditions:
Pressure, psi abs:
Temperature, °F Normal Max.
Humidity, Percent Normal Max.

Speed Range of Pumps rpm:
Max. Min.

Feedwater System Resistance Curve Figure 1

Design Conditions:

No. of Pumps in Parallel Oper.:
Rated Speed, rpm (by Vendor):
Capacity (Each Pump), gpm:
Total Dynamic Head, ft.:
Suction Water Temp. °F:
Specific Gravity:

Suction Pressure, psig:
Discharge Pressure, psig:

NPSH Availlable, ft:

il
i

Legend: X Applicable column L To be provided at a
or box later date
Not applicable See "Remarks and Special

Requirements”

il

NA

+
il




TABLE 1,

Sheet 2

PROJECT REQUIREMENTS FOR BOILER FEED PUMPS (TURBINE DRIVEN)

SPEC.
PARA. ITEM
3.2 Feedwater (or Condensate) Analysis:
Total Solids ppb
Dissolved Oxygen cc/LTR
Silica as Sio2
Iron as Fe - ppb
Copper as Cu - ppb
Nickel - ppb
Hydrazine (Residual) ppm
Sodium - pprb
Conductivity (cation) @ 25°C
pH @25°C to
Injection Sealing Water From Condensate Pump
System Discharge:
Max. Pressure, psig
Min. Pressure, psig
Normal Pressure, psig
Max. Temperature, °F
Normal Temperature, °F
3.4 Design and Construction Features
Suction and Discharge Nozzles:
Suction Discharge
Orientation
Design Press., psi
Design Temp., °F
Desired Size, OD, in.
Weld End Type:
5.2 Shop Tests
Owner to Witness
Performance Tests
NPSH Test
Hydrotests
Legend: X = Applicable column L = To be provided at a
or box later date
NA = Not applicable + = See "Remarks and Special

Requirements”




TABLE 1, Sheet 3

PROJECT REQUIREMENTS FOR BOILER FEED PUMPS (TURBINE DRIVEN)

SPEC.
PARA. ITEM
6. Information To Be Submitted Days After Award
Overall Schedule 30
Document Submittal Schedule 30
Equipment Delivery Schedule 30
Outline Drawing 60
Welding and Repair Welding Procedures 60
Foundation Drawing L
Lubrication Piping Drawing 60
Assembly Piping Drawings 60
Injection Seal Drawings 60
Pump Performance With bid
Torque Speed Curves With bid
Warm-Up Orifice Drawing 60
Nozzle Loading Drawings With bid
Before Shipment of Equipment
Certified Shop Test Reports Completion
of tests
Spare Parts List With bid
Special Tool List 60
Manuals Upon
shipment
Certified Mill Test Reports Upon
shipment
Storage and Handling Procedures 60
Remarks and Special Requirements: (EXAMPLE)
3.1 The feedwater pumping system consists of two nominal

50% capacity turbine-driven main boiler feed pumps and
one 33% capacity start-up/stand-by, variable-speed
motor-driven pump. Each turbine-driven pump, operating
singly, shall be capable of continuous operation to
125% of rated capacity. Start-up will normally be
accomplished with the motor-driven pump in conjunction
with its associated variable-speed hydraulic

coupling with single-element (drum level) control
varying the speed.
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TABLE 1, Sheet 4
PROJECT REQUIREMENTS FOR BOILER FEED PUMPS (TURBINE DRIVEN) (EXAMPLE)

Spec. ITtem
Para.

Normal operation will utilize the turbine-driven pump(s)
with feedwater flow controlled by three-element (drum
level, steam flow, feedwater flow) control varying
turbine speed.

During periods when one turbine-driven pump is unavailable,
the motor-driven pump speed will be set manually with

the on-line turbine-driven pump set on automatic speed
control (three element) to accomplish load changes.

3.2 One turbine-driven boiler feed pump operating without
overspeed in parallel with the start-up boiler feed
pump shall be capable of providing, as a minimum,

gpm at feet head and of
operating at any point along the system resistance
curve up to runout flow.

Both turbine-driven pumps will be of the top-
suction and top~discharge type.

3.2.23 Interstage bleed connection required for reheater
attemperators. Flow gpm at minimum pressure of
approximately psig when pump is operating at

design condition.

3.2.24 The brake horsepower of the boiler feed pump shall be
calculated taking into account the attemperation flow
requirements in 3.2.23 at design condition.

3.4.5 All rotating parts shall be statically and dynamically
balanced according to contractor's standard procedures.

3.4.6 Each journal bearing shall be provided with two
noncontact proximity vibration probes with signal
sensor/amplifier, NEMA 4 amplifier housing, and necessary
interconnecting cable between probe and amplifier and
vibration monitor. Interconnecting cabling between
amplifier and monitors as well as the monitors will
be by owner.

w
i

25



TABLE 1, Sheet 5

PROJECT REQUIREMENTS FOR BOILER FEED PUMPS (TURBINE DRIVEN) (EXAMPLE)

Spec.
Para.

3.4.10

3.4.13

3.5.3

3.9

Item

Lubricating oil pipe shall be of seamless steel.

Flanged joints, where necessarily used for assembly and
dismantling of oil piping, shall be of forged steel.

The pump manufacturer shall ensure that the turbine
half of the flexible coupling (to the boiler feed
pump turbine drives) is shipped to the turbine drive
manufacturer in time for shop installation.

Pump pedestals shall be suitable for installation on
the turbine-drive bed plate supplied by owner or on
a concrete foundation.

Electrical eguipment requirements shall be as specified
in .

Pump motor drive electrical requirements shall be as
specified in .

Cover plates shall be provided for each pump to facilitate
alkaline wash of the owner's piping system. During

this period, the pump internals will be removed, the

cover will be installed, and an alkaline solution

will be flushed through the pump barrels.

Eguipment shall be marked with its contract number

and shall be delivered to owner in care of .
Spare parts should be shipped in the care of the owner
to the plant site (completely addressed and clearly
labeled " SPARE PARTS") for the attention of .

Contractor will calculate curves for one-pump operation
based on performance test results from maximum operating
speed to minimum operating speed with the design speed
as one of the curves.

Recommended spare parts list and pricing shall be
submitted with proposal.
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APPENDIX B
ADDENDUM 1

DEFINITION OF TERMS

The following abbreviations are used throughout this specification
for the convenience of the reader:

Approved
Bidder

Buyer
Contractor
Engineer
Equipment Data

Instrument Data

Manufacturer
NPSH

NPSH - A
NPSH - R

Or Equal

Oowner

Others

Purchaser
Release
Review
Seller
Specs

Vendor

Approved in writing by Buyer or Engineer (A/E)
Bidder Pump Vendor or Pump Manufacturer

The Electric Utility Company

Pump Vendor or Pump Manufacturer

The Architect/Engineer (A/E)

Data Sheets provided with the Specifications

Instrumentation data - Data sheets provided
with the Specifications

Bidder or Pump Vendor
Net Positive Suction Head

NPSH Available to the Pump
NPSH Required by the Pump

As reviewed and released by the Engineer

The Electric Utility Company (Owner may
designate Engineer as his Agent for approvals)

An organization or individual other than
the Pump Manufacturer

Same as Owner

Release in writing by Engineer

As reviewed and released by the Engineer

The Bidder, Pump Vendor, or Pump Manufacturer
The Specifications

Bidder or Pump Manufacturer
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APPENDIX B
ADDENDUM 2

BID FORM - TECHNICAL

2A TECHNICAL DATA

BOILER FEED PUMP: Seller

Plant name *

Model or type number

Type (diffuser, volute)

Number of stages

First-stage suction (single, double, twin)
Drive (main turbine shaft, turbine, motor)*
Number of pumps per unit*

Pump floor elevation, ft*

2.1

°

NIV NDNDNDNOND
b e e e
HHWOO-IO U bW

e e o e e o o
LY s o o °

o

NN
°
NN
o

fs

¢ e
e e

MDD N

. ° .

MDD N

°® s o @ o

Wo~Noaoaoanbdwi
.

W N b

°

2.2.10
2.2.11
2.2.12

NORMAL PLANT OPERATING CONDITIONS

Pump Normal Mini-
Desigh & Operat- mum
Guarantee ing Oper-
Point Load ating
Load

Percent valve wide open, (% VWO) *

Gross generator load, MW.....ve0e *

Capacity~feedwater, gpmeeececesao. *

suction head, fteceoveoovocoosasoos ¥

Discharge head,ft...c.ocoe-s ceerees ¥

Total dyanmic head (TDH), ft..oee.. ¥

Suction temperature, °F....cccc..- *

Superheat attemp. (if applic. ) gpm. *

Reheat attemperation ( - " —),gpm *

Pump speed, IPM «couvesoccococsoasss

Pump shaft input, bhp*  Sp.Gr..

GUARANTEED PERFORMANCE AT PUMP DESIGN CONDITIONS (BEP)
Discharge capacity-feedwater flow,
IPM. e e enucosconnonnoccnsse ceecoccans

Suction head, ft .ccoevcescessnsas

Discharge head, ft .....ccuveunenn

Total dynamic head (TDH), ft .....

Suction temperature, °F ..... ceoee

P B B B B B

Net positive suction head required (NPSH-R) at design flow,

at 3% head breakdown, ft.....

at 1% head breakdown, ft.....

at incipient head breakdown, ft

NPSH available, normal operation,ft*

NPSH available on locad rejection, ft*

NPSH required at overspeed trip; at 3% head breakdown, ft.
at design flow
Maximum design pump speed, rpm....

Recommended overspeed trip, rpm... **

Variable speed, VYES/NO ceoveso *

* To be filled out by A/E
*% 2.2.11 shall be 100% of 2.2.10 for turbine driven feed pumps



APPENDIX B
ADDENDUM 2

BID FORM - TECHNICAL

Seller

Pump shaft bhp .secececcescscss

Pump efficiency, % at °F

Pump shutoff head, rated speed (H,), ft

Pump shutoff head, overspeed trip, ft

e o

NN
MMM
e
~N Oy Ul o W

Reheat spray water (intermediate stage
take~off) (if applicable), gpm @ min psig *

Flow velocity discharge nozzle, f£t/sec

Time requred to start the pump unit,
from a cold condition to full load, min

N BN
.
NN
.
N
O W0

2.2.21 Do you recommend turning gear appli-
cation, cesees YES/NO sevoscsscsescocss
2.2.22 Do you recommend disconnect or
direct coupling .eveeececosconns oo ean
2.3 RECIRCULATION DATA
2.3.1 Normal recirculation flow recommended
by seller, gpm ..ccceececscas ceseces e
2.3.2 Recirculation required for continuous
minimum flow (for extended time periods)
gPM ceces .o
2.3.3 Breakdown orifice design flow, gpm ...
2.3.4 Breakdown orifice design pressure drop,

PS1 toceeocs

3]
w
w

Pump parameters during continuous
minimum flow:

2.3.5.1 Pump speed, TPM .ccocoovocoass soesssnecs
2.3.5.2 Head, feet ...eoscc0vscco0oscsocnsceosse .
2.3.5.3 Temperature rise, °F (o.cececcacecoes
2.3.5.4 NPSH required at 3% head breakdown, ft
2.4 SEAL AND INJECTION WATER DATA
2.4.1 Type of seal ....... Ceeseeesesceccvacns
2.4.2 Diametral clearance at seal, in........
(if applicable)
2.4.3 Injection water flow required per seal
IPM e cooosens
2.4.4 Injection water temperature, pressure
°F/psig .....
2.4.5 Maximum particle size in injection
Water .. c.cocoossosescsscsccossncssasse
2.4.6 Leak=-off flow per seal, gPMm .cseoceescno
2.4.7 Leak-off temperature, °F ceesesasanene
2.4.8 Temperature or pressure control .......
2.4.9 Single or double injection ...... e




APPENDIX B
ADDENDUM 2
BID FORM - TECHNICAL

Seller
2.5 PUMP OPERATING DATA
2.5.1 Maximum head (at minimum flow, maximum
speed), fteseeesscocsnssnossonncnoans
2.5.2 Minimum allowable pump operating
Speed;, TYPM cvecwcosccscsccscssssncsnsas
2.5.3 Minimum head at 2.5.2, ft .cccccoccon
2.5.4 Pump shut-off head at minimum allowable
pump speed, ft ccceecooscasas cecenenon
2.5.5 Is bearing prelubrlcatlon necessary before
pump starting? .....Y€8/N0 +ccceccsoos
2.5.6 Is prewarming necessary, if cold pump

is to be started and immediately pump
hot water? ....... Y€5/NO .cuesvoocnoss

2.5.7 Allowable temperature rise at minimum
FLOW, °F toevesooacscnscosnnssocsaoces
2.5.8 What is the minimum NPSH required, at
design flow and speed? Ft.......... .
2.5.9 Duration pump can operate at NPSH
in 2.5.8, MiNe veveooescoosssonssssococe
2.5.10 Sound power level data. Provide
on form ..co00c. cmssoecessas s s e
2.5.11 Vibration = normal, mils ...ccceoecces
2.5.12 Vibration - new/worn, mils ..... cesns
2.5.13 Trip at maximum amplitude, mils .....
2.5.14 Permissible maximum mils, mils ......
2.5.15 Measured at location ..... seessascans
2.5.16 Measured With c.cevecocococscoacnnnas
2.5.17 Pressure pulsation amplitudes peak to
peak at:
2.5.17.1 Discharge nozzle (design flow), psi .
2.5.17.2 Discharge nozzle{ minimum flow), psi.
2.5.17.3 Suction nozzle (design flow), psi ...
2.5.17.4 Suction nozzle (minimum flow), psi...
2.5.18 What is the max. allowable peak to peak
pressure pulsation level, psi .......
2.5.19 Expected frequencies of major pressure
pulsation components, in multiples of
rpm (i.e., 1x, 6%X, etc.), HZ/CPS ++vcs.
2.5.20 Transient load drop condition, gpm/rpm *
2.5.21 Alarm and trip data. Provide on form.
2.6 DESIGN AND CONSTRUCTION

Casing outer type (barrel, etc.) ....

Casing inner type( ¥Yadially split, etc.)

2.6.1
2.6.2
2.6.3 Casing minimum wall thickness, in. ....
2.6.4 Pedestals and soleplates{ kype) ......*

B30



2.6.5
2,6.5.1
2.6.5.2
2.6.5.3
2.6.6
2.6.6.1
2.6.6.2
2.6.6.3
2.6.7
2.6.7.1
2.6.7.2
2.6.7.3
2.6.8
2.6.8.1
2.6.8.2
2.6.9
2.6.9.1
2.6.9.2
2.6,10
2.6.10.1
2.6.10.2
2.6,11
2.6.12
2.6.12.1
2.6,12.2
2.6.13.1
2.6.13.2
2.6.13.3
2.6.13.6
2.6.14
2.6,15
2.6.16
2.6.17.1
2,6.17.2
2.6.17.3
2.6.,17.4
* ko k

APPENDIX B
ADDENDUM 2

BID FORM - TECHNICAL

Seller

Suction connection:
Size/schedule ...coevceocooscccsccsas

Weld end detailsS .ocoocssccssoocanonecs

Location top/bottom ..eocoecese

e o o2 @

Discharge connection:
OD tivooonvas oo ae

® 5 ¢ © 5 66 ¢ 0 ¢ 8 6 0860 60 6 O OO

Weld end details

26 @ & 060 6 ¢ © 205 e 6 s 08 O

Location top/bottom *

Warm—-up connections:
Size

oooooo e ® 6 86 6 a0 652068 060060 ©0 68

Quantity and location

Warm=up flOoW, OPIM cscceoesocosesosacss

Superheat attemperator connection:
Size and rating ... (if applicable) .

Flange deta8lls c.ceeccocccsccscccsso

Reheat attemperator connection:
(if applicable)
Size and rating sscesececccosoccsscnsas

Flange details ..ccecsocscocsocccas *

Balancing device leak-off connection:
(if applicable)
TYPE ccosooscocccvsaoccccassssasosssss

Size - schedule .c.ceccovocans cevoee

Direction of rotation from driver end,
CW or CCW Ak kK

Developed head per stage at best
efficiency point:
First stage,

o

Succeeding stages, ft ...ccccocensn

Shaft diameter at bearings (nom.) in.

Shaft diameter at impeller (nom.), in.

Shrink fit at impellers, mils .....

Shrink fit at bal.disk/drum, mils ..

Shaft static deflection (at rest), mils

Shaft span between bearing centers, in.

L/D ratio at bearing (L=brg. length, in.,
D=shaft diad.,, iN.e) cecececocssse

Journal bearings = type ceoececocoos

Journal bearings -~ SizZ€ ..ccccccass

Journal bearing length, in.

5 220 0 0 &

Journal bearing clearance, mils ...

Specified clockwise
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APPENDIX B
ADDENDUM 2

BID FORM - TECHNICAL

Seller

Thrust bearing typPe .ccscececcaoonce

Thrust bearing Size ..ccoeosecn

Percent of axial thrust carried by the
thrust bearing, % cessoeessene

At what loads is thrust brg. loaded?

Type of axial balancing device
(drum, disk, opposed impeller)

Balancing device leak-off flow, gpm
(min/max)

® 6 50068 506 0000 0 5o ® 66 650 6 0 e 09

Can balancing device handle axial
thrust at all loads and conditions?

Method of indicating shaft axial
position (displacement) ceeoese s

e e e

Balancing device radial clearance
(if opposed impellers, give center
bushing)

a6 26 6 ® 6 c8 660 0800 91 0 e o 800

Pump designed with diffuser or volute?

Diameter, clearances at wear ring -
first stage, mils

® 060 65 608 006 20 o 30 60

Diameter clearances at wear ring -
series stages, mils .....

Diameter clearances at impeller hub, mils
Impeller eye area first stage, sqg.in.

Number of impeller vanes first stage

Number of impeller vanes normal stages

Impeller vane mounting arrangement
between impellers (in-line, staggered)

Permissible maximum unbalance in any
plane, oz.in.

6 06 e @ a0 209 ©6 865086 P 26 &

First critical speed of rotor, rpm

Second critical speed of rotor, rpm

Foundation:
Stiffness vertical, lb/in.

s 9 060600 e

® 606 9 0@

Stiffness horizontal, lb/in.

Bearing lubrication:
TYP€eeosoee

...... 8 2 5 68 0 ¢ 669 e 606 s 0 0

Required flow per journal bearing,
OPMy oo s ans

2 6 © e 0 &85 ° @ 6 e B 6 6O 6 LS GO 6 SO

Required flow to thrust bearing,

gpMm ..o s ecenseecsenascescs s eno o s

Total oil flow, gpm

......... ® e & o

0il type recommended ..cococsoscss

Heat to be removed from oil,BTU/hr

Bearing temperature (recom/max), °F

0il pressure required (min/recom/max),
psig ...

6 6 6 6000 4 © 66 ©0 0 666 °0 8 806 & P




APPENDIX B
ADDENDUM 2

BID FORM - TECHNICAL

Seller

Pump shaft at coupling:
Diameter, in. ccecsccoccecscsoos

Type of fit ceveecovcsconconss

Space between shafts, in. ....

NN DN
A OYOY
wwwww
WO WYL

L0 DN

End float required, in {(motor
drive Only ccccesssaocscssoncs

2.6.41 Space envelope required to remove
rotating element, iN. ..c.ecc..

2.6.42 Rotor removal cradle (number
required coveisoescsocssscsscsos

2,6.43 Rotor handling device (number
required) ..... cseccscoancecse

2.6.44 End covers for pump flushing, when
internals are removed (each
pump) ..... cecesconscccssn s .

2.7 PUMP MATERIALS (ASTM DESIGNATION)

Outer casSing ecceecescessosnne es o

NN
¢
~J~J
s e
N

Discharge head (barrel end
head) ..cvecoesooronccoscosssna

2.7.3 Inner Ccasing .occeccososcsconce
2.7.4 Diffusers or volutes ....eoces
2.7.5 Casing rings eceecevcenococns .o
2.7.6 ImpellersS .cceccssoscocscssncsas
2.7.7 Impeller wear rings ( if applicable)..
2.7.8 Pump shaft .cccocesvccccccncns
2.7.9 Shaft sleeves (if applicable)..
2.7.10 Rotating balancing disk/drum..
2.7.11 Stationary balancing disk/drum
Or centerplece .eeesocccscssos
2.7.12 Internal gaskets ccecoocovconcs
2.7.13 Interstage packing (if applicable)
2.7.14 Recirculation breakdown orifice
(if applicable) tcecescoascses
2.7.15 Casing bolts, studs, nuts (inner
and outer casing)eeeccscoccacas
2.7.16 Pump suction nozzle .c..oceecsoo
2.7.17 Pump discharge nozzle ........
NOTE: Refer to paragraph 3.3 for specified materials.




APPENDIX B
ADDENDUM 2

BID FORM - TECHNICAL

Seller

2.8 WEIGHTS (LB)
2.8.1 Pump (empty without water)....
2.8.2 Foundation type (cast, fabricated,

ELC. ) ecesescasssosossosssscanacss
2.8.3 Foundation weight ...ccvoecoscss
2.8.4 CasSiNg coecsececcscasenscccosoans
2.8.5 Inner assembly (spare element).
2.8.6 Rotor (all rotating parts without

coupling half) ..ceeececacacsns

2.8,17 Largest weight to be handled
{(individual piece or assembly)
Auring SEXVICE .eeeecosncocsscsas

2.9 PUMP WITNESS TESTING
2.9.1 Speed;, YPM coveesscosoconsssss
2.9.2 Maximum horsepower during test,
bhp
2.9.3 Maximum flow, gPM ccescossvoso s
2.9.4 Temperature, °F ...ccceococoss
2.9.5 Test efficiency (cold efficiency
not corrected for temperature)?
2.9.6 Speed to verify guaranteed
minimum flow, TXPM .sceesccases
2.9.7 Speed to verify shut-off head,
TPM coeaoes cesssascsescoesens
2.9.8 NPSH test speed, XPm ccoeceeoe
2.9.9 NPSH test temperature, °F ...
2.9.10 Instrumentation used during

tesSting ceecscsssoosassccsssa

2.9.10.1 Number of probes for dynamics
MEeASUrements «cceesococcocsao

10.2 Type of probes:

2.9.

2.9.10.2.1 Displacement, mils .....
2.9.10.2.2 Velocity pick-up, ft/ﬁec.
2.9.10.2.3 Accelerometer, £t/sec” .
2.9.10.2.5 Other (Describe) coeaass
2.9.10.3 Fregquency analyzer type

(describe) cecssccoscccscccnans

2.9.10.4 Tape recorder used: Type ...




APPENDIX C
RESPONSES FROM INDEPENDENT RESEARCH LABORATORIES AND PUMP
MANUFACTURERS RELATING TO FEED-PUMP RESEARCH AND DEVELOPMENT AND
TO CURRENT PUMP DESIGNS

1.0 ALDEN RESEARCH LABS

The Alden Research Laboratory, situated in Holden, Massachusetts, is
part of Worcester Polytechnic Institute. The gquestionnaire was
responded to by Dr. W. W. Durgin. Much of the earlier work at Alden
concerned open-channel flow and this has been extended to pump work.
The laboratory has a 100-horsepower, variable-speed pump-test rig, a
45-cubic-foot-per-second flow loop, and smaller loops. There is some
sophisticated equipment, including laser-doppler anemometer (s), hot-
film gauges, void-fraction meters, and computerized data-acquisition
equipment. Noise signature analysis is carried out with pressure

transducers and FFT programs.

2.0 CREARE

Creare, in Hanover, New Hampshire, is a small independent company
involved principally in research and development consulting. Walter
Swift responded to our guestionnaire.

Creare has worked in pumps and centrifugal compressors for most of
the last two decades. It was founded by Dr. Robert C. Dean, Jr.,
who went from M.I.T.'s Gas-Turbine Laboratory to head Ingersocll-
Rand's research and development organization before the founding of
the Princeton Laboratories. Creare has done a considerable amount of
analytical and experimental work in cavitation, hydraulic instability,
two-phase flow, hydraulic forces, and fluid transients. Some work on
noise~signature analysis has been carried out, although not, apparent-
ly, specifically on pumps. When this reviewer last visited Creare,
he found high-quality work being carried out in laboratories that
were being extended but did not have the capability of large-scale
experiments at that time. The personnel and direction of the
company are highly skilled and motivated.
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3.0 IOWA STATE UNIVERSITY

Professor George K, Serovy, well known for his work on turbomachinery
and for his leadership in setting up ASME tourses, responded.
However, very little work relevant to centrifugal pumps has been

carried out at Iowa State.
4,0 KYUSHU UNIVERSITY

Professor Yasutoshi Senco earned his doctorate at the M.I.T. Gas~
Turbine Laboratory and has since carried out a series of highly re-
garded research programs in turbomachinery. He returned what would
seem to be an overly modest appraisal of his capabilities at Kyushu.
He will be visiting M.I.T. in August and this reviewer hopes to
supplement this comment later.

5.0 NORTHERN RESEARCH AND ENGINEERING CORPORATION

Northern Research and Engineering Corporation (NREC) was formerly an
independent consulting research and development organization involwved
principally in turbomachinery and heat-transfer work. It is now
almost wholly owned by Ingersoll-Rand but still continues a somewhat
independent existence. Dr. Willem Jansen responded to our inquiry.

Northern Research pioneered the development of the somewhat primitive
streamline-curvature methods that were previously available, and
wrote design handbooks and computer programs for use by industrial
organizations. NREC has since produced a program especially aimed

at centrifugal pumps. Recently they have extended a program for
predicting the occurrence of cavitation as a function of incidence and
have extensive shaft~ and rotor-stability programs, They have been
able to correlate hydraulic instability with rotor instability in
rocket pumps and boiler-feed pumps. They have facilities for per~-
formance tests on pumps of up to 3,000 gpm and to 400~foot head.

6.0 APPLIED RESEARCH LABS, PENN STATE UNIVERSITY

Two responses were received from Penn State: one by Dr. Blaine R.

Parkin, director of the Garfield Thomas water tunnel, and Professor
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Robert D. Henderson of the same facility, and a second by Dr. B.
Lakshminarayana of the fluid-mechanics group. The Applied Research
Laboratory is an organization and a group of facilities in which
faculty, graduate students, and a substantial research staff perform
research work, 90 percent of which is for the U.S. government. The
water tunnel itself is old but impressive, used mainly for the
testing of torpedoes, model submarines, and propellers. There are
many other loops available for tests in water and other liquids,
extensive data-acquistion systems, and extensive instrumentation. An
impressive feature of the visit was the wide variety of activities
being carried on under the direction of highly regarded people.
There is also some element of competition in that, for instance, two
groups were examining the computational fluid mechanics of pump and
compressor rotors with different approaches. Although there was no
work specifically being undertaken in centrifugal pumps, such work

could be carried out in the facilities available.

7.0 INGERSOLL~RAND

The visit was made to the Princeton laboratories of Ingersoll~Rand
(IR), where Dr. Jules Dussourd and Dr. Paul Cooper were joined by
Jim Lucas of the Cameron Pump Division. There is a moderate-sized
test loop in Princeton and a large 20,000-horsepower test stand at
the manufacturing plant (which can be used for research). Cavitation
model studies at full tip speeds were being carried out. Soft
coatings were used for damage correlation. Some work had been done
on high-pressure pipe-line oscillations, and it was felt that the
same approach might apply to high-pressure water systems in which

neither the water nor the casings can be regarded as incompressible.

The minimum flow at which boiler-feed pumps could be run was a
function of the pump size. When pumps were smaller, IR could allow
its pumps to be run at 10 percent of best effectivity point (BEP)
flow. It was stated that three critical speeds were calculated.
Radial bearings were of the tapered land type, and Kingsbury-type
(KTB) thrust bearings were used. Both disk and flanged drums were
used for thrust balance. Some shaft failures had been experienced,
but it was felt that these were due to fatigue from misalignment, by

the user, of the external shafts.
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8.0 KSB

Dr. Robert Dernedde wrote that KSB declined to respond to the ques-
tionnaire, but subsequently he, with Walter Wilhelm, a representative
of KSB in this country, visited M.I.T. for a discussion.

Dr. Dernedde was cordial and stated that he was somewhat embarrassed
at not returning the guestionnaire, but it was the view of KSB that
the monetary exchange rate, coupled with the high guality built into
KSB pumps, put the price above that at which any sales could be
contemplated in the United States. Therefore, to complete the

questionnaire would simply be potentially to give away information.

He said that one point in efficiency of the pump would, during its
life, be equivalent to an energy cost equal to the new cost of the
pump. Therefore pump quality was important.

He asked for more realism in specifications. He knew of many pumps
in which stages had to be removed because the plant builders had

over-specified the pump duty.

Dr. Dernedde said that KSB is working on unsteady forces in impellers
and diffusers, including the cutwater, and he felt there should be
more work on steady and unsteady flow forces. He also said that the
flow in the pump gaps was very important for stability and per-
formance and more knowledge about this condition is needed.

9.0 SULZER

A full response was received from Sulzer through Dr. Dusan
Florjancic. Sulzer makes pumps up to 17,000-gpm flow, 14,000-foot
head, and 60,000 bhp. Design relies largely on correlations of
previous tests and on model tests of new pumps. Sulzer's response
indicated that they would have no objection to their largest pumps
being run at 25 percent of the BEP flow, and that they would have no
difficulty in limiting a shut-off head to 20 percent over the BEP
head. Four-lobe bearings are used and a drum had been used for
thrust balancing for the last fifteen years. The first and second
wet critical speeds are calculated. There have been no shaft

failures in the last 20 years. They felt that research in rotor
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dynamics was still necessary, however.

10.0 WESTINGHOUSE ELECTROMOTIVE DIVISION, R&D CENTER

A visit was made to this location, and a full response was received
from Dr. S. K. (Jimmy) Chow. This division makes nuclear pumps for
submarines and other naval vessels. It has about thirteen test loops
for pumps of various sizes. Most are used for acceptance tests
rather than for research. However, there is a cavitation test loop,
for visual observation of cavitation, and an air-test rig. Much of
the experimental development work is for the liquid-metal fast-
breeder reactor. Rotordynamics and bearing analysis are taken

to considerable depth. They have laser~doppler anemometers (the
reviewer did not see them applied to pump flow) and would like to

have the capability of measuring radial loads.

There is much emphasis on the work being undertaken (principally by
Dr. Chow and his group) into the analysis of flow in centrifugal
pumps. The method is fully three dimensional, based on singularities
and integral-equation techniques. Viscosity is being included by the
vorticity-diffusion method. This reviewer is not familiar with these
methods but was impressed with the degree of thoroughness and enthu-
siasm with which this work was being carried out and the apparently

good agreement with test cases so far looked at.

11.0 WORTHINGTON

Worthington makes pumps up to 10,000-gpm flow, 12,000~foot head, and
30,000 bhp. Worthington would find acceptable operation at 25
percent of BEP flow and could also meet a specification of a shut-off
head limit 20 percent over the head of BEP. Stepped balance disks
and Kingsbury bearings were used for thrust and radial bearings
would be plain, but three tilting-pad bearings could be used if
specified. Wear rings were plain on the rotor and grooved on the
stator. Throttle bushings were used for shaft seals. Sand castings
are used for double-suction and investment castings for single-
suction pumps. Worthington has had one or more shaft failures,
stated to be due to corrosion fatigue at the balancing-disk-

nut thread and cured by incorporating a split-ring mounting.



Note:

APPENDIX D

TABULATED AND SUMMARIZED RESPONSES TO BYRON JACKSON/EPRI

SURVEY OF UTILITIES

The utility responders are not identified. Where re-
sponders are identified a, b, ¢, etc., in various re-
sponses, the identification is on a random basis. Re-
sponder a. to guestion 1 is not responder a. to guestion

4, but may be responder c¢. or d. to that gquestion.

Name the major problem with boiler feed pumps in large (600 MWE

or larger) fossil-fired plants. If you had to name one problem

only, what would it be? Please state both the symptom and the

root cause.

We do not have a systematic maintenance and failure anal-
ysis system at this time. We are establishing such a
system.

Balancing devices

1. Nonreliable operation of minimum-flow valves
2. Axial thrust balancing disks

Balance devices

Vibration. There are several root causes.

1. Mechanical failure of interstage partitions
2, Hydraulic pressure pulsations

3. Imbalance

4, Alignment

What other problems exist? Please state both the symptoms and

the root causes. List in order of seriousness.

Problems with boiler feed pumps in large fossil-fired
plants have included cavitation damage in the first-stage
impeller, failures of the first-stage impeller shrouds,
diaphragm breakage of the £ifth (last) stage, and ex-
cessive wear of all running fits. These are symptoms.
Root causes are unknown.




List

NUTE W N U W
.

First~stage impeller cavitation

Volute-to-barrel fit gasket washout on nonmodified
pumps

Gear-type couplings not sufficiently flexible
Shaft breakage

Hot alignment, especially with pumps having

long horizontal pipe runs

Volute/diffuser impeller washout
Seizures occurring mostly at start-up
Seals

Balancing devices

Vibration

Water intrusion into bearings due to seal failures
Seilzures due to change of materials by vendor
Leakage at gasket pump element to barrel

Washout at volute faces on some early units

Shaft breakage

Equalizing pipe breakage

Loss of performance, vibration. Failure of inter-
stage partitions

Loss of performance. Failure of the suction-to-
discharge joint between the inner case and the
outer casing

Failure of piping--instrumentation and lube~oil
piping attached to the pump case. Vibration (align-
ment, coupling/pump imbalance

Loss of performance. Lack of fasteners on the
suction and wall of the inner casing

Vibration and loss of performance. Cracking of
impeller vanes both on inlet and outlet. (Not

due to cavitation damage.)

in order of frequency:

e °

[S200 S VO SR
.

hot alignment
Cavitation
Gear-type coupling
Volute fit washout
Shaft breakage

Bearing lubrication problem due to cooling-water
fouling

Pump seizures

Seals

Performance degradation due to volute/diffuser
washout

Vibration, mostly after start-up after service,
indicating hot misalignment

Thrust balancing devices

Balancing devices
Seal water control problems




d. We do not have the frequency data requested. We started
our supercritical units between 1966 and 1973. This was
early in the high-energy pump game and we had pump prob-
lems. However, we worked with the pump manufacturer and
now feel that we have solutions for these problems.

e. No comment.

Have you found a relationship between plant operating mode and
pump problems? (If so, please furnish details.)

a. We do not have statistics to establish a relationship
between plant operating mode and pump problems. In at
least one case there was a direct relationship.

A pump failure was caused by operation for 4 to 5 hours
on recirculation contrary to instructions to the
operators.

b. No relationship, but many failures during start-up after
maintenance.
C. Many problems at low-load condition, specifically at

turning gear speed.

d. Of our supercritical units, four 750-MW plants are coal
fired and in base load service. They have scheduled
outages about two weeks every four to six months. The
four 450-MW units and two 750-MW units are oil/gas fired
in swing load service. They run at high load from about
7:00 A.M. to 11:00 P.M. weekdays and at about 30% load
nights and weekends. We seem to have more feed pump
problems in the base load, coal~burning plants.

e. Cycling operation and emergency trip conditions lead to
failure of balancing devices.

How many boiler feed pump problems and/or failures have you had
during each of the past six years. Please classify as to time of

occurrence.

a. Statistics do not exist but, in general, failures at "mid-
life" are rare. The majority of failures are during "old
age" and probably could have been avoided by periodic
maintenance, or they occur shortly after inadequate ox
improper repairs.



b. Total Within 90 days Within 90 days Midlife
failures after start-up before sched- problem or
of new or re- uled pump failure
paired pump maintenance
1980 4 3 0 1
1979 10 4 0 6
1978 18 9 - -
1977 15 Unknown - -
1976 3 - - -
1975 1 - - -

c. Between 1972 and 1978 there have been 129 pump failures,
25 of which were seizures.

d. Total Within 90 days Within 90 days Midlife
failures after startup before sched- problem or

of new or re- uled pump failure
paired pump maintenance

1980 9(19) 2 2 2

1979 10(34)

1978 8(23)

1977 3(15)

1976 8(22)

( ) Includes partial shutdowns

1. Separate from pump outages, a total of 86 B.F.P.

drive problems were experienced, 16 of which re-
guired full shutdown

2. Information not available in this form

We do not have the data arranged in the requested format.

Please classify boiler feed pump problems and/or failures accord-

ing to base load or peak load service.

a. No records are available for the requested classifications
b. Basically, all stations are in base load duty

c. Information not available in this form

d. All large stations are on base load

e. We have no large peak load plants

Please describe corrective actions taken which have improved

boiler feed pump reliability.

a. No records are available
b. 1. Improved instrument calibration control
2, More and improved vibration monitoring
3. Increased internal running clearances, 0.004 to

0.005 inch above manufacturer's standards, recogniz-
ing efficiency loss
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Improved specifications. Improved minimum flow system,
including increased minimum flow, as initial specified
flows by vendors were too low.

Rerouting balance disc leak-off piping to pump suction.
Monitor disc leak rate to observe its condition. Im-—
proved temperature control of seals.

These actions include installation of very heavy-duty
auxiliary piping, installation of more modern impeller
design when replacing impellers (after about 10 years of
service on the old-design impellers), stronger interstage
partitions to overcome what we believe was a water hammer
problem, modification of the high-pressure internal joint
to prevent washout, and modified thrust collar mounting.

Please describe further actions that would improve boiler feed

pump reliability.

We are working on the establishment of a systematic
maintenance and failure analysis system.

Improved start-up procedures. Improved operator training.

Better maintenance and operation instructions. Improved
instrumentation, including instructions for interpreta-
tion of readings. Improved service representation by
vendors.

Improved valving for seal injection control. Removal of
spring mounting of balance disc.

In the past we have fought too hard to get high pump ef-
ficiencies. My personal preference would be not to give
credit for quoted efficiency above 85%. Maybe we have
specified the best efficiency point to be at too high a
flow. We have no installed spare pumps. In the future,
I would specify double-suction first-stage impellers.

We believe that there is room for improvement in rotor
dynamics, bearing design, and dynamic balancing proce-
dures and criteria. Our minimum flow bypass systems are
being upgraded to eliminate leakage to the condenser.
Provide more conservative mechanical design of components
to accept, at times, underestimated stress levels.

Name the major problem with feed pumps in large (430-MWE or

larger) nuclear plants. If you had to name one problem

only, what would it be? Please state both the symptom and the

root cause.



10.

What

We do not have the statistics to analyze and report fail-
ures in nuclear feed pumps in a systematic fashion. Our
reliability and design group has been established to an-
alyze and classify forced outages, deratings, and ex-
cessive maintenance of pumps at nuclear plants.

Cavitation, on one operating unit only and on one side
of double-suction impeller only.

Control malfunction.

We have only one operating nuclear unit. Feed pump
problems have been minimal.

No nuclear plants

other problems exist? Please state both the symptoms and

the root causes. List in order of seriousness.

(o7l ¢}

Have

pump

At one of our nuclear stations we have two turbine-
driven feed pumps plus one motor-driven feed pump. Each
pump is 50% capacity. The main problem is the speed
control of the turbines. The pumps vibrate at or near
recirculation flow. There are recirculation line vi-
bration problems. Recirculation flow is 22 to 25%. A
problem with operation on automatic control has been
that the recirculation valve drifts. This problem was
cured by manual operation of the recirculation valve
during start-up only. During normal operation the
recirculation valve is left closed and in an automatic
position so that it will open as required.

1. Floating ring seals which cannot be used after
having been disturbed

. Wrong shaft material

. Use of galling materials running against each other

. Gear-type couplings

. Note: No bearing problems and good experience
with spiral-wound gaskets

Internal wear

No comment

No comment

(G200~ NRCS I V]

you found a relationship between plant operating mode and

problems? (If so, please furnish details.)

We do not have the information required to determine
such relationship

Only with respect to cavitation

No comment

No comment

No comment



11.

12.

13.

14.

How many nuclear feed pump problems and/or failures have you had

during each of the past six years.

Please classify as to time

of occurrence.

a.

C.
d.
e.

We do not have this detailed information.

Total Within 90 days Within 90 days Midlife
failures after start-up before sched- problem or
of new or re- uled pump failure
paired pump maintenance
1980 1
1979 4
1978 -
1977 -
1976 -
1975 -

Do not have this information
No comment
No comment

Please classify nuclear feed pump problems and/or failures

according to base load or peak load service.

b.
c.
d.
e.

Please describe corrective actions taken that have improved nu-

All of our nuclear plants are in base load service
No information

Do not have this information

No comment

No comment

clear feed pump reliability.

C.
d.
e.

Our reliability and design group studies all forced out-
ages, deratings, and excessive maintenance. Reliability
is improving as a result

Rerouting of suction pipe to eliminate elbow in line
with pump shaft centerline

Improved controls

No comment

No comment

Please describe further actions that would improve nuclear

feed pump reliability.

We expect further improvement in reliability as a
result of continuing efforts by our reliability
and design group
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15.

Nothing to report
None

No comment

No comment

What operating instrumentation do you use to monitor

boiler feed and nuclear feed pump performance?

Parameter
Discharge pressure

Suction pressure
Discharge pressure
fluctuations
Suction pressure
fluctuations
Pump flow

Input power
Vibration at nozzles
Vibration at bearings
Vibration at

Axial shaft motion

Radial shaft motion
Airborne noise
Fluid-borne noise
Water temperature

Parameter

Discharge pressure
Suction pressure
Discharge pressure
fluctuations
Suction pressure
fluctuations
Pump flow

Input power
Vibration at nozzles
Vibration at bearings
Vibration at

Axial shaft motion
Radial shaft motion
Airborne noise
Fluid-borne noise
Water temperature

Instrument

Local gage plus control room
indications

Local gage

No

No

Indicated and recorded in con-
trol room

Ammeter plus watt-hour meter

No

See question 16

No

No

No

Now reviewing per OSHA standards
No

In and out, recorded in control
room

Instrument

Gage
Gage

Indicator at pump and in con-
trol room

Yes

At suction
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Parameter

Discharge pressure

Suction pressure

Discharge pressure
fluctuations

Suction pressure
fluctuations

Pump flow

Input power

Vibration at nozzles

Vibration at bearings

Vibration at

Axial shaft motion

Radial shaft motion
Airborne noise
Fluid-borne noise
Water temperature
RPM

Parameter

Discharge pressure
Suction pressure
Discharge pressure
fluctuations
Suction pressure
fluctuations
Pump flow
Input power
Vibration at nozzles
Vibration at bearings
Vibration at
Axial shaft motion
Radial shaft motion
Airborne noise
Fluid-borne noise
Water temperature
RPM

Parameter

Discharge pressure
Suction pressure
Discharge pressure
fluctuations
Suction pressure
fluctuations
Pump flow
Input power
Vibration at nozzles
Vibration at bearings
Vibration at
Axial shaft motion
Radial shaft motion
Fluid-borne noise
Water temperature

Yes
Yes
No

Yes

Yes
Yes
Yes
Yes

No

Instrument

On newer pumps only

No
No
Yes
Yes

Yes
Yes
No

No

Yes (only minimum flow)

Instrument

No (turbine drivers)

No
No
No
No
No
No
No
Yes
Yes

Yes
Yes
No

No

Yes
No
No
No

No
No
No
Yes

Instrument



16.

17.

18a.

What other instrumentation has been used for diagnosis of prob-

lems?

Velocity pick-ups and accelerometers in three directions
on each bearing housing. This is measured and analyzed
each month on nuclear feed pumps.

Acoustic and alignment monitor.

Bearing thermocouple readings are recorded and, if a
reading is unacceptable, an alarm is actuated. We use
portable IRD vibration analyzers and Bently Nevada prox-
imity probes. We use real-time analyzers, vector fil-
ters, and oscilloscopes. We use alignment bars for hot
alignment check when the equipment is running. Suction
pressure and temperature signals are input to an analog
computer, which calculates NPSH and signals a first alarm,
an impending trip alarm, and finally a trip.

Axial and radial shaft motion and acoustic readings.
Also balance disc flow to monitor wear.

Vibration, hot alignment, thrust device flow.

What additional parameters should be measured to monitor

operating pumps?

All above should be recorded to provide operational
record for use in maintenance. However, too much instru-
mentation may be dangerous because interpretation may

be confusing.

Hot alignment monitoring, thrust device flow=--axial
shaft movement.

Shaft position relative to bearing should be monitored,
x-y radially. Axial shaft position should be monitored
both on the thrust collar and on the shaft.

No comment.

Do not know.

How is feed pump maintenance scheduled?

The spectral analysis of the data gathered per question 16.
Every six years or every four fuel cycles.
Pump maintenance is scheduled by monitoring hydraulic

and mechanical performance. Our base load plants have
scheduled outages for two weeks every four to six months,
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18b.

19.

20.

and we try to do pump repairs during these scheduled out-
ages. The swing load plants are somewhat less critical,
and we may take a pump out of service for repairs.

Yearly check of bearings, seals, and balancing device
only.

At turbine inspection shutdown if indication of trouble.
Otherwise service only when failed.

Could a better method be devised? (Please furnish details,

including additional input information required.)

Yes, if better operation records were available

Yes

Preventative maintenance questionable, unless improved
instrumentation would provide information for decision
making

No comment

No comment

Do you have any comments on EPRI CS-1512, "Recommended Design

Guidelines for Feedwater Pumps In Large Power Generating Units"?

It is a valuable report; it reinforced some of our prior
thinking.

This type of document should be generated as the output
of a joint effort of users, A/E's, and manufacturers.

It should be user oriented and user controlled. Tutorial
information should be published in the appendices and
removed from the body of the document.

No comment
No comment
No comment

Do you have any comments on EPRI NP-1571, "Evaluation of Basic

Causes of Repetitive Failures of Nuclear and Fossil Feedwater

Pumps"?

One engineer believes that this is a very interesting
report, especially as relates to tradeoff between relia-
bility and efficiency. The other engineer says that the
report is not specific enough to be of significant user
value,

Quite good. Some recommendations should be included
in specifications.
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21.

C. We have not seen this report.
d. No comment

e. No comment
Do you have any comments on EPRI FP-754, "Survey of Feed Pump

Outages"?

a. Informative

b. The data were good; especially, the discussion of root
causes was valuable. This was a good report from the
standpoint of information as reference for maintenance

people.

C. Quite good. Some recommendations should be included in
specifications.

d. We cannot directly correlate the findings of this report

to our experience.

e, No comment
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APPENDIX E
ROTOR DYNAMICS TESTING

It is becoming increasingly clear that one of the major factors af-
fecting the vibration response of centrifugal boiler feed pumps is
the stiffening effect of various close-clearance spaces within the
pump. Those include annular pressure-reducing devices, wear rings,
throttle bushings, center-stage pieces, balance drums, etc. These
devices play an important part by providing not only a stiffening
effect but also a damping effect. In many instances the fluid in the
clearance spaces also possesses a virtual inertia, also known as
virtual mass, and this also plays a part in determining the

vibration response of the system.

A great deal of work has been done during the last few years to
understand these characteristics both analytically and experimen-
tally. Offered here is an overview of some of the experimental

work that has been done recently to demonstrate and to identify

these effects. So far, experimental work can be broadly classified
in two major categories. In the first the shaft is allowed to
undergo whirling motion. In the second it is made very stiff, and
the forces in the wear rings, etc., are directly measured. The
advantage of the first type of test is that one can immediately
detect the presence of a critical speed, which is a matter of great
practical significance. The difficulty associated with this type of
test is that understanding why critical speed occurs is dependent
upon the modeling made for the entire system. Consequently, there is
no direct substantiation of the effect of the annular clearances. 1In
the second set of tests, which uses a stiff shaft, the forces are
directly measured and, therefore, the sealing ring properties are

immediately and directly established.

Recent tests done at Byron Jackson use the flexible~shaft approach.
As shown in Figure E-1, a single-stage, double-suction, horizontal
pump was installed in a test rig, wear rings were provided on either

side, and the pump was run at variable speed using a variable~fre-

E-1
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FIGURE E-1. Byron Jackson Test Rig




quency electric drive. The pressure difference across the wear rings
was changed independently of the speed, and the vibration of the shaft
was measured by using two proximity probes. When the tests were first
conducted in air, the critical speed was clearly observed as shown in
Figure E-2, which plots the once-per-revcolution amplitude versus the
speed. It also shows that the phase shift of nearly 180° is observed
as well. When water was introduced into the pump, the amplitude
response characteristics changed dramatically. For example, Figure E-3
shows that when smooth wear rings were used with a nominal clearance
of .016 inch (diametral clearance) and there was a pressure difference
across the rings of 250 psi, no discernable critical speed was ev-
ident; also there was scarcely any phase shift. In this case, the
critical speed appears to be totally suppressed; the fact that it is
can be easily be demonstrated by calculations. A paper (1) to be
published in the next year's ASME meeting in London contains these
calculations. However, when the wear ring clearance is opened up or
when the wear ring is deeply serrated, critical speed phenomena begin
to appear again. It is also interesting to note that the effect of
wear on the rings is to reduce the critical speed, particularly for
rings that are smooth; this can be seen in Figure E-4. It shows that
as the diametral clearance of the seal rings increases, the stiff-
ening effect is reduced and, therefore, the critical speed decreases.
The effect, however, is much weaker for grooved rings, because they

produce less stiffness.

Using such experiments, one can determine the performance of the
sealing rings. However, several assumptions are made with regard to
the modeling of the system, it is gqguite conceivable that the indirect
measurement of sealing ring properties, as above, could be consid-
erably in error. Therefore the testing using a stiff shaft is more

straightforward.

There are several methods by which a stiff-ghaft test can be made to
determine the sealing ring properties. Some of the earliest work was
done by Henry Black (2-11). He used a simple offset, i.e., the
rotating journal was displaced with respect to the centerline of the
stationary part and rotated without any whirling motion. (See Figure
E~5.) In this case, by measuring the forces Black could establish
both the direct stiffness and the cross-coupled stiffness of the ring.
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In the second type of experiment the journal is offset and, at the

same time, is rotated to make a centered circular orbit. (See Figure
E~5.} These are the types of tests done by Childs (12, 13) at Louis-
ville. (See Figure E-6.) Childs determined the forces by measuring

pressure along the axis and around the circumference. He measured
five coefficients, because he assumed that all the matrices are
symmetrical and the diagonal elements equal and opposite. Further,

he assumed that the cross~coupled inertia terms are zero. Therefore,
the total of twelve coefficients is reduced to five. It is noted

also that in this particular setup the whirling was at synchronous
speed. In the third type of test the journal is offset and then
vibrated translationally. (See Figure E-5.) This type of testing

is being done by Childs now at Texas A&M. Initial results will be
forthcoming soon. Similar tests have been done at Hitachi in Japan

by Iino and Kaneko (14). (See Figure E~7.) With this kind of testing
all twelve coefficients can be measured. Further, the conicity of the
axis can be included, and by doing static tests it is possible to
determine the pressure loss coefficients and the friction loss
coefficients. Finally, in the fourth type of stiff-shaft testing the
journal is set with an offset and then vibrated by orbiting it
accurately. In this case it is possible to vary the precession speed
with respect to the rotating speed. (See Figure E-5.) This kind of
testing is being done by M. L. Adams and E. Makay (15,16). All twelve
coefficients can be determined accurately in this setup.

The recent theoretical work done by Childs has shown that it will be
possible to determine the sealing ring coefficients by means of
theoretical calculations. In the long run it will be important to be
able to do this type of calculations. Childs has pointed out that for
them to be accurate, the primary reguirement is a full understanding
of the pressure loss coefficients. They are threefold. One is the
entry loss coefficient, both at the first entrance to the ring and
between the groove and the land for the grooved base. The second set
is caused by the exit loss, or the discharge loss coefficient. The
third set is the friction coefficient caused by the flow of fluid on
the surface. Evidently the Reynolds numbers both for axial flow and
circumferential flow play a part. Whether the vibration itself will
have an effect on the pressure loss coefficients is a moot point.

However, it will probably be important in the near future to run tests

E-7
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statically to determine all of them and to use them in conjunction
with the theory to predict the coefficients of these rings. These
predictions then can be compared with accurate test data taken by
Adams and Makay or by Childs.
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APPENDIX F
ADVANCED INSTRUMENTATION IN HYDRAULICS

Recently a great deal of attention has been paid to the possibility
of measuring velocity fields in impellers by direct, noninvasive mea-
surement, using laser-doppler anemometry (LDA). Previously, attempts
have been made to measure velocity and pressure field by using probes
that rotate. However, it is a cumbersome method, and the amount of
data obtained is limited. A number of references show typical mea-
surements~-~for example, the papers presented in the New Orleans sym-
posium (1, 2, 3). Recent work has shown that considerable improvement
in resolution and speed of data taking can be gained by using a laser
system. It will be appropriate to consider some of the available
systems and how they can be applied to improve the understanding of

the flow field in boiler feed pumps.

Two types of laser systems are used for determining the velocity
field. The first is called the laser two-focus system. It is quite
popular in Europe and has been used to determine the velocity field
in advanced high-performance centrifugal compressors. In this method
two laser beams are focused in a very small volume. As a particle
travels between the two light beams, it produces two pulses of scat-
tered light. The elapsed time between the pulses and the known beam
separation yields the velocity component perpendicular to the optical
axis. The principle of this method is quite simple. However, in
practice, it becomes complicated because the two pulses can be gener-
ated by two different particles; therefore, many data points must be
accumulated and analyzed at one probe location in order to avoid
ambiguity. The problem is further compounded when a measurement of a
second velocity component is required, making this technique tedious
and time consuming. However, the advantage is that it is capable of
measuring very high velocities of very small particles in the back-
scatter mode, especially near solid boundaries. In some specialized
applications, such as the studies of flows around the tips of axial

compressor blading, the laser two-focus technique can be superior to



conventional laser-doppler systems. Useful references on the princi-
ples of operation and application can be found in Schodl (4), Eckardt

(5), and Weyer and Dunker (6).

The more common system is called the laser-doppler anemometer. Its
principle is deduced from the Doppler effect, which is often encoun-
tered in everyday life. When a source emitting a wave is in motion
with respect to an observer, the frequency perceived by the observer
is different from the frequency emitted by the source. The apparent
frequency f' as perceived by the observer is different from the orig-
inal frequency of the source, as shown in the equation below, where

W represents the source velocity and c represents the speed of light.

. - £
£ = T - W/c

The laser-doppler anemometer can be operated in three distinct modes.
The first is called the reference beam system, in which the scattered
light from one beam is mixed with the reference beam, as shown in the
Figure F-1. The disadvantage of this system is that the collecting
device has to be very carefully aligned with the low-intensity
reference beam. The second method (see Figure F-2) is called the
differential doppler system, in which only a single beam is used to
illuminate the particle and the scattered light is collected and
mixed in two directions. The disadvantage of this system is that the
signal-to-noise ratio is rather poor, and a very small aperture must
be used because the doppler shift can vary across the field stop
opening. The most popular, and perhaps most convenient for work in
centrifugal pumps, is the dual-beam system. This method is described
in detail by Durst, Melling, and Whitelaw (7). The schematic of the
dual beam is shown in Figure F-3. Here two equal-intensity laser
beams are formed by using a beam splitter and a mirror. Using a
lens, the beams are focused at a point at which the flow velocity is
to be measured. At the crossing volume a fringe pattern is formed;
particles crossing this volume will then emit discrete pulses. Since
there will be a Gaussian distribution of intensity across the mea-
surement volume (see Figure F-4) and since fringes are formed inside
the volume, a typical signal at the photo detector produced by a
particle crossing this fringe volume would resemble that shown in
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Figure F-5. The low-frequency component can be eliminated by using
a high-pass filter. Then the frequency of the pulses will be propor-
tional to the component of particle velocity normal to the fringes
divided by the fringe spacing. The fringe spacing depends only on
the wavelength of the laser light and the beam crossing angle.
Therefore, a fixed linear calibration relationship results, regard-
less of the angle at which the detecting device is located with re-
spect to the laser beam. The advantages of this system are its non-
invasive guality and its ability to measure velocity components in-
stantaneously. Measurement of two components is quite straightfor-
ward, achieved by rotating the fringe pattern by 90 degrees. The
disadvantages of this system include the necessity for particles to
be in the flow and the essentially intermittent nature of the signal
that has to be processed. The fact that the particle velocity is
measured, and not the fluid velocity, may be important in some in-

stances.

A number of researchers have used such a system for the determination
of the velocity field in water pumps. This is the work of Dan Adler
(8) , Howard and his colleagues at the University of Waterloo (9), the
Von Karman Institute in Brussels (10, 11), the Applied Research Lab
of the Pennsylvania State University (l2), and recent work of Dr.
Goulas (13) at the Cranfield Institute of Technology in England. Of
the work mentioned above, apparently the most direct is that of
Goulas, who has used a standard centrifugal pump placed in a volute.
He was able to use the back-scattering mode of light detection, and

some of his results are extremely intriguing.

Figures F-6 and F-7 show the radial velocity profiles measured at the
discharge from the impeller in the vicinity of the volute. WNear the
design mass flow (Figure F-6) the front station clearly shows a Jet
on the pressure side, followed by the wake of the blade, and finally
high velocity on the suction side. The blade passage therefore ex-
hibits, at least in part of the passage, an isentropic type of flow
field with a gradient of velocity equal to twice the angular veloc-
ity. Some stations show a much larger wake, and there is even a
small portion of reverse flow. Thus, even at design point, we find
that for this particular impeller the flow field is extremely com-
plex. At a mass flow of approximately 30% of the best efficiency

F-6
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point flow (Figure F-7), it can be seen that the highest velocity ‘
actually occurs at the corner formed by pressure side of the blade

and the front shroud. Normally, by potential flow calculation one

would expect that the highest would occur on the suction surface.

As a matter of fact, behind the blade on the suction surface there is

a strong wake that even shows negative velocity. In other words, the

flow is actually going inward. The position nearest the back shroud

has a high negative velocity throughout. Therefore, at low flows the
complexity increases tremendously and, as a consequence, the deter-

mination of blade forces, etc., would also be a difficult undertaking.
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APPENDIX G
CAVITATION DAMAGE TESTING

Several attempts have been made to determine directly the rate of
erosion of the material undergoing cavitation damage. The standard
methods, which involve measuring the specimen before and after cavi-
tation and determining the weight loss, are not always successful be-
cause of the amount of water that might have been absorbed by the
material. More recently, new techniques are being developed to deter-
mine damage rate based on use of soft coatings. The soft coatings

can be in the form of marking paints, various pressure-detecting films
glued to the surface, or thin aluminum plates glued on the blades.

The University of Tokyo research (1) showed that the paint erosion
test is the easiest and can be evaluated without special measurement.
However, the paint method indicates only where the damage is likely

to occur and not the rate. The use of a pressure-detecting film gives
a quantitative measurement of impact pressure caused by cavitation
collapse. However, the relationship between the pressure and the
damage rate does not appear to have a simple universal correlation.
The most promising procedure, according to reference 1, is a combina-
tion of paint test and aluminum plate erosion test. The intensity of
erosion can be determined by estimating the surface-roughness increase

or by counting the number of pits.

Another procedure, which has recently been published by King (2) of
the National Engineering Laboratory in Glasgow, is also based on using
a soft metallic coating. Cadmium was chosen as a suitable coating for
accelerated erosion testing and a beta particle back-scatter method
for measuring the thickness of the coating. The investigators found
that the erosion rate and the coating thickness had a logarithmic re-
lationship. In the measurement of the thickness of the cadmium over-
lay they used a beta-emitting radiocactive source, strontium 90 (see
Figure G-1). The source emitted beta particles, which were scattered
back by 180 degrees. The amount of scattered particles was related

to the amount of the cadmium thickness that was left on the surface.

A great advantage of this method is that it discloses local erosion

G-1




rates; therefore, the propensity to damage at any particular point in

the flow field can be accurately ascertained.
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There 1s one other method for the determination of cavitation damage,
somewhat older than the methods mentioned above. It is based on the
measurement of noise emitted by cavitation. A great deal of work was
done in this area in the middle 1960's, when it appeared that the
measurement of noise could give a quick and direct assessment of the
damage experienced by the impeller. A 1968 paper by Pearsall and
McNulty (3), of the National Engineering Laboratory, showed that at
least gualitatively there is a relationship between erosion rate and
the amount of noise, as is shown in Figure G-2. Recent work, however,
has indicated that this measurement is perhaps misleading, because
noise is emitted whenever a cavitation bubble collapses. It is con-
ceivable that a bubble could collapse in the free stream far from the
vane surface without causing damage. It would, however, generate
noise. As a consequence, the noise measurement method for erosion
rate assessment is in doubt. A recent measurement, based not on
direct noise measurement but on the measurement of pulses of acoustic
energy situated at very high-frequency bands, has been claimed to
produce erosion rate correlations. For example, determination of
bearing failures using acoustic detection is well known. It has been
suggested that the same method could be applied to the determination
of erosion rates. This work is worthy of further study because, if
it produces useful results, it would be a valuable tool for pump manu-

facturers and users.

Other attempts have been made to correlate measured noise intensity
with cavitation damage. An approach used by Hammitt (4) is to
distinguish between bubble collapses having a large amount of energy
and those having a small amount. This results in a bubble collapse
spectrum, that is, the number of pulses versus the energy per pulse.
Recognizing that there is a threshold energy level below which no
damage will take place, it is possible to integrate this pulse count
spectrum curve and obtain an acoustic energy level that would cause
damage. Figure G-3 shows a typical pulse spectrum. Tests were made
with an ultrasonic vibratory test facility. Using this method and
comparing the acoustic power measurements against direct weight-loss
measurements, it is found that the spectrum area curve generally
follows the same trends as the weight-loss curve (see Figure G-4).
Hammitt went further to define an erosion efficiency that is obtained
by dividing the spectrum area by the weight loss. It was expected

G—-3
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that this efficiency would remain a constant, but it was found to
vary by about a factor of 5. The authors believe that this work
could be extended. If successful, this method would become a very
reliable indicator of the cavitation damage rate occurring on a pro-

totype machine.

One last method of measurement in this area is also worthy of men-
tion. 1In a paper by Siccardi (5), in Italy, it is stated that the
volume of cavitation occurring inside a pump can be determined by
measuring instantaneous fluctuations in flow between the exit and
the inlet of the pump. Presumably, the extent of cavitation will
affect these fluctuating levels and, therefore, by measuring these
levels one can estimate the volume of cavitation. However, in this
paper no attempt is made to correlate the volume of cavitation bub-
bles to the erosion rate. Perhaps this concept also is worthy of

further study.
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APPENDIX H
SUMMARY OF EXISTING BYRON JACKSON TEST FACILITIES AND INSTRUMENTATION

Test programs at Byron Jackson Los Angeles Operations are carried out
in three separate test areas, depending on the type of pump: a)
standard types and sizes, b) large vertical nuclear primary coolant
pumps, and c) large horizontal pumps. A fourth site is reserved for
Navy "quiet pump" noise tests. Additionally, there are the
Hydraulics Research Laboratory, the Mechanical Seal Laboratory, and

the Dynamics Research Test Facility.

The main hydraulic test laboratory is primarily designed for pump
testing. The capability exists, however, for providing for flowmeter
calibration as well as for testing of valves and other types of
hydraulic egquipment. It operates with an under-floor test tank of
350,000-gallon capacity and a maximum depth of 30 feet. Instrumenta-
tion is available for flows up to 150,000 gpm. Three horizontal
dynamometers are available with a maximum capability of 300-hp deliv-
ery. The accurate speed-control and torgque-measuring ability of
these dynamometers is used for pump model testing and for obtaining

three-quadrant-flow and pressure characteristics.

The nuclear primary coolant pump test area contains three permanently
installed hot loops with a maximum capability of 250,000-gpm flow at
550°F and 2,500 psig. The smallest loop is designed for 50,000 gpm.
Complete instrumentation of the loops provides for remote readout and
recording and/or control of temperature, pressure, flow, vibration,

shaft orbit, shaft position, and other critical test parameters.

A separate boiler-feed pump test bed has been provided. The driver
is the largest of its type in the woxld, a 25,000-hp variable-speed,
wound-rotor motor. With appropriate gear boxes, speeds are available
up to 6,670 rpm. The pump load is measured using a pedestal-mounted
shaft torguemeter between motor and pump. The test facility handles

flows to 32,000 gpm, pressures to 7,000 psig, and temperatures to
400°F. Smaller boiler-feed pumps are tested in the same test bay,

H=-1



with power provided by two 5,000-hp electric motors and gear boxes to
provide speeds up to 9,000 rpm.

The separate Hydraulics Research Laboratory, with its own machine
shop, is maintained for research into cavitation, NPSH requirements,
advanced fluid mechanics, etc. Three stainless steel loops are used
for flows up to 15,000 gpm. Specialized tests can be videotaped and
controlled or analyzed by an automated data-acquisition and reduction
system regulated by a Hewlett-Packard minicomputer. A 375-hp solid-
state inverter is used to supply variable frequencies, from 20 to 80

Hz, for driving standard motors at variable speed.

Shielded cable networks, allowing multichannel signal transmission,
connect the test areas to the centrally located Dynamics Research
Laboratory. Transducer signals can be monitored during a test and
simultaneously recorded on a l4-channel instrumentation tape recorder
for later analysis. The particular type of analysis utilized depends
on the research requirements and can be selected to meet the need.
Additional channels can be added and synchronized by means of a time-
code generator. Analysis 1is controlled by a DEC PDP 1l computer as

part of a spectral dynamics digital signal processor.

A wide variety of instrumentation is maintained in stock. Whatever
is not available can be rented or purchased. Following is a listing

of the parameters measured and instruments employed.

a. Vibration: Accelerometers, velocity transducers,
proximity sensors. Selection depends
on frequency requirements, effect of

mass on the structure, etc.

b. Pressure: Crystal, strain gage, and reactance.
Selection depends on fregquency res-
ponse, steady-state pressure capabi-

lities, etc.

C. Flow: Orifice, pitot tube, venturi, tur-

bine, and magnetic.



d. Position: Proximity sensor, linear variable
differential transformers, magnetic
transducers, and potentiometers.

e. Temperature: Thermocouples and resistance temper-
ature detectors (RTD).

f. Force: Strain gages, reactance-type load
cells, and similar devices using

magnetic property or field changes.

g. Frequency: Tuneable filters, and real-time or

fast Fourier transform analyzers.

h. Data Reduction: The Spectral Dynamics SD2001D comput-
er-controlled dual-channel FFT an=-
alyzer has the following significant
capabilities: a 150~KHz frequency
range, signal averaging, impact
averaging (for impact excitation of
mechanical resonances), amplitude
and phase display in a number of
formats, frequency and coherence
(an aid in identifying particular
signal generation location), and
modal analysis of structures.

The use of the PDP 11 computer allows a limitless variety of test
system controls or readouts to be programmed, depending on the re-
search regquirements. Figure H-1 shows a view of the digital signal
processor system. The type of hard-copy output that can be obtained
is illustrated by some of the analysis modes:

a. Magnitude of Vibration Versus Frequency {(Figure H-2)
The trace is typical of data obtained on boiler feed

pumps at the inboard end when using shaft proximity
probes.
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FIGURE H-1. Spectral Dynamics Model SD-2001D Digital
Signal Processor
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b. Order Tracking (Figure H-3) .

The trace is of vibration performance of an early model
test support pedestal for a torquemeter; ARl is the

solid line showing vibration at once per revolution, and
AR2 is the response at two times the operating speed.

The graph was obtained soon after installation of the
computer—-controlled analysis equipment; consequently,
detailed identification was not included. However, it
does demonstrate the capability of extracting data points
from stored spectrograms in the disk memories. This
feature is also of value in making direct comparisons of

data from separate tests.
c. Three-Dimensional Plots (Figure H-4 and H-5)

Figure H~4 shows a series of spectrograms plotted at each
of a number of operating speeds with rpm plotted on the
vertical or Y axis, frequency plotted on the horizontal
or X axis, and vibration amplitude plotted in the 7

axis (vertically). Some type of mechanical rescnance is
evident at about 504 Hz, which appears with excitation
by the seven-vane impeller frequency at a running

speed of 4,320 rpm. A three-dimensional plot of pressure
in the discharge pipe of a boiler feed pump shows a

very sharply tuned pipe at about 264 Hz excited by the
first-stage three-vane impeller. (See Figure H-5).

d. Campbell Diagram (Figures H-6 and H-7)

This representation is similar to the three-dimensional
plots described above, except that the rpm is the X,
and frequency the Y, axis. Amplitudes are represented
by vertical lines or by circles, as desired; the line
length or the circle diameter represents the signal
amplitude. The plots are for multiples of the running

speed, and each dashed line is one particular order.

Laser anemometry will be employed in future flow research because of .
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its noninvasive characteristic. The data thus developed will require .
special processing in order to assure maximum signal-to-noise ratio.
The available digital signal processing system is ideally suited to

this type of task.



APPENDIX I
COMPUTER-AIDED LITERATURE SEARCH METHODOLOGY

The computer—aided literature search for Task 4, Review of Pump

Theory, was conducted in each of the following six subject areas:

1. Hydraulics

2. Vibration in pumps

3. Cavitation

4, Two~-phase flow in pumps
5. Impeller forces

6. Flow instability

Each citation found, comprising author, title, reference, and

abstract, was included in the computer printout.

DIALOG Information Retrieval Service (Lockheed Information Systems),
3460 Hillview Avenue, Palo Alto, CA 94304, was used in the search.
For each of the subject areas, five data bases included in the DIALOG
system were searched. Their names, the time period covered by the
literature citations, the volume of abstracts searched, and the

address of the publishing agency are as follows:
File 6 NTIS, 1964 - present, 765,000 citations
National Technical Information Service

U.S. Dept. of Commerce, Springfield, VA

File 8 COMPENDEX, January 1970 - present, 817,000 citations
Engineering Index, Inc., New York, NY

File 14 ISMEC, 1973 - present, 98,000 citations
Xerox University Microfilms, Ann Arbor, MI

File 96 BHRA Fluid Engineering, 1974 - present, 33,000 citations



British Hydromechanics Research Association, Cranfield,
Bedford MK43 OAJ, UK

Search of any of the data bases requires devising an appropriate key-
word search strategy. Then title and complete abstract are searched
for the keywords and phrases. When found, the citation is included
in the computer-listed output. As an example, the keyword strategy
for category 5, Impeller Forces, was as follows:

1. Impeller 3. Radial 8. Force
2, Pump 4, Axial 9. Thrust
5. Static 10. Excitation
6. Dynamic 11. Vibration
7. Fluid
Search strategy: (1 or 2)

and (3 or 4 or 5 or 6 or 7)

and (8 or 9 or 10 or 11)

In addition to the six subject areas reported in detail in this
chapter, literature reviews were also done on instrumentation, pump
systems, thrust-balancing devices, and pressure-breakdown devices.
Discussions of instrumentation are integrated into Section 3 and
Section 6 of this report. The literature reviewed covering pump
systems contained no information of value. The best information on
thrust-balancing devices was found in EPRI reports by Makay and
Adams. The most relevant literature on pressure-breakdown devices
relates to their effects on rotordynamics and is reviewed in

Appendix K, "Vibration in Pumps."

I-2



APPENDIX J
HYDRAULICS

1.0 INTRODUCTION

A centrifugal pump may be considered to be a combination of three
parts: a stationary inlet device, a rotating component or impeller,
and the stationary diffusing and collecting device. The flows in
these three parts are interdependent, and a correct flow analysis
should take this into account. However, a theory that encompasses
the combined effects of these three components on a real fluid stream
flowing through a pump is not yet available. The present inability
to model the interaction between the components has thwarted the
prediction of performance. Thus, further research in this general
area is needed, specifieally, to improve upon the theory that
describes the real fluid stream flowing through a pump.

1.1 Flow in Pumps

In existing theoretical methods it is generally assumed that the
flow in one of the three component parts of the pump can be analyzed
with sufficient accuracy, neglecting the influence of the other two.

The basic design relationship of all turbomachines is very simple.
It is a form of Newton's law of motion applied to a fluid tra-
versing a rotor, in particular, an impeller. Analysis of the flow
in an impeller has occupied the attention of engineers and research-
ers for the last several years. In the calculation of flow in im-
pellers it is often assumed that the flow is inviscid, irrotational,
and steady. In many cases, it is also assumed to be two dimensional
(2-D) (1-7). As a result of these assumptions it becomes possible
to use the methods of potential flow theory. However, potential
flow theory has shown very limited agreement with experimental

results.



Busemans (8), Sorensen (9), Uchimaru (10), and Acosta (1) used the .
method of conformal transformation for analysis of flow through cen-
trifugal pump impellers fitted with thin logarithmic spiral blades.

In order to obtain the distribution of the flow components, confor-
mal mapping was employed. This transformed the given physical plan
into one on which the c¢ircular system of blades was mapped into a unit
circle. Acosta (1) applied this method for calculation of the pres-
sure distribution along the blade surfaces. The calculations were
compared with experimental results and showed insufficient agreement.
A number of subsequent theories have extended the earlier analysis to
include thick blades (11, 12), flow in a centrifugal impeller

(13-20), and several related topics (21-57).

The basic differences between the potential theory described above
and the experimental results are attributed to the effects of inlet
turn, viscous effects in the fluid, and the occurrence of stall.
These methods are important because they form the basis for more
advanced techniques. However, when used by khemselves they do not
match the experimental results very well, as shown by Acosta (1).
This lack of agreement is one of the major reasons why a one-dimen-
sional (1-D) theory, with various correction factors, 1s currently
used to design impellers at the best efficiency regime.

1.2 2Advanced Numerical Methods

Since the advent of computers, a large number of computer-based cal-
culation methods have become available. The computation methods in-
clude finite element methods (58, 59), singularity methods (60, 61),
and quasi-three-dimensional (3-D) methods (62, 63, 64). These
methods give good results, restricted only by the assumptions of cir-
cumferential symmetry of the flow field in front of and after the
impeller and steady relative velocity field within the impeller.

Some methods include corrections for viscosity effects (65, 66) and

even explicit recognition of flow separation (67, 68, 69).

In the 25th Annual International Gas Turbine Conference held at New
Orleans, Louisiana, in March 1980, many of these computations, i.e.,
2-D and 3-D methods, were compared with a standard set of test data ‘



furnished by the researchers of Hosei University (70) in Tokyo,

Japan. The computation procedures included finite element, singulari-
ty, and quasi-three~dimensional methods. The 2-D methods predicted
performance of the pump just as well as the 3D methods as long as

the flow in the impeller was not separated. The inclusion of wviscous
effects did not improve the calculation accuracy of either method.
However, when considering the case of an impeller in which the flow
field was separated, neither the 2-D nor the 3-D method predicted

the performance of the impeller very well.

When separation was taken into account, a 2~D method showed good
accuracy. The limitation of the separation method (71) is that it
can predict the velocity field only after the location of separation
on the impeller is assumed. The flow separation method (71), there-
fore, is not predictive at all. Thus we can conclude that for non-
separated flow excellent methods are available because the as-
sumption of axisymmetric flow in front of and after the impeller and

steady relative flow inside the impeller is wvalid.

1.3 Off-Design Conditions in Pumps

It is instructive to consider the physical phenomena that are nor-
mally observed when a pump operates at off-design conditions. These
physical phenomena are:

a. The flow field behind the impeller becoming nonaxially
symmetric
b. The appearance of reverse flow at the eye of the impeller

(see Figure J-1)

C. The appearance of recirculation at the discharge between
the impeller and the casing (see Figure J-1)
The first condition listed has been recognized and verified in many
publications (72). For example, as shown in Figure J-2 the static
pressure distribution around a volute casing at low flow is
nonuniform. This condition can exist only if the static pressure
around the impeller is also nonuniform.

The impeller pumps against a certain head and, if the head is high,



IITTT T




45

; Ecx. (987
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the flow is low in typical centrifugal machines. Therefore, as an
impeller passage rotateg within the casing, the impeller passage
experiences different static pressures, and it will have to pump
different flows as it goes around the periphery. This suggests that
the relative flow field within the impeller is unsteady. Recent
work by Lorett indicates that some of these effects can be predicted.

The method developed by Lorett (73) is that of a step-by-step calcu-
lation of pressure, momentum, mixing losses, and flow rate. It does
not attempt to predict the head-flow characteristic of a pump but
rather the interaction of the casing and the impeller. By ingeniously
using the known head-flow characteristic of the pump, it predicts
the flow rate variation around the periphery. Because several ini-
tial conditions have to be assumed for the first segment of inflow,
their validity is verified by the closing condition. Their wvalues
must be adjusted by iteration until a solution compatible with the
last segment of flow is found. The calculated results have been
compared against several sets of test data. Figure J-3 shows a
comparison with the test data of Iversen et al. (74) for the
variation of static pressure around the periphery and for the radial
thrust load. It can be seen that a very good comparison with the
test data is obtained. Several theories have been proposed to ex-
plain recirculation at the impeller eye. One of the best works in
this area is that by Dr. Ferrxini (75), in Italy. He and his asso-
ciates have produced several methods of calculation as well as actual
experimental data on the phenomena of the recirculation at the
impeller eye. In Ferrini's hypothesis the occurrence of reverse
flow is related to the occurrence of separation at the vane surface.
Specifically, as the flow rate reduces, the point is reached at
which the flow at the blade surface will start undergoing separation.
As the flow rate is reduced still further the separation becomes
larger, and at some point the loss is so high that it is impossible
for the flow to propagate in the normal direction. Figure J-4 shows
inlet velocity triangles for different flow rates. Figure J-4c shows
the point of separation and Figure J-4e shows the limiting flow rate
below which inlet recirculation will appear. This implies that,

as the impeller rotates, the flow in the regions of high pressure

in the casing will actually be reversing from the casing into the
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suction, i.e., the flow will be casing driven. At this point, the
velocity field at suction will not be governed merely by the flow
rate and the area but also by the negative flow driven from the
casing. It is interesting to note that separation is actually fixed
in space, because the separation will be determined by the point at
which the highest static pressure is reached around the casing. As
far as the impeller is concerned, this separation is moving backwards
but at the same speed as the impeller rotation. If this hypothesis
is correct, the prediction of reverse flow will be connected with
the prediction of onset of separation in the various stream surfaces
that constitute the impeller. This work has been continued, and a
paper by B. Schiavello (76) attempts to calculate the separation
point by including the effects of blade loading and of variation

of slip factor as a function of flow rate. A further extension of
this work may lead to a better predictive method for the onset of

recirculation at the impeller eye.

The third observation is discharge recirculation. In a standard
test setup, if a total pressure probe is used between the impeller
and the casing, one would find that the flow begins to have
negative components of radial velocity at some flow rate. If the
impeller is a mixed-flow impeller, having different tip diameters
at the hub and the shroud stream surfaces, it is clear that such a
discharge recirculation must appear. The theoretical derivation of
this concept was made in an early paper by Yedidiah (19). However,
whether the same concept can be applied to the appearance of reverse
flow for straight radial impellers is more difficult to answer. It
appears that the presence of nonaxial symmetry in the casing can at
times induce negative velocities. The calculation made by Lorett
(73) shows this effect when the flow rate was reduced to low values.
(Figure J-5.)

1.4 Byron Jackson/EPRI/MIT Literature Review

Following are short commentaries on several of the papers referenced

in this section.
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Reference 15:

Five impellers were tested and the slip factors were correlated.

The unusual and useful aspect of this work is that the slip factors
were found over a wide range of flow coefficients, from zero flow to
well past the design point.

In our M.I.T. pump work we had been looking in vain for such
correlations and measured the flow deviations ourselves. Then Noor-
bakhsh brought us his work. We found to our pleasure that the de-
viation predicted by correlation of the pump with the nearest

design specifications with our pump gave the same curve, within the
limits of accuracy expected, and stopped our work forthwith. Only
within the last year have we had reason to use other impeller
correlations, and we found unexplainable inconsistencies. We re-
sumed our deviation measurements. Therefore, unless these incon-
sistencies can be explained, these correlations should be regarded

as only very approximate.
Reference 24:

This paper endeavors to probe experimentally the influence of radial
clearance between the impeller and the casing by altering the length
and the angle of the tongue. The pump tested was a single~-stage,
single-suction, horizontal-shaft, radial-flow centrifugal pump. No
other data about the hydraulics of the impeller or the volute casing

are given.

From the test results, shown graphically, the authors observe that, as
the tongue is shortened, the head developed by the pump increases at
lower flow and falls at higher flow, and the best efficiency point
shifts from higher flows for longer tongues to lower flows as the
tongue length is reduced. As the tongue position is widened, the

same results as from shortening the tongue are observed.

It is easy to imagine the effect of widening the angle or position
of the tongue. That is, as the discharge flow increases, the absolute
exit angle from the impeller becomes steeper. Therefore, with a



widened tongue position (flatter angle), the effect would be to peak

at a flatter angle. That would mean a lower discharge flow rate or,

more precisely, an increase in incidence losses with higher discharge
flow rate.

The effect of shortening the tongue is speculative at best. On the
assumption that the tongue angle flattens as the length is shortened,
the same effect will be observed by widening the tongue position.

Reference 30:

The vaned diffusers were designed by conformal transformation. The
results were unfavorable, worse than for a vaneless design, until
"it was noticed"” that a zero-deflection cascade was better than one
with a positive deflection. The investigators decided to go further
and to design a vaned-diffuser cascade with negative deflection and
did, in fact, obtain a small improvement over the vaneless case.

The approacn does not seem to be presently useful for design.

The following paper (reference 50) in the same volume is related.

Reference 50 (pp. 1121-~-1132):

A statement was made that vanes in the return channel between pump
stages had more effect on the efficiency than did vanes in the dif-
fuser. This statement gains meaning once the previously reviewed
work has been looked at. The study seemed essentially a "try and
test" investigation. The comments made seemed somewhat naive, and

there was no attempt to produce correlations of use to pump designers.

Reference 76:

In this paper a very significant concept is put forward in volute-
impeller interaction. Tt was subsequently verified by known

test data of other studies on volute-impeller interaction and by

a test conducted by the author himself. The most significant
concept illustrated is that on an H-Q curve the intersection of the

J-12



"volute characteristic" (increasing with flow) and the "impeller
characteristic” (decreasing with flow) defines the operating
condition of the pump. Although based on an ideal fluid, this paper
demonstrates from other published experiments the acceptable
accuracy of the method.

The author tested two volutes designated as volutes A and B. Volute
A had a wide rectangular area at the volute throat with the cutwater
fully cut back. Volute B had a trapezoidal area at the volute throat
with the smaller width closely fitting around the impeller outlet.

From the test results the author surmised that a wide volute throat
has both constructional and hydraulic advantage in comparison to
volute cross sections that narrow down to fit the impeller outlet
closely. The cutwater for volute B was cut back in stages, a pro-
cedure that resulted in a broad, crested efficiency and a best

efficiency point at higher flow rate as the cutback increased.

The author alsoc made a study of the effects of skin friction and
found them to have secondary effects with regard to the hydraulic
losses incurred in the volute flow. The information contained in
this paper should prove useful to those interested in volute~impeller
interaction as well as to those concerned with improving centrifugal

impellers in volute casing performance.

Reference 77:

This is another of many computer methods of estimating the flow
through the blading of turbomachines. It iterates on the blade-to-
blade and the hub-to-shrodd solutions until a satisfactory conver-
gence is achieved. It treats the boundary layers as blockages that
produce mixing losses at rotor exit and finds a tip clearance flow
that feeds into boundary layers.

Certain arguments were rather casually treated, e.g., the uncritical
use of Constant's rule for deviation, which would probably not be

accurate for radial-flow machines, and then the use of a slip factor
which, if it means what it usually does, is another way of defining
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the deviation. Many symbols are undefined, e.g., the units for the ‘
specific speed and the conditions for many of the steps are not given

(i.e., inviscid, isentropic, and so forth). The material is presented

as if to a friendly gathering of old colleagues (e.g., "In the usual

formulation, the left~hand side of the principal equation is . . . .,
which is hardly helpful nor precise).

It would be good to know the influence coefficients for the many
choices of empirical parameters. The examples are for a gentle
swan-neck bend, a mixed-flow pump, and a high-specific-speed radial-~
flow pump, and the output is a set of streamlines and velocities
that is compared with the output from two much simpler approaches.

Before this method could be recommended over others for pump design,
favorable comparisons of predicted and measured velocities and losses

would be required.
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APPENDIX K
VIBRATION IN PUMPS

1.0 INTRODUCTION

An increasing demand for greater reliability of high-speed rotat-

ing machinery and the introduction of specified vibration limits have
created renewed interest in the development of techniques to
anticipate vibration problems and methods to alleviate them. In the
rotor dynamics area there are several types of analyses to be con-
sidered: critical speeds, instability thresholds, and synchronous

and nonsynchronous forced response., Generally, the calculation
procedures for these analyses are well founded, and the pertinent
literature is fairly substantial (1-25). However, the methods for
determining the parameters necessary for the calculation methods have
not been well established. Substantial effort for determining these
parameters 1s ongoing in Byron Jackson, Borg-Warner, and other test

facilities.

1.1 Critical Speeds

Normally pumps operate under "wet" conditions, and critical speeds
are not a major problem because hydrodynamic and hydrostatic forces
act upon the pump rotor and alter its characteristic response to
excitation. These forces are created in annular clearance spaces,
such as wear rings, throttle bushings, and balance drums. When the
shaft is laterally displaced, the flow of fluid along the clearance
space gives rise to an axially nonsymmetric pressure distribution
around the periphery. This distribution produces a force that
opposes the shaft lateral motion. Thus, the clearance space behaves
like a spring having a significant stiffness. Further, the fluid
also produces restoring forces that are functions of the velocity
and acceleration of the shaft. Most of these effects tend pre-
dominantly to raise the critical speed and to promote stability.
However, there are some cross~coupling forces, which can cause

destabilizing effects.




1.2 Theory

A number of papers (26-33) provide a basis for calculating the
pressures and forces within annular clearances. Lomakin (34, 35)
seems to be the first to present a calculation procedure for the
hydrostatic restoring force for turbulent axial flow in an annular
clearance, However, his method neglects shaft rotation and lateral

velocity and, therefore, does not include damping.

The dynamic force coefficients of the shaft in the annular clear-

ance are given as:

- 1T - 1 r T -1 T T
F K K [k C C M M X
X ®X XY XX XY XX XY
= + + (1)
F K K Y C C Y M M Y
Yp Lyx vy ] LY YY i | YX Yy i

Black (36, 37, 54, also see bibliography) developed a procedure for
calculating the dynamic forxce coefficients for small rotary and
lateral motion of the shaft and proposed it to be:

Fx K k x C C b4 m 0 X

= + + (2)
Fy -k K vy cC C Yy o m y
S J L4 L i L4 L _ -

He conducted several experiments on annular clearances that provided
comparison between theoretical and experimental results. Moreover,
he showed the effects of annular clearances on pump critical speeds,
forced response, and stability (36, 37).

Incorporating all of the earlier developments by Black and Jenssen
(36), Childs (38, 39) employed a small eccentricity perturbation
solution to Hirs' (40, 41) equations. He also incorporated the
effects of inlet swirl velocity. It is demonstrated that swirl
reduces the cross-coupled dynamic stiffness coefficients, while
slightly increasing direct stiffness and damping. This implies
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that the capacity of these clearance spaces for promoting dynamic
instability is increased. It is also observed that the fluid inertia
terms that are normally neglected in the Reynolds equation approach
(Black) are shown to be essential for the correct prediction of
cross—-coupled stiffness and direct damping terms.

An analysis of long fluid annuli, neglecting axial leakage, was made
by Fritz (42-44). 1In the theoretical development he employed
friction factors, based on vortex or turbulent flows, and derived .
stiffness, damping, and inertia coefficients in a rotating coordinate
system for small shaft motion about the center. Fritz (ii) compared
the critical speeds of a test rotor with a long annular fluid

clearance to theoretical values and found generally good correlation.

Recent theoretical and experimental work by Gopalakrishnan confirms
the findings of Black (36, 37). The report (45) provides a
simplified method for calculating the "wet"” critical speed of pumps.
The calculations were verified in a suitable test arrangement, which
consists of disk supported between two wear rings. The rotor is
driven at a variable speed up to 6,000 rpm and vibrations of the
shaft are measured near the disk. The pressure difference across the
wear rings is controlled independently of the speed using a separate
booster pump. With this arrangement the pump critical speed is
directly measured by observing the rpm at which vibration amplitude
peaks. Various types of wear ring geometries and clearances were
tested, and good correspondence was observed between measurements

and calculations.

1.3 Experimental Work on Rotor Dynamics

Adams and Makay (46) and Childs (6, 38, 39, 47, 48, 49) are currently
continuing experiments to gather more data to support any conclusions

about the adequacy of the theory presented above.

The flow associated with the impeller/diffuser is considerably
different from that in annular clearances. Tlhere have been obser-
vations that, due to a nonaxisymmetric flow in an impeller/diffuser
interaction, steady and unsteady lateral forces arise. The un-
steady forces and the role they might play in rotordynamics have
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not been adequately determined. Brennen, Acosta, et al. (50) are .
presently conducting an experiment to measure these forces and

determine their role in rotor dynamics.

1.4 Miscellaneous

Several mechanisms have been observed to contribute to rotor in-
stabilities for single~shaft systems. However, there is no liter-
ature that takes into account the changes in dynamic behavior of
the machines after installation. The elements that may influence
rotor stability after installation are foundation stiffnesses,
mechanical resonances of certain structural parts, and abnormal

operating conditions in the plant.

Recent work done by Medearis, supported by EPRI, addresses the
influence of other equipment or structures on the vibration per-
formance of auxiliary fans in power plants. In this report (51)

a total vibratory system, including supporting soil, foundation,
pedestals, fan rotor, housing, motor, etc., was included in the
system model. A digital computer program was developed to aid in
performing the dynamic response analysis of such systems. The
response of several existing installations was determined, and good
agreement was obtained between theoretical results and experimental
measurements. Such analysis can clearly demonstrate why the
vibration in a particular installation may be high in spite of

the fact that the calculated critical speeds and stability analysis
for the pump are within acceptable limits. For example, inter-
action mode shapes of a rotor vibratory system are shown in

Figure K-1. The effect on the system of two different conditions
alters its response. Therefore, all components that may interact
with the pump at the installation ought to be analyzed so that
effective control of these vibrations, either at their source or by
vibration energy removal, can be developed and a basis for their

optimization established.

Another area of interest within the field of pump vibrations is

the existence of high-intensity pulsation problems in pump piping

systems. Such pulsations have been observed at frequencies that .
are typically harmonically related to the pump operating speed.
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Very often the frequency could be the same as the blade-passing ‘
frequency. In some installations the frequency could be a small
fraction of the operating speed. A typical example is the ap-
pearance of pressure pulsations in the discharge pipe at the vane-
passing frequency. The existence of reinforced longitudinal waves
can be attributed to the rescnant length of the piping. In more
complex instances, as has been demonstrated by Sparks and Wachel (52),
the pump can actively take part in this phenomenon by influencing

the acoustic response, and it can also serve as an amplifying

element. Corely (53) demonstrated that strong vibrations were
experienced when the inlet and discharge piping had abrupt
transitions. Apparently some low-level vortices were generated at
the piping discontinuities. These problems were solved by using a

long, smoothly reducing cross section for piping. (See Figure K=2.)

It is likely that in most boiler feed applications these effects
are either nonexistent or, if they occur, can be easily remedied.
However, this area of investigation should not be dismissed without

further study.

1.5 Byron Jackson/EPRI/M.I.T. Literature Review

Following are short commentaries on three of the papers referenced

in this section:
Reference 31 (Vol. 5, No. 20, pp. 642-651):

This paper gives experimental measurements of the pressure drop of
water flowing between two coaxial c¢ylinders when the inner cylinder
rotates. The friction factors dexrived in this paper are the basis
for most of the studies of flow similar to that in wear rings. This
work has been extended to other applications, notably by Black and
Childs.

Reference 39:
This paper presents the results of a series of tests on the dynamic

performance of high-pressure annular series. It describes the test .

rig, testing procedures, and the measured values of all dynamic
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force coefficients. The authors compare measured values and
theoretical values for different boundary conditions. Future
tests are discussed and are necessary to support any conclusions

about the adequacy of the theory.
Reference 54:

This is one of the earlier papers developed by the authors to
calculate the dynamic¢ properties of annular clearances, particularly
plain seals. Theoretical results are summarized and compared to
measured results. Effects of laminar, turbulent, and transition

flow regimes are examined; their effects on stiffness are
demonstrated both theoretically and experimentally. Subsequent
advancements by the authors and other notable researchers are ongoing
because of their implications for the prediction of lateral
vibrations and stability of centrifugal pump rotors.
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APPENDIX L
CAVITATION

1.0 INTRODUCTION

Cavitation can affect overall pump performance and reliability in
many ways. It can cause prohibitive noise or vibration. Perhaps
most importantly, cavitation can produce rapid and large-scale
erosion. Because of its destructive effects, both designers and
users have employed various test techniques and basic research to
determine the cavitation characteristics of centrifugal pumps.
Despite this effort, progress in coping with the problems it creates
has been slow.

1.1 Definition of Cavitation Limits

For proper interpretation, it is necessary to define the cavitation
conditions that exist at various cavitation levels. (See

Figure L-1.)

Incipient Cavitation: At the earliest stages, cavitation is detected

as bubbles that begin to form on the impeller wvane surface.

Cavitation Damage: As the suction pressure is reduced below that re-

quired for cavitation inception, the bubbles grow in size and number.
As the bubbles move downstream with the liquid, they enter regions

of higher pressure where the bubbles collapse. If this collapse takes
place on or near the surface of the vane, it is likely to cause dam-
age on the material surface due to the high-velocity-~liquid impact
that results from the imploding bubbles. The detailed mechanisms

by which collapsing cavitation bubbles cause surface damage are not

well understood.

Cavitation - Break-0ff: As the suction pressure 1s further reduced,

the bubbles grow so large in size and number tnat much of the hydraul-

ic area in front of or within the impeller is blocked off. Conse-
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quently the pump ceases to act as a pump and the head drops off.
1.2 Theory

The problem of cavitation combines complex material, chemical, and
hydrodynamic relationships. Nonetheless, empirical predictions as
to how and when the onset of cavitation may occur are available.
Predictions as to its effects are more difficult. Although cavita-
tion research has produced superb scientific studies in bubble
dynamics (1), incipient cavitation (2-4), cavity mechanics, noise,
and material erosion resistance (5-14), and ways to alleviate

cavitation (15-23), there is still much uncertainty.

The standard procedure for calculating incipient cavitation is to
apply a method by which detailed static pressure distribution on the
vane surface can be computed. This method can take the form of sin-
gularity procedure like that of Martensen (24), which was later
reduced to a computer program by Jacob (25, 26). Calculation of
inception in this method is very straightforward and to a certain
extent simplistic, because the method does not include the effects

of thermodynamic nonequilibrium and various scale effects.

Over the years, a great deal of research has been done with regard
to cavitation inception. Despite much research there is still
uncertainty, in a number of areas, e.g., interaction of scale
effects, different liquids, and hydrodynamics. There are so many
combinations of scale effects, liquid condition, and flow regime
that it is obviously difficult, or perhaps impossible, to provide a
comprehensive theory for prediction of cavitation inception.
However, if the calculations are applied within fairly narrow
limits, it is believed that good results can be obtained even with
the most simplistic theory. For example, Figure IL-2 shows the
calculated inception point versus the measured inception for a
standard mixed-flow pump. It can be seen that the prediction is
quite good as far as the levels are concerned. The point at which
the minimum predicted inception occurs is slightly different.
However, from a practical point of view in the boiler feed pump
industry, this kind of prediction accuracy would be more than

satisfactory.
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Although designers and users must be concerned with the problem of
incipient cavitation to know when and where it first appears, it is
more important to understand the cavitation regime, during which
serious erosion, vibration, and deterioration of hydraulic perform-
ance may occur. Prediction of the onset and extent of cavitation
erosion has been attempted using theoretical and experimental tech-
niques. A comprehensive study of existing literature can be found

in the papers written by Thiruvengadam (27, 28). One of the classi-
cal results of this study is the erosion equation that can be written

as follows:

2.67

(80) exp|- ot

w
ola

In this equation:

I = erosion intensity

p = fluid density

VO= flow velocity

0 = cavitation number

§ = relative nuclei size

Ac = degree of cavitation in proximity to cavitation incep-

tion
W = Weber number : 1/2 p V02 § /vy
2 = typical length scale
Y = surface tension



By suitable manipulation of the above equation, one can deduce that .

the primary parameters involved in cavitation damage are the

following:
a. Degree of cavitation
b. The mean cavitation number, i.e., the general pressure
level at which implosions are taking place
c. Velocity
d. The length scale

We may also identify a few secondary parameters:

Surface tension
Fluid density
Nuclei size

. Fluid temperature

o' +h D

Evidently the damage resistance of the material itself is very
important. The damage rate varies with some of the parameters
mentioned above. It will increase as the amount of cavitation in-
creases, as can be seen from standard figures that show damage rate
as a function of NPSH. Figure I~3 indicates that, as the NPSH is re-
duced, the cavitation damage rate begins to increase at a certain
point. It reaches a maximum at an NPSH just slightly higher than
that at break-off. Beyond this point the damage rate decreases. A
qualitative explanation of this phenomenon can be provided: Once
large bubbles are formed, there is a cushioning effect of the
shocks experienced by the body; as a consequence, when there is a

very large number of bubbles the damage rate tends to decrease.

The effect of the mean cavitation number, however, is not well
known. It is clear that pump manufacturers generally provide a
greater safety margin when the pump suction pressure is high. That
is typical of boiler feed pumps using booster pumps to provide high
levels of NPSH at the first stage of the main boiler feed pump.

The effect of velocity on the damage rate has also been researched
widely. Several references can be found that demonstrate that the
damage rate increases at some high exponent of the velocity. The
typical number used is 6, originally used by Knapp (29) at California
Institute of Technology. The wvelocity exponent of 6 can also be

deduced from the previously mentioned equation of Thiruvengadam. ‘
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The effect of length on cavitation damage has also been widely
observed, but there appears to be no standard way to describe it. ‘
For example, the result of Thiruvengadam shows that the rate of dam-

age might simply be proportional to the size of the model. However,

very recent work reported by Rao and Rao (gg) indicates that the

damage rate could increase much faster than the size of the cavi-

tation model. For example, in aluminum they found that the exponent

of this rate of increase could be as high as 15. If that is true,

the prediction of the damage rate in a full-scale prototype could

not easily be made from measured observation (31-34) or from measure-

ments made in a small-scale model. This area reguires further study.

There have been no concerted efforts to elucidate the secondary
parameters. It is conceivable that their effects are small and not

of major concern to the current project.

Historically, the cavitation break-off point has been considered of
paramount importance in pump specification. Recently it was realized
that operation without break-off does not by itself guarantee safety
from damage. Consequently, even though the prediction of the break-
off point is important as a lower limit of NPSH, it is not an
adequate value from the standpoint of reliability. It is imperative
that a better method be devised to assess the suitable operating
value. As a consequence of the lack of information on cavitation
damage, various factors have been suggested. For example, a

paper by Grist (35) suggests that a factor of 3 to 8 over and above
the 3% head drop-off NPSH must be allowed in normal practice. This
may be satisfactory in some instances but, as with all empirical
formulas, there is the likelihood of either an excess or a deficiency
of conservatism with the same type of numbers. However, there is

one advantage in using empirical factors. They are easy to apply

at both the specification and witness testing stages. Also, the
point at which the break-off occurs is easily measured in a test
setup. Data are available for many pumps in most manufacturing

locations.



1.3 Byron Jackson/EPRI/M.I.T. Literature Review

Following are short commentaries on papers referenced in this

section.

Reference 6:

The authors recommend a method of cavitation~damage detection that
involves the combination of noise-band analysis and detection of
pressure fluctuations in discharge pressure. These fluctuations
would be a function of the compliance and/or compressibility of the
fluid and would, therefore, indicate the extent of cavitation
bubbles, whereas noise alone would merely indicate presence of

collapsing bubbles.

Some experimental data are quoted to substantiate this hypothesis.

Reference 36:

This work was carried out on a screw-type inducer alone. The
authors believed that the presence of the usual centrifugal impeller
downstream made coverage of the desired experimental conditions
difficult.

What seems to be extremely good agreement between prediction and
experiment was obtained for the overall cavitation performance and

for velocity, angle, and energy profiles.

The inducer was of a two~bladed design, using an NACA profile,
with strongly swept back leading and trailing edges. The photograph
showed what looked like a very rough casting that had been varnished

or otherwise coated.

The analysis used an extension of Paul Cooper's modification of

John Stanitz's streamline-curvature method. An equilibrium model of
bubble formation was used, so that incompressible single~phase

flow was assumed in regions above the vapor pressure and a homo-
geneous, constant-density, compressible two-phase mixture below the

vapor pressure. All the secondary-flow and tip-clearance losses
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were lumped into a secondary-flow loss coefficient proportional .

(through a factor k) to the square of the 1lift coefficient (Stanitz
and Prian). The value of k that gave best agreement was found to
be 0.004, above Vavra's recommendation of 0.014-0.018. This seems

to be the only adjustable constant in the prediction method.

The agreement shown is better than one has seen for any other stream-

line~curvature predictions, even without cavitation.
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APPENDIX M
TWO~-PHASE FLOW IN PUMPS

1.0 INTRODUCTION

The reduced performance of pumps caused by inducing gas or vapor
along with liquid in the pump suction appears to be best correlated
by a head-loss function at inlet, which varies with the pump flow
coefficient.

1.1 Definition

A pump can be considered to be operating in two-phase flow when
the percentage of vapor or gas in the inlet flow stream (this is

a "flow" void fraction, to distinguish it from an "area" void
fraction) is between 5 and 95 percent. All known work correlating
two-phase flow in pumps has been for conditions in which the
pressure rise through the pump is small relative to the inlet
pressure. In these conditions the change in the void fraction

from inlet to outlet has been small.
1.2 The Problem

Up to the present time fhe problem has been to correlate, and hence
to predict, the head rise that a specified pump will produce when
operating at a given flow coefficient with a given inlet flow
stream of ligquid and vapor (or gas). This implies operation in the
first quadrant. For pressurized-water nuclear-reactor systems, the
head or pressure loss experienced in the second and third quadrants
(reversed flow, forward rotation, and reversed flow, reversed

rotation) is also required.

Although the forces and torques on the pump rotor and the overall
system during operation on two-phase flow are also of considerable
interest, these do not appear to have been the subject of research

in the true sense.




1.3 Past Work

The first quantitative study of two~phase flow in centrifugal
pumps fulfilling the above definition seems to have been carried
out by Murakami et al. in Japan for only a small range of void
fractions (well below 10 percent). Later, air-water and steam-
water experiments were carried out in the semiscale rig at Idaho
Falls and in the one-third scale tests by Babcock & Wilcox.

Smaller-scale rigs were later run at Creare, Inc., and at M.I.T.

In almost all cases, correlations were produced to cover the two-
phase test points observed. However, these correlations did not
generally cover additional test points. EPRI gave a contract to
M.I.T. to develop an improved correlation of two-phase flow in

pumps.

The M.I.T. approach is based on the Euler equation applied to two
parallel streams (which, for homogeneous two-phase flow, become one
stream of mean density). The model shows that head losses should
be a function only of flow coefficient and void fraction for any
one pump. This was, in fact, Murakami's finding. Experiments with
four pump rigs, in air-water and Freon-Freon vapor, confirmed this
result for a much wider set of conditions than was studied by
Murakami and for all four guadrants of operation. Some recent work
has programmed both head loss and torque for Los Alamos Scientific

Laboratory.

EPRI also contracted with Combustion Engineering to run water-
steam experiments in steady-state and transient flows in three
quadrants of operation, including rotor-torgue measurements. The
large quantity of data from these experiments has only recently
become available, and it is not believed that they have been

fully correlated as yet. See Figure M-1.

1.4 Byron Jackson/EPRI/M.I.T. Literature Review

Following are short commentaries on papers examined for the literature

review. See reference list.
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Reference 1:

This paper is a report of experiments the results of which are
presented directly, without much attempt at correlations to other
results. Dimensionless groups are not used. To be useful,
therefore, results would have to be replotted.

The second reference listed by the paper is to a work by Lyapkov
(apparently Russian) on air-water flow in centrifugal pumps, but
it appears from the title to be purely an observational study.

Reference 2:

This is a discussion of how losses in couplings, drives, and test

pumps are calculated (in acceptance tests).
Reference 3:

This paper reports tests of a model pump with a swivelling tongue
on the spiral diffuser. The tongue could be set at different
angles. It could also be removed and other tongues substituted.

In the first series of tests the highest efficiency was obtained
with the tongue moved close to the impeller. When shorter tongues
were substituted, the highest and broadest efficiencies were
obtained with the shortest tongues, meaning that they were far

from the impeller.

Torques on the tongue axis were measured. The author found that
maximum efficiency occurred at zero torque. He therefore pro-
posed an automatic control system for pumps in which the position
of the tongues could be varied with operating point.

Three references were quoted, all Polish work. The reviewer assumes
that many similar test programs have been carried out previously.

It is assumed that the relationship between the net thrust on the
tongue and the efficiency would depend critically on where the

tongue axis was located.




Reference 4:

This paper, as written, is not of much value to designers. It is
essentially a set of results, with comments, on tests of two
pumps that were run with water with air added; in one case the
pump was run with oil with air added. Unfortunately, the results
are given in that form, making comparisons with other results
difficult. No nondimensional plots or attempts at correlations

are made.

Reference 5:

This paper mainly concerns the thermodynamics and fluid mechanics
of two-phase flow in axial and centrifugal pumps and their inlet
pipes. Some pump performance data are given, and there are some

small cross sections of the pumps that were tested.

In general, these pumps were developed for conditions of very low net
positive suction pressure and were fitted with large, separate screw-

type inducers, usually running at a lower speed than the main pump.

The principal design information can be taken from the "conclusions”

paragraph:

"The basic limit to pumping two-phase hydrogen occurs when the com-
bined effects of high-flow-coefficient operation and blade blockage
cause the flow area within the inducer blade passage to be less than
the inlet flow area. When this occurs, both two-phase and pure
saturated liquid flows will choke. At design liquid flow coefficient,
allowable pump inlet vapor-volume fractions of 10% have been obtained
experimentally. By designing at the maximum leading-edge incidence
angle that will permit two-phase pumping, this wvalue can be doubled
and, by also using a low-speed preinducer, this value can be

increased nearly three times."

Reference 6:

This article is not very useful for design, because it concerns the

test of a pump designed elsewhere. However, the tests showed that
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the pump operated satisfactorily with zero net positive suction .
pressure, had good transient response, and seemed to have a wide

range of stable operation. This conclusion is drawn scolely from the

plotted test results; nothing was written about flow oscillations or

instabilities.

The pump consists of a centrifugal pump and a normal axial-flow
inducer as one unit (which had already been tested and showed poor
cavitation performance), and a low-speed, large, screw-type inducer
ahead of the integral inducer, driven at a slower speed through a
coaxial shaft. There is almost nothing about the pump design given
in the paper, and the five references also do not refer to the design

methods.
Reference 7:

This pump has a separate screw-type inducer and, therefore, may not
be of interest for boiler~feed pumps. The principal finding seemed
to be that the angle of attack of the inducers "decisively determines
the cavitation performance."” The authors carried out two main
experiments. The inducer in the second pump was designed from the
results of the preliminary experiment and gave good suction
performance. Low-flow oscillations were experienced, and radial and

axial thrusts were measured.
Reference 8:

This is a useful study of two-phase (air-water) flow in three
centrifugal pumps, similar except for the number of blades (3, 5, 7).
The authors quote an earlier study (1971, not yet seen by this
reviewer) in which the performance curves are characterized by
volumetric void-fraction flow rate and flow coefficient alone, and
are not affected by pump speeds, suction height, or air-admitting
conditions. (We at M.I.T. found this to be so much later, on an
EPRI study, having been unaware of this previous work,) These
authors also proposed a correlation-prediction formula in 1974,
again not yet seen by us, but apparently giving good results for

flow-rate void fractions less than 0.06. ‘




It was found that the impeller with three blades showed an increase
in head when a small quantity of air was admitted (void fraction less
than 0.03). This increase has been frequently observed in a small
proportion of other pumps. The quoted supposition has been that the
bubbles fill up a pressure minimum and reduce losses. The present
authors seem to be stating (ouxr copy was indistinct, and the authors'®
acqguired English is not unambiguous) that the bubbles accumulate at a
pressure minimum and in so doing change the effective blade angle of
the impeller. The water is thereby given a larger tangential velo-

city, which is responsible for the increased head.

The range of experimental conditions examined was much narrower, and
in only the first quadrant, than we had considered at M.I.T, but the
corroboration of at least some of the findings adds to the

credibility of both sets of experiments.

Reference 9:

This paper is too preliminary to be useful in design. It is a review
of the problem of circulating pumps in pressurized-water-reactor
systems in loss~of-coolant accidents and a discussion of approaches
to predicting the performance. Despite the promise of the title and
summary, only the single-phase performance is given, and that is not

in a particularly useful form.

These authors, like this reviewer, apparently had not heard

of Murakami's work, which would have given them a head start. (And
us, too.)
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APPENDIX N

IMPELLER FORCES

1.0 INTRODUCTION

In Appendix J, the hydraulics, or hydrodynamics, of the pump working
fluid were reviewed. By long-established custom, it has been
sufficient in such studies to predict and/or measure the velocity and
pressure distributions in the various pump elements and ultimately, to
correlate the efficiency of the energy conversion process that takes

place in a pump with those distributions.

In more recent times, however, with the great increase in power-to-
weight ratio of all forms of turbomachinery, it has become necessary
to evaluate the consequences of two additional fundamental conditions
of the flow of the working fluid. First, the forces arising from the
pressure distributions imposed upon both the rotor and the stator
structure must be predicted and/or measured; and second, the energy
conversion process mentioned above must be assessed. It is now well
established that the energy conversion process is a function of time-
varying or unsteady pressure fluctuations. Thus, we may expect the
resultant forces to be unsteady as well, and to serve as excitation

for the forced vibration of a turbomachine's structure.

In this section, forces imposed on a pump impeller, arising both from
flow within the impeller and from interaction with flow outside the
impeller in a volute or diffuser, will be reviewed. At first, the
time mean conditions of radial thrust and axial thrust will be
considered. Then in the area of unsteady flow, the concept of
rotating damping, forces due to perturbations of the impeller channel
flow, and the impeller/volute or impeller/diffuser interaction will

be considered.

1.1 Steady Radial Thrust

In what is both a typical and classical reference, Stepanoff
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(1), pp. 116-123, correlates the steady, radial thrust force with the ‘

capacity or volume flow rate of the pump in the following way:

2
F, = £ [1- (0/Q)]

r

Since Qn is the normal or design point flow rate, zero radial thrust
is predicted as design capacity and a maximum thrust at shutoff.

Force increases rapidly at capacities larger than design, as well.

The correlation yields the magnitude but not the direction of the
radial thrust. 1In a discussion of reference (5), Stepanoff admits
this correlation was suggested in a California Institute of Technology

report (circa 1935).

In 1957, Bowerman and Acosta (2) report extensive experimental
measurements of the volute flow and, in discussing the off-design
conditions, identify the lack of symmetry of the flow about the
impeller. At that time, they stated that no method for off-
design prediction was available and, hence, calculation of radial
thrust based on integration of the predicted pressure distribution
was precluded. In reporting results of experimental measurements,
Agostinelli et al. in 1960 (3) correlated both magnitude and
direction of radial thrust with both capacity and specific speed
of the pump. In 1960, Iverson et al. (4) measured, on the one
hand, volute pressure distributions and integrated them to obtain
both magnitude and direction of the radial thrust, and on the other,
made direct force measurements, and good agreement was obtained.
Finally Biheller in 1965 (5) generalized a semiempirical equation
for radial force and direction to cover a broad range of volute

geometries.

Potential flow theory was used by Domm and Hergt in 1970 (6) to

derive a theoretical prediction of radial force magnitude and

direction. 1In this apparently first analytical approach, the

effect of an eccentric location of the impeller with respect to

the volute was included. Measurements confirmed the trends. 1In

1970, Hergt and Krieger (7) made additional experimental measure-

ments, using a vaned diffuser, and observed a radial force that

increased with impeller eccentricity. At very low flow, what was

taken to be rotating stall of the diffuser blades resulted in a ‘




rotating radial force on the impeller and nonsynchronous vibration
of the pump shaft. The significance of the componentsg of the
rotating force was not yet recognized. A further exposition of

these measurements was made in reference (8).

Continuing to recognize additional consequences of the impeller/
volute flow, Grein et al. in 1975 (9) describe the nonuniform
volute pressure distribution that occurs at partial discharge.
Individual impeller passages discharge into differing pressure
zones, creating fluctuating impulses on the rotor and inducing
flow fluctuations in the rotor passages. Neither theoretical nor
experimental demonstration of the unsteady flow is given, but

nine references are reviewed in support of Stepanoff's correlation.
A plan of an experimental facility is presented, comprising the
measurement of six components of dynamic force and moment, includ-
ing phase correlation. In the experimental work of Schwarz and
Wesche, published in 1978 (10), influence of the impeller diam-
eter on radial thrust was measured. Up to an optimum diameter,
radial thrust remains constant, and at larger impeller diameters
in the same volute the radial thrust increases rapidly. A fluctu-
ating component of the thrust is reported for the first time be-
cause of proximity to the tongue. Finally Okamura, in 1980

(11), investigates the impeller/volute reaction in a single-vane
pump. It was found that the radial force vector rotates synchro-
nously, indicating that the primary contribution is from the
impeller flow, not the asymmetric volute flow. Investigation of
the radial thrust and impeller/volute interaction with few impel-

ler blades has not otherwise been carried out.

1.2 Steady Axial Thrust

Once again Stepanoff (1), pp. 204-224, outlines an empirical,
pragmatic method of predicting steady axial thrust in a variety
of configurations of pumps. For a centrifugal pump stage in
which both a hub and a shroud surface enclose the flow passages
in the impeller, the axial thrust is the net effect of (1) the
difference in pressure from front to back of the hub surface
taken over the impeller inlet area, (2) the change of momentum in

making the turn from axial to radial in the impeller, and (3) the
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pressure distribution in the spaces between the impeller outside .

surfaces and the stationary casing walls. More modern work has
simply served to provide more realistic and complex analysis and

measurements of these influences.

In the case of multistage pumps, the additional effect of steps in
the shaft diameter will contribute to the axial thrust.

Most subsequent work, like that of Gyulai (12), is concerned with the
influence of the clearance-space flows on the pressure distribution
over the impeller outside surfaces. Using both numerical predictions
and experimental measurements, he documents the effect of (1) the
impeller throughflow on the clearance pressure distribution when there
is zero radial flow in the clearance space, (2) misalignment of the
impeller with respect to the volute, as well as (3) axial spacing of
fixed wall to moving impeller surface, (4) radial throughflow in the
clearance spaces, and (5) pump-out vanes as a technique for equalizing
pressure distributions on hub and shroud surfaces. Grabow (13)

provides an investigation of design parameters for the pump-out vanes.

Substantial fluid-mechanical investigations of clearance-space flows
were initiated by Daily and Nece (14). Their basic and definitive
work identified the c¢learance flows as a function of combinations of
a Reynolds number and the space/disk radius ratio for the system.
For centrifugal pump applications this usually indicated a combined
boundary layer on rotor and stator that was less than the clearance
spacing, thus including a core flow between the two. Senoco and
Hayami (15) introduced a four-layer model as a generalization of the
Daily~-Nece three-layer model. The wall boundary layer remains, but
the core flow is divided into two regions to accommodate correct
angular momentum exchange, which results in a small radial component
of the clearance-space flow. As a result of calculations by the
momentum integral technique, the ratio of core/disk angular velocity
and radial pressure distribution as a function of net throughflow in

the clearance space was found.
Approaching practical design needs, Iino, Sato, and Miyashiro (16)
experimentally investigated the effects of the impeller axial dis- .

placement and wear ring clearance, which induced clearance space
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throughflow, in two similar pumps. Two important effects were
observed. Wear ring clearance yielded an outward flow in the back
space and an inward flow in the front space that produced greatly
different pressure distributions on the impeller surfaces, as is
suggested in Senoo and Hayami's work. Further, such effects were

quite sensitive to axial displacement.

1.3 Concept of Rotating Damping

As an introduction to the effect of unsteady flow in creating impeller
forces, we consider the concept of rotating damping. The rotor/
bearing/pedestal mechanical subsystem, including the hydrodynamic
bearing film, 1s generally positively damped. Ihcluding the working
fluid to comprise the total system will either further increase or
decrease the system damping. If overall damping capacity exceeds
excitation, energy will flow out of the system and stability of the
rotor will follow. If excitation exceeds the capacity of the system
to dissipate the energy, the net influx or accumulation of energy will
rapidly produce instability. The concepts of positive and negative
excitation and damping were further described by Thompson (17),
together with some eleven or so vibration-exciting mechanisms that

are induced by the flow of the working f£luid in turbomachine stages.
Perhaps four of the identified mechanisms are pertinent to

centrifugal pumps.

In a comprehensive review (18), Greitzer states that ". . . several
basic concepts, such as the idea of negative damping which is as-
sociated with dynamic instability, will be seen to be common to the
different (pumping) systems. . . . In general, it is suggested that
efforts should be directed toward obtaining an improved under-
standing of the transient behavior of the active (instability
causing) elements within the system, since it is lack of knowledge
of this aspect that currently limits the accuracy of system
stability predictions.”

Two classical works that have escaped the attention of workers in
this field clearly identify the role of rotary damping in the fluid/
structure system and the consequences of the force such damping

creates. In the earlier reference, Smith (19) defined stationary
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damping as that effect which occurs in the bearing supports and
rotating damping as that occurring in rotating elements of the
shaft. At the time of his writing Smith was aware of the work of
Newkirk and Kimball, which identified internal friction, or
hysteresis, as an example of rotating damping. Smith's linear
analysis of a symmetrical rotor/bearing system that included both
forms of damping led him to realize that rotating damping in a
shaft spinning at a frequency above the undamped natural frequency of
the system would "urge on" the motion of the free natural wvibration,
tending to increase its amplitude without limit. Smith's equations
of motion of the shaft included a contribution to the resulting
force from the velocity of the vibratory motion and were cross-

coupled in the displacement terms.

. In the later reference (20), Kapitsa investigated the effect on
stability of the rotor of friction of the surrounding medium. He
wrote that if the rotor is displaced, there arises a force perpen-
dicular to the displacement and a moment about the center of the
casing that has the same direction as the rotation of the rotor.
While making no reference to Smith's work, Kapitsa thus introduces
the conception of "urging on" the rotor motion, leading to in~
stability. He calculates the specific example of friction between
the rotor and the fluid contained in the casing in which the

rotor is immersed. Components of the resulting force are propor-
tional to rotor displacement and are cross-coupled, i.e., the y-
component of the force arises from the x-component of the dis-
placement. He does not find any influence of the velocity of the
rotor motion in this example. More recent examples of such annu-
lar fluid friction effects are to be found in cylindrical journal

bearings and labyrinth seals.

Covering the mostly analytical developments in the intervening years
and building a comprehensive physical model which will demonstrate
Smith's conception, Crandall (21) provides an explanation and for-
mulation of the destabilizing mechanism and the stability limit.
Both Smith and Crandall leave out the specific nature of rotating
damping as well as other excitation mechanisms in their expositions
of the phenomena. On the other hand, Vance and Laudadio (gg)
identify, reference, and/or describe a large number of excitation
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mechanisms pertinent to radial, centrifugal turbomachines.

1.4 Unsteady Impeller Channel Flow

As distinct from steady radial and axial thrust, which has already
been considered, the derivation of unsteady impeller forces from
unsteady channel flow will be considered in this section. As des-
cribed by Smith, Kapitsa, and Crandall, rotating damping, when com-
bined with the velocity of the vibratory motion, is capable of
enhancing or exciting the vibratory shaft motion. Since the velocity
of the vibratory motion may increase and decrease as the shaft orbit
is traversed, so the resulting exciting force may fluctuate or be
unsteady as well. Crandall discusses the frequency dependence of

the rotating damping.

Four investigations of various aspects of unsteady impeller forces
are known to the writer. In work undertaken beginning in 1971 (23),
Thompson conceived that velocity and pressure fluctuations were
induced in the channel flow by the velocity of the shaft orbital
motion traced by the impeller. This yielded a fluctuating force on
each impeller blade. Summation of the force was then made over all
blades and resolved into components along, perpendicular, and
parallel to the rotor displacement, respectively. Hence, when the
orbital velocity is in the direction of shaft rotation (forward
whirl), the resulting force plays exactly the same role as rotating
damping does in enhancing the amplitude of vibration and acting as

a destabilizing influence. A guasi-steady approximation was adopted
to expediently calculate the velocity and pressure distributions,
and numerous impeller flows were analyzed and compared with
operating experiences to yield a threshold of negative damping below
which instability would follow. Detailed results of an actual

investigation were reported.

In a second investigation, the unsteady impeller flow is analyzed by
Shoji and Ohashi (24) and measured by Ohashi, shoji et al. (25).

The impeller is considered to be surrounded by an unbounded

vaneless diffuser. Using unsteady potential flow theory, the
authors showed that a positive damping force opposed the whirling

velocity of the shaft center for ranges of all parameters investi-
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gated. Thus the impeller forces were predicted to have a .

stabilizing influence. The impeller force was found to be a function
of the blade tip angle, the ratio of the whirl angular velocity to
rotational angular velocity, and the blade loading, and to be
independent of the number of blades. In the experimental work it
was observed that the impeller force varied with both shaft dis=-
placement and orbital velocity and that tangential fluid forces
damped the whirl motion in most cases. However, at low flow rate

and low whirl speed ratio, negative damping did occur. The ranges

of parameters studied in the numerical work were not compared with
actual radial impeller operating conditions, so that no judgment

on their realism can be made.

In an investigation presently under way at the California Institute
of Technology, a very pragmatic approach to experimentally
measuring the stiffness and damping coefficients associated with the
unsteady impeller flow is being followed. The plan of the apparatus
was described by Brennen, Acosta, and Caughey (26) together with the
desired results.

A fourth study has been under way in the Thermal Turbomachinery
Department of Sulzer Bros., Ltd. Initially, Aicher, Jenny, and
Rodnner (27) reviewed their concept of rotor system stability. It
states that 1) a self~exciting mechanism converts rotary energy into
translatory energy; 2) a natural freguency of the system is excited
by such a mechanism; 3) most self-exciting mechanisms are orthogonal
to and linear in the rotor displacement; 4) if the orthogonal
component is in the direction of the orbital shaft motion, the
influence is destabilizing, if opposite to shaft motion, stabi-
lizing; and 5) several effects can contribute to the "net"
orthogonal component of impeller force. Subsequently, Jenny and
Wyssmann (28) developed quantitative evaluations of the effect of
aerodynamic whirl excitation and self-excitation due to labyrinth
seals, and concluded the latter were the greater influence in the
machinery subject to their investigation. Jenny (29) has now pre-
sented their quantitative results for the influence of labyrinth

seals.




Several comments can be made. In the compressors evaluated by
Thompson (23) floating ring seals far outnumbered labyrinth seals,
and still the fluid dynamic excitation of the unsteady impeller

flow led to unstable rotor motion. Colding-Jorgensen (30) uses a
potential flow method to predict the impeller force as well as
stiffness and damping coefficients. Finally, in a method that avoids
the limitations of unsteady potential flow analysis, Daiguji and
Shirahata (31) and Daiguji and Sakai (32) use a finite element method
to compute the inviscid rotational unsteady flow through a cascade

in which periodic and nonperiodic variations in the flow rate result
in the time-variation of the 1ift and drag. This approach opens a
more realistic possibility for the analytical estimation of unsteady

impeller forces.

1.5 Impeller Channel/Volute Interaction

Unsteady flow discharged from an impeller will induce unsteady flow
in the volute. Unsteady volute flow is a time-varying boundary
condition on the impeller channel flow, which may or may not be

affected in such a way as to increase its unsteadiness.

This subject is at the beginning of its development and established
results have not yet been obtained. The work of Black (33),
Corniglion and Albano (34), Imaichi, et al. (35), and TIino (36) can
be cited.
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APPENDIX O
FLOW INSTABILITY

1.0 INTRODUCTION

Flow instability in a pump system is created by the interaction of
an unstable pump head—-capacity curve with a system with unstable
characteristics. Power plant feedwater systems have the requisite
unstable characteristics, and a stable pump head-capacity curve is
necessary for successful operation of the system. Pump designers
have empirical methods that produce the needed pump characteristics,

but basic knowledge of this subject is incomplete.

1.1 System Instability

Stepanoff [1957 (1) pp. 293-298] broadly summarizes classical
knowledge of pump flow instability, dealing with surge on the one
hand and stage geometry on the other.

If shut-off head is less than maximum head and head-capcity
fluctuations (swings) occur under certain operating conditions, then
part of the head-capacity characteristic is unstable. Head-capacity

swings are followed by fluctuations in power and speed.

Three operating conditions enable the swings or fluctuations: (1)
the mass of fluid in the pump and adjacent piping and vessels must
be free to oscillate; (2) the system must include a region, either
fluid or structure, that will exchange energy with the working
fluid; and (3) external excitation is needed to start the swings

(surge). Thus, surge is a system phenomenon.

1.2 The Effect of Pump Design Parameters

Regarding stage geometry, a rising head-capacity characteristic,

or lack of one, is dependent on the number of impeller blades as




well as the blade geometry designated by the inlet blade angle, the ‘
discharge blade angle, and the schedule of change of blade angle
between inlet and discharge.

Stable head-capacity curves are more likely to characterize pumps of
larger head and smaller capacity, that is, lowe:r specific speed,
while higher specific speeds are accompanied by drooping head-
capacity curves for flow less than about 70% of design flow. In one
of several typical efforts to stabilize high specific speed pumps,
Myles [1966 (2)] devised a schedule of impeller passage change that
delays the droop but at a considerable cost in efficiency.

Makay [1967 (3)] qualitatively categorized sources of flow
instability in two groups: flow mechanisms or phenomena and pump
stage geometry. The author does not give analysis or experimental

correlations of any of the items in his list.
1.3 Theory

The linear relation between flow or capacity, Q, and the theoretical
Euler head chm,
blades are used (0<B2<90°, B measured with respect to the tangential
direction), is demonstrated at the outset by Yididiah [1972 (4)].
At any Q, the theoretical head is reduced due to a combination of

which has a negative slope when backward-curved

the following factors: slip, hydraulic losses, prerotation at the
inlet, rotating stall, and recirculation. The steepness of the

theoretical Q—choo
at low flows may be great enough to produce a positive slope of the

curve is crucial, since the head reduction

actual Q~H curve and raise the possibility of pump flow instability.
The author continues with a discussion of slip, prerotation, and
hydraulic losses and their contribution to the head reduction, all

based on one~dimensional, through-flow concepts.

It is noteworthy that a review of Science Citation Index from 1972
to the present showed that, although Yididiah seems to have presented

a stimulating proposal for explaining the phenomena that contribute
to the actual drooping Q-H curve, no author cites Yididiah in any

more recent work. Thus we conclude indirectly that little or .
no definite work has been done on this problem since 1972. A likely
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reason for this is that such work is doubly difficult, because (1) all
the phenomena listed by Yididiah are three-dimensional flow effects
and (2) all occur at off-design flow conditions. It 1is only recently
that Moore and Moore [1981 (5)] report the first, limited success
with computation of viscous, three-dimensional radial impeller flows,
from which may ultimately follow an analysis and description of

Yididiah's factors.

This state of affairs was also confirmed to the writer by Swift

[1981 (6)] in a comment on his presentation to FDI Summer Course,
1981. In preparing that material, no result unifying published
information on pump flow instability was found, and only a few
scattered investigations of the individual phenomena and effects

seem to exist. These are incomplete, and no study of the interaction
of the effects leading to the depression of the actual head-flow

curve at low flow has been forthcoming.
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