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ABSTRACT : @&ﬁ' I

The use of active feedback compensation to mitigate cutting instabilities in an advanced milling machine is discussed in this
paper. A linear structural model delineating dynamics significant to the onset of cutting instabilities was combined with a non-
linear cutting model to form a dynamic depiction of an existing milling machine. The model was validated with experimental
data. Modifications made to an existing machine model were used to predict alterations in dynamics due to the integration of
active feedback compensation. From simulations, subcomponent requirements were evaluated and cutting enhancements were
predicted. Active compensation was shown to enable more than double the metal removal rate over conventional milling
machines.
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1.0 INTRODUCTION

Maximum metal removal rate is a quantitative measure of the productive capacity of a machine tool. This measure, which is

machine as well as tool dependent, is limited by the onset of machining instabilities1 >34, Machining instabilities are
minimized by enhancing the stability of structural vibratory modes significant to cutting dynamics.

Active methods can be used to enhance the stability of pertinent structural vibratory modes for a variety of machining

configurations. Although active methods are relatively immature’, potential performance enhancements resulting from active
implementation overshadow performance enhancements resulting from current passive innovations.

Active methods can be categorized into active/passive, process control, and feedback compensation methods. Active/passive
methods actively tune or mimic stabilizing passive absorbers®7:8. Process control methods alter or modulate operating
parameters (spindle speed, feed rate, etc.) to locate, or oscillate between, predetermined stability domains®1?, and feedback
compensation methods actively modify machine dynamics such that domains of stability are enlarged11'12’13.

Presented within this paper is the design of an active feedback compensator which will actively modify machine dynamics such
that domains of stability are enlarged. This design process entails;

1) development and validation of a model,
2) modification of the model for active compensation, and
3) performance evaluation.

In section 2, modeling and validation is discussed. In section 3, the modeling of dynamics essential for active compensation is
discussed. And in section 4, performance earnings are presented.

2.0 MODEL DEVELOPMENT

A machine model is a set of mathematical relationships relating dynamic response parameters (displacement of tool tip center,
force on tool, etc...) to a set of process parameters (spindle speed, number of teeth on tool, etc...). The goal of modeling is to
create mathematical relationships which are sufficiently accurate for the purpose of prediction. Model accuracy is quantified
by comparison with experimental data. The model discussed in this section is shown to compare well with experimental data.

The machine model is the unification of a cutting model and a structural model. The cutting model describes the interaction of
the tool and the workpiece, whereas, the structural model describes the response of the tool due to tool/workpiece interaction.
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The cutting model consists of a set of mathematical relationships which describe tool tip force f;, as a function of tool tip

- -é - y . . 3 . . . -9 . -
displacement d, whereas the structural model consists of a set of mathematical relationships which describe d ; and its time

R ,
derivatives as a function of f;. As shown in Figure 1, the machine model is the structural dynamics model in feedback with

the cutting model.

I Cutting model I

Figure 1: Machine model

2.1 A cutting model

In this section, a simple, but adequate, model of cutting in milling is detailed. The work presented in this section is similar to
that presented by Smith and Tlusty!%13, '

Figure 2a contains an illustration of a helical tool translating through a workpiece, and Figure2b contains an illustration of the
Figure 2a plane in which this translation occurs. If the tool and the structure were perfectly rigid, the cutting edges of the tool
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Figure 2: Cutting model detail
would move along the illustrated dashed lines. These dashed lines, called nominal trajectories, define nominal chip thicknesses,
tom." Nominal chip thicknesses are the thicknesses of chips removed due to cutting when the tool and structure are perfectly
1

rigid. Nominal chip thickness at the ith edge can be approximated by

‘nom, = t gy Sin(0,(1) for (1= DR <O(HS(n-1)m+6,

(2.1a)

0 otherwise
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where n = 1,3,5...;tmax = ( )

) f is called the chip IOading; i=123.N;N, is the number of teeth per tool; @

is the rotational speed of the tool (in rads/sec); 6 i 1) is the rotational location of the z'th cutting édge at time f; f is the feed
rate of the tool through the workpiéce (in length/sec) and 0 max is the maximum relative rotational angle for which a cutting
edge contacts the workpiece. emax = acos(1 - a/_ r) where a is the immersion depth of the tool into the workpiece and where
r is the radius of the tool.

Since the tool and the structure are never perfectly rigid, tool edges never follow nominal trajectories. If 7 and J are unit vectors

% kel A . - . - . - »
in the x and y directions, and if d ;= d xi + dy J is the vibratory displacement at tool tip center, then radial variations of

displacement off nominal at the ith cutting edge are given by

- " ~
zi(ei(f)) =d,- [sin(ei(f))i+ cos(8,(H)Jj1. (2.1b)
If the i — lth cutting edge is sequential and leading in rotation to the ith cutting edge, chip thickness, t; at the ith edge is
given by
t, = tnom.+zi(9i(f)) -z;_ 1(Gi(i')) (2.1¢)
i
where 6.(1) = 0 o 2T
i i~-1 Nt(_o :
Force on the tool tip, ]-’) ¢, 1S given by
2 N 2
r= Y, yoo (2.2a)
i=1
Foo= fif ) 2.2b
t; = fxiz fyl_J, (2.2b)
fxi = —FNisin(Gi(f)) - FTicos(Gi( ), (22¢)
fyi = -FNicos(Gi( ) + FTisin(Gl.(f)), ' (2.2d)
aati
F N, =K F Ti’ and,FTi =K tb+ 37 (2.2¢e,9)

where K s is called the specific cutting stiffness (a material property), Ka =0.3K s for most applications, b is depth of cut

(shown in Figure 1a) and & is a process damping coefficient which approximates low- frictional contributions related to tool
flank rubbing on the workpiece.

Equations 2.1 determine chip thickness in terms of tool tip displacement, and equations 2.2 determine tool tip force in terms of

> -
chip thickness. Together, equations 2.1 and 2.2 determine tool tip force, f;, in terms of tool tip displacement, d ¢ Therefore,

equations 2.1 and 2.2 are a cutting model.




22 A structural model
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The structural model is a set of mathematical relationships representing d ¢ and its time derivatives in terms of f;. This model

is always machine dependent. In this paper, the Octahedral Hexapod Milling (OHM) machine shown in Figure 3 will be
examined. This machine consists of a stiff outer octahedral space frame supporting six hexapod struts connected to an inner
milling platform. The stiff outer frame pins one end of each hexapod strut. Hexapod struts consist of two telescoping tubes
connected by a ball screw mechanism. As the screw rotates, the telescoping tubes undergo relative translations and strut length
is altered. Screws are driven by motors at the pinned end of each strut. By controlling screw rotation, the length of each strut is
altered and platform motion is controlled.
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) Figure 3: Octahedral Hexapod Milling (OHM) machine

OHM machine structural dynamics are non-linear and hysteretic due to the existence of bolted connections, compression

fittings, socketed joints, and flexible couplersl6. Moreover, since frequencies of interest are relatively high, linear modal
dynamics are dense. Therefore, obtaining an encompassing model of machine dynamics is impossible.

Fortunately, structural modeling complexity can be reduced by making two simplifying, yet accurate, assumptions.

Assumption 1: The most flexible modes contributing to tool tip drive point compliance are those modes most likely to produce
cutting instabilities.




Assumptlon 2: The most ﬂexnble modes contributing to tool tip drive point compliance are those consisting of local vibrations
in the tool, the tool holder, the spindle, and the bearings.

From assumptions 1) and 2), a structural model of the OHM machine sufficient for integration with the section 2.1 cuttmg

model, need only contain the dynamics of the tool, the tool holder, the spindle, and the bearings.

A Finite Element (FE) mesh of the tool, the tool holder, the spindle, and the bearings is shown in Figure 4. This mesh was
constructed in a rectangular Cartesian coordinate system w1th the axis of the tool, the tool holder, the spindle, and the bearings

alined with the z axis. A
The second order matrix equation resulting from the Figure 4 FE mesh contained 8661 physical Degrees Of Freedom (DOF).
These DOF were reduced to 3 physical DOF and 13 generalized DOF using component mode synthesis”. The reduced second

order model was then shifted to first order block diagonal form and reduced further via modal cost analysislS.The final, reduced
order model contained 16 states and took the form

dX,
- = A X, B, 1, (2.3a)
andd, = CX (2.3b)
T T '
where f, = [fx fy] .4, = [dx d)Zl (2.30)

and Xu is a state vector.

Notice that equations 2.3 are a set of mathematical relationships relating displacement at the tool tip, d,, to force at the tool tip,

f, . Therefore, they are a structural model.

2.3 Model validation

In section 2.1 a cutting model was presented, and in section 2.2 a structural model was presented. The union of these two models
in feedback is the machine model. The quality of modeling was determined by comparing modeled dynamics to experimental
data.

Modeled and measured tool tip, drive point compliance is shown in Figure 5. Agreement between modeled data and reality is
acceptable. The model predicted both natural frequencies and mode shapes to respectable levels. Modal damping, a parameter
which cannot be derived theoretically, was determined experimentally and was incorporated into the model. Process damping
was also determined experimentally to match cutting stability test data as shown in Figure 6 for rpm less than 4000. The
machine model is the structural model in feedback with the cutting model. The machine model can be used to predict maximum
stable depths of cut for a distribution of spindle speeds. A comparison between modeled and measured maximum stable depths
of cut is shown in Figure 6. These curves also agree quite well.

-
4.0 Tool Tip Compliance 8.0 3 T . , .
. e e Stability Limits |
first tool mode ] [ REAL PART | 70k ---1° -4 .| i
£ A ' 1 E Loo-L-_d
£ 00 : ; . Eeof - - e L
%_ﬂsecond toolmode | .| ;5 ol -- J_E l ]
-4, ( foa ! et I I l 1 |
0 0500 15002000 __frequency (Hz) 5500 cA0r— - oo - -3 o it
% -2:0 . IMAGINARY PART || measuretiizv":. f‘; —r * l‘ z-.;;
5.4.0 . Legend*. 5 @ modd | T°° "' T
—measured] | | 1ob=cg-—==F=--f---]--- _——
6.0 —— modeled _l
500 15002000 frequency (Hz) 5500

* measured data supplied by Ingersoll Co.

Figure 5: Modeled and measured
tool tip compliance

* experimental data supplied by Ingersoll Co.
Figure 6: Modeled and measured
cutting stability limits




In the next section, the machine model will be modified to account for alterations in dynamics due to the integration of active
compensation. This model will then be used to assess control feasibility as well as to estimate subcomponent requirements.

3.0 MODEL MODIFICATION

In Figure 7, hardware and software modifications to the Figure 3 FE model are shown.The Figure 3, unmodified FE mesh
consisted of a tool, a tool holder, a spindle and bearings. The Figure 7, modified FE mesh contains all of this, in addition to a
cartridge, actuators, a pressurized oil bearing, and the platform which mounts to the hexapod struts. The cartridge is an
aluminum cylinder used to minimize misalignment between mechanical bearings. It is connected at mid-section to the platform
by a pressurized oil bearing. This bearing produces high stiffness along the axis of symmetry and low stiffnesses in directions
perpendicular to the axis of symmetry. Actuators drive the cartridge in these low stiffness directions to cancel vibrations.

Feedback compensation is used to alter machine dynamics such that tool stiffness, and therefore metal removal rate, is
enhanced. Compensation is implemented via strain sensors, a telemetry sensor package, filters, analog to digital (A/D)
converters, an encoder, a processor, digital to analog (D/A) converters, power amplifiers, and actuators. Tool tip vibration is
sensed by strain gages located at the root of the tool. These measurements are transmitted off the rotating spindle by frequency
modulated radio transmissions which are captured by a demodulating receiver. Demodulated strain signals are then low-pass
filtered, and fed into A/D converters and a processor. In the processor, strain signals are transformed from the rotating
coordinate system of the tool, the tool holder and the spindle, to the non-rotating coordinate system of the platform, the
cartridge, and the actuators. Relative rotation between coordinate systems is sensed by an encoder. Filtered, digitized, and
translated strain signals are numerical inputs into a discrete mathematical relationship called the control law. Control law output
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Figure 7: Modified structural dynamics model with active compensation
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is a numerical data stream which is converted into voltage signals by D/A converters. These voltages are then filtered, and fed
into power amplifiers. Voltage and current from power amplifiers drive actuators which dynamically stiffen tool tip motion.

In the fdllowihg subsections, subcomponent dynamics are described.

3.1 Actuators ‘

An illustration of actuator architecture is shown in Figure 8a. Each actuator consists of a set of active layers, a set of end caps,
a set of insulators, a single load cell, and an end alignment bearing. The set of active layers is called the stack. Two types of
stacks will be discussed. The first type of stack, called a PZT stack, is constructed from the piezo-electric material, PZT4!%, and
the second type of stack, called a PMN stack, is constructed from the electrostrictive material, PMNZ?,

Between each active layer is a conducting film which is attached to either an electrical ground, a DC bias voltage, V bias® O

drive voltage, V. In Figure 8, electrical connections and layering in PZT and PMN stacks are shown.The piezo-electric, PZT4,
is layered with alternating polarity and is wired such that every other conducting film is grounded or driven by driver voltage,
V. PMN layers are wired in a similar fashion, however since PMN has no polarity, a bias voltage, V bias > Must be added to the

drive voltage, V, to produce symmetric actuation. Both stacks are mechanically and/or electrically prestressed such that no

grili%’?l?ng {)n%}? ig;g rPZT Electrical PMN Electrical
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1.18 in. 0.73” long ese

- P 1.24 in. sq.

Active Layers < ,J ’ ; steel |
PZT4 ) = | == 2
1.977long 197" long s =
1.18in.sq.  0.95in.sq. End Cap o
330 layers  39layers 0.37” long f[.:i‘]);lduc ve !

1.81 in. sq. -1
steel ©
Figure 8a: Actuator architecture Figure 8b: Wiring for PZT and PMN layers

layer is in tension during operation.

If there are N L layers in the stack and the stack is L long, then the thickness of each layeris r = L/N L- If each layer is square

with area A, and ¢ is much less than /A , then the electric field E, through a layer can be approximated as £ = V/¢.
Moreover, if ¢ is small compared to the dilatational wavelength A, of the stack, Ad is the incremental change in ¢ across a
layer, and F is the force through a layer, then the mechanical strain$ , through a layer can be approximated by S = Ad/t,and
the mechanical stress 7', across a layer can be approximated by 7 = F/A.

The form of the models which delineate stress T, strain S, electric field E, charge displacement D, and current i, in a PZT

and a PMN layer are identical when linearizing about a well chosen operating voltage. Therefore, a separate analysis for each
type of stack is not needed.Only the parameters in the model need change to delineate between materials. A “three parameter”

model describing layer dynamics is given bylg’20
7 = Ps-mp, (.1a)
E=-ns+p’D, (3.1b)
. _ ,dD
! = Aa—t . (31C)

where CP , A,and BS are material parameters. Material parameters are given in Table 3.1 for both PZT4 and PMN.

Solving equation 3.1b for D and substituting the result into equation 3.1a and 3.1c gives




Table 3.1 Material Parameters for PZT and PMN

159 - 10"/ m?)

104 - 101N /m?)

h 26.8 - 10°°(v/m?) 6.41 - 105V /m)
M 8 7 6
B 1.86-10 (m/F) 9.97-10 (m/F)
h2 h
T = (CD ——=p- —:S,E , (3.2a)
B B
AdE  AhdS
= —— +—=. (3.2b)
Coasdt sdt :
p p
h2
Equation 3.2 is a relationship between axial stress and strain where ¥ = CD = is an effective elastic modulus and
B
%E = V is a voltage induced stress. Therefore, the axial dynamics of a layer are equivalent to those of a bar of length ¢,
B Bz
cross sectional area A, and elastic modulus Y, with voltage dependent forces F,= %V acting at each end. The density of
Bt

this bar Py would be the same as the density of the active material.

If the dilational wavelength A, of the stack is much greater than L, stress and strain through each layer can be equilibrated.

L
PMN, the dilational wavelength of the stack is much greater than the length of the stack, and stress and strain through each layer
are similar. Thus, the stack can be modeled as a bar of modulus Y, and of density P, with voltage dependent forces

From Figure 3, the highest frequency of interest is about 3kHz. Since 27.1 at 3kHz for PZT4 and % = 18.6 at 3kHz for

Fa = ?V , acting at each end. The current 7, required to produce the forces F o is
Bt
, A av ., d
I = = — — +h— .
NLl Bst(NLdt + thda) (3.3)

where Ad .= N LAd .

3.2 Structure

The Figure 7 structure was modeled using Finite Elements (FE). Actuators were modeled as a series of one dimensional bar
elements and the hydrostatic oil bearing was modeled by using nodal constraints.

The resulting second order matrix FE model contained over 16,000 DOF. This model was reduced down to 69 DOF via
component mode synthesis. Of these 69 DOF, 39 were physical and 30 were generalized. The model was then transformed into
first order form and further reduced via modal cost analysis. The final first order state space solution contained 28 states and
took the form :
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‘—‘? =AX +Bf +B.f .  (34a)
d, = C X, o | (3.4b)
d,=C 2dXs (3.40)
e=CX_ (3.4d)
d, = CX, (3.4e)
£, =C, X , (3.4f)

where f, is a vector of tool tip forces, f  is a vector of actuator forces, d ' is a vector of tool tip displacements, d_ is a vector

of displacements across the stack, d q & vector of the time derivative of displacements across the stack, € is a vector of strains
at the root of the tool, and £ m is a vector of load cell force measurements. All forces, displacements and strains were relative
to the non-rotating reference frame of the cartridge and platform.

3.3 Prefilters and power amplifiers

Power amplifiers supply the voltages V, and the currents 7, required to drive actuator stacks. A power amplifier attempts to
produce an output signal V, that follows an input signal v i suchthat V = § Pvp where S p is the amplifier gain. Power

amplifiers maintain this relationship by pushing or pulling current /, into or out of the stacks.

From equation 3.3, a stack behaves similar to a capacitor (i.e. I = C%/ ). Therefore, as the frequency of V is increased, power

amplifiers must supply more current to maintain the relationship V = S PVp- At high frequencies, power amplifiers will not

be able to supply this amount of current and will saturate. To avoid current saturation, low pass prefilters can be placed in series
before the power amplifier. In this work, 2-pole Butterworth prefilters with 8kHz break frequencies were used.

A model of prefilter/power amplifier dynamics is given by

dXp
il ApXp+Bpvp (3.52)
V = SPCPXP (3.5b)
d .
=V =5,CpXp (3.5¢)

T

9T
where Vp = ["pl sz vl’4} ,V = [Vl V2 V4:, (3.5d,e)

and vp_is the voltage into the ith prefilter, Vi is the voltage out of the ith power amplifier, and Sp = 100(V/V).
H

3.4 Anti-aliasing filters and sensors

Strain at the root of the tool is measured by a set of gages and a bridge network. Strain signals are Frequency Modulated (FM)
and broadcasted off of the rotating tool holder by using electro-magnetic transmissions. These transmissions are captured by a
receiver, are demodulated, and are fed into anti-aliasing filters. Transmitted and filtered strain signals are then digitized and
translated from the rotating coordinate system of the tool holder to the fixed coordinate system of the cartridge and platform.

Since discretization and coordinate translation are commutative, modeling can be simplified by interchanging these two
processes. The dynamics of the telemetry system cascaded with anti-aliasing filters, and translated into fixed coordinates can
be approximated by




10 k
&,
y7all Afo+Bfe
Ve = SfoXf

B.6a)
(3.65)

where V is a vector of strain voltage signals and . £ is the sensitivity of the strain measurement system. Discretization of V

will be shown in section 3.5.

In this paper, S f= 1.0- 104(V/ (in/in)) and anti-alias filters are five pole Bessel filters with a 8kHz break frequency.

3.5 Modified structural dynamics

From equations 3.3 to 3.6, a continuous time, modified machine structural dynamic model takes the form,

ax _
7 'AX+Bft+vap
[ as, ]
X.S‘ AS I_S—;BQCP: 0 Bt 0
—_ i - - - —_
X, ,A_--(;-l---A-- L ,B=|,|,adB = |Bp,
X, .B..--:_--_P-_;_- o] 0
| sz: 0 :Af_
Vs = CV8X where CVs = [0 0 Sfo] ’
VP=CVPX where ch= [0 $,C, o],
. A
i= CIX where CI = T[hcad NLSpde 0],

Bt
d, = cdtx WhereCdt = [ctoo],

and where 0 is a zero matrix place holder of appropriate size.

In discrete time, equation 3.7 is given by

where A = eAT, B =

t=({(-1)T,etc....

T AT

0

X(i+1) = AX() +Bf,(1)+B,v (1)
V(i) = CVSX(i)
v, (0) = CVPX(i)
i(i) = C,;X(i)
4,(1) = Cy X()

T AT
e d‘cB,Bv=j e

o€ dB, 21 X(i) is X attime t = (i—-1)T, £.(i) is f, attime

3.6 Control law development

(3.7a)

(3.7b)
(3.7¢)

(3.7d)

{3.7¢)

(3.8a)
(3.8b)

(3.8¢)

(3.8d)
(3.8¢)

The control law is a mathematical relationship which functionalizes vp( i) in terms of V(i) . This functionalization couples

structural dynamics for the purpose of minimizing modal vibratory response at the tool tip, thereby enhancing depth of cut and
maximizing metal removal rate. In this paper, the form of the control law is assumed to be

Xc(i,"' 1) = ACX(i) + Bcvs(i)

(3.9a)
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vp(»i) = CCXC(i) . ' , ' (3.9b)
Control law design consists of determining a realization, (A c B, C_), which will robustly minimize d ;i) while stabilizing A
the closed loop system. ' '

For the purpose of explication, assume that equation 3.8 is a truth model which represents system dynamics exactly. Also,

22

assume that as a result of system identification there exists a z-domain“ nominal estimate, G(z), of the dynamics,

G(z) = CV (zI—A)_le,such that
€

G @] = un@)] 5|C @] £ |G @] + )]
and
LG -2, (DS LG, ()< £C, () +Ln (D)

where émn(z) and Gmn(z) are the mth oW, nth column elements of é(z) and G(z) respectively, and lumn(z)l and .
Zu,, ,(2) are mth oW, nth column magnitude and phase identification uncertainty bounds.

Since V 8( i) isrelated to d t(i) through bending, minimizing V 8(i) , will also minimize d t(i }. Therefore, the control law

design problem can be restated as to

determine: H(z) = C(zI - AC)‘IB C»Such that: (1+H(2)P(z) )"1 is stable and minimal in magnitude for any P(z)

where

G @] = [Ppn(@| £ Pyn(@)] < |G mn(@)] + 1y (@)] a0 LG (@) = L1y (2 S LP (D) S LG (D) + L1y (2)

Symmetry can be used to reduce design complexity. In the frequency range of interest, ovaling of the spindle and bearings is
negligible. Therefore, pairs of opposing actuators produce similar forces driven 180 degrees out of phase. This information can
be incorporated into the control law up-front for the purpose of limiting design complexity.

T
If the 1st and 3rd and the 2nd and 4th actuators are opposing pairs, then let Cc = RCC where R = Ll) 0-1 0} . This
sym 10-1

reduces design complexity from the control of a system with four inputs and two outputs to a system,
01110 G1p(@
G1(2) Gppl)

G(z)R = , with two inputs and two outputs.

Control design complexity can be further reduced by examining the elements of G(z)R . For the scrutinized system,
lGll(z)] > 8|G12(z)l , |G11(2)| > 8|G21(z) , |022(z)| > 8|G12(z)] ,and lG22(Z)I > 8|G22(z)| . Therefore, G(z)R is

. . -1 Hy1(2) Hyy(2) . . .
diagonal dominate. If C c (zI- AC) B c= , then, due to diagonal dominance, a suitable control law

sym H21 (2) H22(Z)
can be designed by letting H 12(z) =H 21 (z) = 0 and treating the open loop system as two, uncoupled, Single-Input, Single-
Output (SISO) systems with loop gains 5}1 1(2)H 11 (z) and ézz(z)H 22(z) respectively. Furthermore, for this system,
G1 1 ()= G22(z) .'Therefore, by letting H 11 (z) = H 22(z)-, the control law design problem can be reformulated ﬁom a

difficult MIMO solution with uncertainty, to a simplified single loop SISO problem with slightly greater uncertainty.
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Even after employing the above simplifications, control law design is still cumbersome. An initial estimate as to control law
dynamics can be determined by using a Linear Quadratic Gaussian (LQG)21 control scheme. These dynamics can then be
modified using the Nichols chart in the Matlab QFT toolbox2423,

3.7 Integrated closed loop dynamics

From equations 3.8 and 3.9, modified machine, tool tip compliance can be computed. Since the objective of control was to make
the tool tip dynamically stiff, and since compliance is the inverse of stiffness, the tool tip compliance of the Figure 7 modified
machine with control should contain modes with lower amplitudes than the modes in the Figure 4 unmodified machine, tool tip
compliance.

Figure 9 shows the magnitude of the Figure 4 unmodified machine, tool tip compliance, the Figure 7 modified machine, tool
tip compliance with no control*, and the Figure 7 modified machine, tool tip compliance with control. Unmodified machine
compliance contains two dominant modes, whereas modified machine compliance with no control contains only one. This
single, modified machine, dominant mode has an amplitude larger than the amplitude of any of the modes in the unmodified
machine. Therefore, the modified machine with no control is more flexible and more susceptible to machining instabilities than
the unmodified machine. Modified machine dynamics with either PZT and PMN stacks produced similar results.

Also shown in Figure 9 is the tool tip compliance of the modified machine with control. This compliance contains modes which
are all low in amplitude. Therefore, the modified machine with control is more rigid and less susceptible to machining
instabilities than the modified machine with no control and the unmodified machine.

0.015

[ Tool Tip Compliance |

0.010 F---~-

Unmodified machine
Ingersoll Co. data

0005 F---- il it it v
Modiﬁed and controlled machine

Magnitude of Compliance
(mm/N)

0.000) 5="1000.0 20000 20000, 40000 5000.0 6000.0

frequency (Hz)

p——

Figure 9: Comparison of tool tip compliances

4.0 SIMULATION

Performance enhancement can be described by comparing the stability limits of the unmodified machine, to the stability limits
of the modified machine with control. Stability limits were determined by running a series of simulations, and analyzing
response data.

Figure 10 is a plot of stability limits for modified and unmodified machines with and without process damping. The specific
tool modeled in this simulation extends 80 mm out from the tool holder, is 16.8 mm in diameter and has two teeth. In all cases
examined, with or without process damping, active control always increased the maximum stable depth of cut. Notice in the
cases where there is no process damping, the stable depth of cut is more than doubled. Since the depth of cut is proportional to
metal removal rate, the conclusion can be drawn that a successful implementation of this active control strategy can result in
more than doubling the metal removal rate of a milling machine.

In sections 2 and 3, a model of the modified OHM machine was discussed. From a series of simulations, time response and
stability data were produced. If time response data cannot be reproduced in hardware, the modified design will not be realizable.
Therefore, subcomponent requirements must be evaluated and matched with available hardware. Subcomponent requirements
are a bound on hardware operating conditions. Actuators are driven by power limited amplifiers. Therefore, power amplifier

. *¥No control means that v p(i) is a vector of zeros.
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Figure 10: Performance enhancements

current, and voltage requirements must be specified. A/D and D/A converters cannot accept or produce voltages which are

above or below limiting values. Therefore, A/D and D/A voltage swing requirements must be specified. Noise exists in any

discrete control system, and sensors cannot measure responses below background threshold levels. Therefore, sensor

resolution, and quantization bit size requirements must be specified.

Once subcomponent requirements are specified, hardware can be matched to the system. In this study, the subcomponent
hardware requirements were determined to match existing hardware or be within the current manufacturing state of the art.
Therefore, this active control system is realizable.

5.0 SUMMATION

A structural dynamic model of an existing Octahedral Hexapod Milling machine tool was discussed in section 2. Modifications
to incorporate an active control system in this model were discussed in section 3. Finally, in section 4, results from this
simulation are discussed.

Subject to the approximations described in this paper, the computational simulation developed has demonstrated feasibility that
an actively controlled spindle system can more than double a conventional milling machines metal removal rate without chatter
occurring. This actively controlled or smart spindle is currently being constructed.
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