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Executive Summary

The marine hydrokinetic (MHK) environment is haestd conventional bearing
technology is not adequate.

For MHK to be economical the bearings must be iefficand have long life.

PCD diamond bearings have worked well in oil ansl d@wn-hole tool applications for
years.

This work investigated the use of PCD bearingau® in MHK machines.

Existing US Synthetic (USS) lab equipment was medifo simulate the MHK loading
and environmental conditions.

Three generations of diamond bearings were designécevaluated for use in MHK
machines. Each subsequent generation was mothfidabtter performance in the
anticipated MHK environment. The final resultingsthns were life tested.

Life and performance testing showed that PCD diairimearings have sufficient life and
load carrying ability to function well in the MHKngironment.

0 These bearings work well when they are in rubbimgtact, and when they are
hydrodynamic (there is a lubricating film betwe&e surfaces).

0 The pre-dominate mode of operation (rubbing offiim) will dictate the design
of the bearing.

o Though the ‘wear-in’ of the bearings was minimhg tlesign of the bearing
mounts should accommodate slight ‘wear in’ of tearings.

Some preliminary analysis aimed at providing desogts for diamond bearings was
conducted using the experimental data obtainechguhiis work. It was found that a
complete model was beyond the proposed scope. igiigilof accomplishments are as
follows:

o Developed a design method for round bearing padsanducted an analysis to
predict lift off (the beginning of hydro-dynamicdméng behavior) for wedge-
shaped pads.

o0 A foundation of understanding has been laid fothfeir analytical modeling work.
US Synthetic participated in 2011 and 2012 ARPAaHE 2011 Clean Tech symposiums
by exhibiting at the show case event in the foraret presenting in the later.

Test bearings were provided to the University adgkia for further testing and evaluation
prior to use in a commercial MHK setting.

One patent and two published papers have diregsiylted from this work.

This work moved diamond bearings from TRL 3 to TRlthus they can now be applied
in prototype MHK machines.

US Synthetic has reached out to builders of MHK Imva&s and there are at least three
potential customers interested in evaluating tihesgings.

vii
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1. Introduction

A polycrystalline diamond (PCD) bearing has beevettgped that will operate
successfully in Marine Hydro-kinetic (MHK) machiagplications. PCD bearings represent a
new class of bearings that have, heretofore, ne legtensively studied. This work makes
significant contributions to understanding the parfance of these bearings.

The study results will be presented in the mainybafdhe report approximately as outlined
in the Schedule of Project Objectives (SOPO). Dhganization will, hopefully, help in
understanding the thought and reasoning procegsogeess toward the final MHK diamond
bearing designs was made. (Appendix 11.1 is adgdunt summary of the work performed
during the project and it is formatted like the qady reports.)

The environment for MHK machines is difficult angepents challenges to conventional
bearing technology. Conventional roller and skidbearings require protection from the
submerged environment and must be provided withdation. In addition they are subjected to
frequent starting and stopping, contaminants and tome periods between maintenance. These
are challenges that are beyond conventional maeaeng technology. The goal of this work
was to provide to the MHK community a robust and@e bearing technology that would
contribute to the commercial success of MHK by nmegethe challenges of the MHK
applications.

This work proposes PCD for bearings in the MHK agtlon. PCD is not in the lexicon of
materials used daily by most engineers. It is cm@red exotic, but it should not be. Recent
work by US Synthetic (USS) has shown that its rasfgeconomic application can and should be
greatly expanded. Among the properties that make Bn excellent bearing material are:
thermal conductivity approximately twelve timesttb&steel, hardness that surpasses any other
know material, exceptional strength and resistao@brasion.

PCD has found use as bearings in the oil and gisglenvironment where it has been used
in down-hole drilling tools such as drilling motptarbines, and steering devices. In this
environment PCD has proven to be economical anchgsuccessfully even while being
subjected to abrasive lubrication, shock loadimgl @xtended life requirements. It is believed
that these attributes that make PCD bearings ssitdés application involving the oil and gas
well bore will also contribute to making it successn MHK applications.

One key similarity is the cost of bearing replacatme both applications. Replacing drilling
equipment requires the drilling rig to stop drifiand extract and replace a long string of drill
pipe (referred to as ‘tripping’) which is expensiadf shore it costs over $500,000 per trip) and



drives the economics that makes cost effectivaiieeof a more expense material like diamond
(PCD) for use in bearings. The same would bedfien MHK application which might require
the use of special ships or rigs to extract themmacand replace failed equipment. It is easy to
imagine that maintenance of MHK machines would dpg\aalent to, or even more expensive
than, the trip necessary to change down-hole migilools.

PCD bearings applied in MHK would make the usthefsurrounding water as a lubricant
possible. This in turn would allow for simple amdbust bearing designs, which minimize
maintenance and eliminate the potential of enviremtal lubricant leaks. Further the hardness
and abrasive resistance of PCD would also minireffexts of sediment contamination on
bearing life and performance, a potential issueear shore tidal applications. In addition
sediment contamination is less likely to affectrbeaperformance when PCD bearings are used.
Finally, USS has demonstrated that these bearipgsate effectively regardless of speed. Slow
operation where the bearing surfaces are rubbindpbeaaccommodated as can faster operation
where a fluid-film is present (this will be claefi later). The ability to do this makes the
start/stop operation of tidal MHK machines a noalbpem.

An additional goal of this work was to move thehiealogy readiness level (TRL) of PCD
bearing technology forward, specifically from TREBTRL 4. To accomplish this a project
objective and a specific set of tasks were idesdiind documented in a ‘Statement of Project
Objectives’ (SOPO) document that included sevegiBpéasks to be accomplished. The project
objective as stated in the SOPO is: “to demorestrat a diamond thrust bearing will have the
necessary life and operate with the necessaryegitig (lack of friction) under conditions
similar to those expected in MHK applications.” that end the tasks enumerated in the SOPO
were completed and the results and conclusionsdon task enumerated in the SOPO are
reported in this document. The specific resultsefich task are given in Appendix 11.1.

The work presented shows that PCD bearings subch@ngewater environment easily
survive the anticipated MHK static and cyclicaldsa In addition a simulation of start/stop
operations demonstrated an anticipated life thaldcbe equal to at least 11.5 years. In addition
a basic understanding of the important performamacebles was won, making it possible to
make approximate design recommendations basecdedretirings primary mode of operation, be
it primarily slow running with bearing surfaces hitig or quicker operation with bearing
surfaces separated by a fluid-film.

Finally, USS has made a successful outreach tstndand the R&D community at large.
Two papers have been accepted and will be presentgdhe course of the next year. A patent
has been applied for and US Synthetic Bearingsdesdified at least three potential customers
who seem willing to evaluate and perhaps test P@bahd technology in their prototype MHK
machines.



2.0 Background
2.1 Polycrystalline diamond (PCD)

The invention of man-made diamond is generallytatted to Tracy Hall (Figure 2-1) who
was a high pressure high temperature material retser@at General Electric, Schenectady, NY
circa 1954 (Hazen, 1999). Working with high pressand temperature equipment, he and a
team of researchers were the first to transforrplyta to diamond crystals (Figure 2-2).

Figure 2-1. Dr. Tracy Hall, researcher at General
Electric and key contributor to the invention of timnan-
made diamond. (source: http://www.novatek.com)
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Figure 2-2. Carbon phase diagram: graphite with added heapeegsure form
diamond. (source: US Synthetic internal presematio

Now routinely, man-made or synthetic diamond isigr@t high pressure (1,000,000 psi)
and high temperature (2700 degreesadgi)g large high pressure high temperature présses
that shown in Figure 2-3 that mimic the condititimst produce natural diamond in the earth.
The product of this process are individual synthdiamond crystals like those shown in Figure
2-4.



Figure 2-3. A high pressure high temperature press used to
produce synthetic diamond. (source: USS internal
presentation)

Diamond Powder

- _' T _
Figure 2-4. Diamond powder (left) and individual
synthetic diamond crystals (right). (source: USS
internal presentation)
These single synthetic diamond crystals can be shtared together to form polycrystalline
diamond or PCD. Like the synthesis process faglsidiamond crystals the sintering of
individual diamond grains into polycrystalline diand takes place under the same high pressure
and temperature environment (Figure 2-5).
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Figure 2-5. Scanning electron microscope (SEM) micrograph@DRt 500X
magnification.

The USS process places diamond grit on a tungsidaide, WC, substrate. This assembly is
then placed in a proprietary cube which containsternal furnace which, in turn, is placed in
the high pressure press as shown in Figure 2-talCthat is in the WC migrates through the
diamond and facilitates diamond to diamond bonding diffusion bonding to the WC substrate.
The end product is a right circular cylinder witdiamond layer between 1 and 4 mm thick. The
diamond table thickness differentiates PCD fromeothiamond like coatings that often are .025”
thick or less (Surface Technology, 2012). The &utigl thickness proves to be an advantage
for heat conduction and strength. A disadvantadbat this material must be made in a limited
volume high temperature high pressure press whi¢trn limits the size of each PCD part.
Larger surfaces must be put together in mosaigdash

Figure 2-6. Diamond powder, tungsten carbide
substrate (WC), high pressure/high temperature,cube
and a complete diamond compact.



PCD has the advantage that there are no singleplamreferred fracture like those found
in single diamond crystals. This is because ofdmelom orientation of all the single crystals
that make up the structure of PCD. In additionDRs outstanding thermal and strength
properties which are enumerated in Table 1. Tpesgerties make PCD an excellent choice for
a bearing material.

Table 1. Properties of PCD and other hard materials formamson.

Properties Polycrystalline Tungsten  Steel Silicon  Silicon
Diamond (PCD)  Carbide (4140)  Mitide  Carbide

Coeflicient of 0.05-0.08* 0.2-0.257 0421

Friction

Thermal 543 70 426 30 85

Conductivity

(WIm*K)

Fracture 13-15 10-25 50 - 354

Toughness

(MFavm)

Hardness 49.8 1.8 0.2 1.8 24

(GPa, Knoop)

Compressive  6.9-7.6 268 = = 25
Strength (GPa)

Young's - am 669-696 205 296 434
Modulus (GPa)
Tensile 1,300-1,600 334 415 520 500

Strength (MPa)

“ASI 4140 Steel, annealed at 815°C (1500°F) furnace cooled 11°C (20°FVhour to 665°C (1230°F), air
cooled, 25 mm (1 in.) rouni1100°F) temper
“t PCD on PCD in H20, dynamic, dynamic

tTungsten Carbide on Tungsten Carbide, static

; Cooley, US Synthetic; Jiang Qian, US
tWeb.com, Cerco

PCD product has been used for years in machinidggending applications. One well
proven use is as cutting elements in drill bitsduge drilling oil and gas wells (Figure 2-7).
PCD has found application as bearing pads for aeumf oil and gas related applications
(Figure 2-8). For example, bearings use PCD pangaoted on the WC substrate and brazed
into a ring, see Figure 2-9. Unlike conventionahbngs which have one half the bearing
configured with discrete pads and the other hatlfi\@irunner which has a continuous bearing
surface, diamond bearings have both the statoraatbr configured with discrete pads. This is
a consequence of the limit on part size as destpbeviously.



Figure 2-7. Diamond is used in drill bits and drilling toolsdhapplied
in the drilling of oil and gas wells. Shown arstaering assembly and
a PDC drag bi

Figure 2-8. Diamond is used in bearings for the oil and gasistry.

High Temperature,
gf,’;gf}gﬂ,? :EEsiant Sintered, Polycrystalline

Diamond Table

-. Tungsten Carbide
Substrate

\

Stainless Steel Bearing Body

Figure 2-9. PCD compacts are brazed into a metal
ring to fabricate a bearing.



2.2. Bearing design considerations |

In conventional slider bearings, the surfaces arsptetely separated with a “relatively
thick” layer of lubricant in a manner that the sids do not touch each other. Ideally, the
hydrodynamic film thickness is several fold gredbem the composite surface roughness so that
it fully covers the surface asperities and fullptects the mating surfaces. This would imply that
the bearing life would be infinite were it not fetop/start or the possibility of contaminants that
are always present in the lubricant. Both stag/stad contaminants cause wear and reduce life.
Nevertheless, when a fluid-film is present the motieibrication is said to be hydrodynamic.

2.2.1. Incline-pad and pivoted thrust bearing desig

In conventional thrust bearings, the rotating membee., the slider—is a single, un-
segmented surface that slides against a serigatmmary pads arranged circumferentially. The
stationary pads are separated from each otherdgy gl@oves or channels filled with a lubricant.
In the case of the so-called inclined-pad thrusribg design, the combination of each sliding
and stationary body form a convergent wedge, whpaim rotation of the slider draws the
lubricant inward, completely separates the surfacescreates hydrodynamic pressure within
the bearing clearance. Thus, each pad is capalglenafrating hydrodynamic load-carrying
capacity, and the total load-carrying capacityingpy the summation of the load-carrying
capacity of the individual pads. In this type ddearing, the inclination angle becomes an
important design consideration since it is the nagant for creation of the physical wedge, a
factor that mathematically represents the “souecstt in the Reynolds equation (Figure 2-10).

An alternative design to the inclined-pad shapdigaration is to incorporate a pivot under
the stationary pad to allow it to automaticallywsldjits inclination angle to match the load. The
optimum pivot location is typically about 60% awlagm the inlet. If the pivot is placed at the
optimum location, the sliding direction must belstitat maximum and minimum film
thicknesses are, respectively, at the inlet anso that physical wedge forms from the high
film thickness to low film thickness. This implidsat the bearing cannot operate in bi-
directional mode. If the pivot is placed centraty50% location, then the bearing operates
analogously to that of a zero-inclination angleithibearing. That is, theoretically the stationary
and the slider surfaces are parallel, and surfeaesot hydrodynamically generate load-carrying
capacity. That is to say, mathematically the soteom in the Reynolds equation vanishes.



The bearings tested in this study had no pivottpera were simple parallel surface
bearings. In practice even parallel surfaces airgli motion do create some load-carrying
capacity due to a variety of factors such as visgegedge, density wedge, surface waviness and
elastic deformation. Regardless of the underlyhgsical mechanisms involved, many
centrally-loaded bearings function properly, allzia lower design load-carrying capacity.
Centrally-loaded, pivoted-pad thrust bearings aa@lfel surface bearings have the advantage of
operating in a bi-directional mode. That is, th&ation can be either clock-wise or counter
clockwise. Yet surprisingly there is very littlefammation available to assist the engineer at the
design stage. The operation of flat, parallel mggriremains, to a large extent, a paradox (Booser
& Khonsari, 2010).

———
Taper s PR

Tilt pad e

Flat

A A A A A A

Figure 2-10. Schematic of a taper bearing (incline
pad with a parallel extension), tilting pad, arat fl
parallel surface (Source: Khonsari & Booser,
2008).

Referring to Figure 2-11, according to Khonsari &wser (2008), practically a parallel-

surface bearings, or centrally-pivoted thrust bregroperates at the inlet-to-outlet film ratio of
h

a= h—1 = 2. This is a very useful and an important guidelinelfearing design.
2
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Leading/trailing edge film thickness;/h,

50 55 60 65

Pivot position, % of pad length

Figure 2-11. Film thickness variation with change in the pivot
location. Curve (a) is based on rigid flat anadyad the dashed line
(b) is based on experience including thermal aedsure-induced
deflection in a conventional thrust bearing (Soukdsonsari &
Booser, 2008).

2.2.2. PCD thrust bearings and highly-loaded begasperation

The first generation of the USS thrust bearingiézes a series of circular-shaped pads made
of polycrystalline diamond compact (PDC) placedwmnferentially on the stationary and
rotating parts. To evaluate friction, experimemsits are conducted on a test rig designed and
built at USS. This rig is capable of running a widage of speeds (0-3000 rpm) and load (0-
60000 Ibf).

When a bearing operates under extremely high kb&dyydrodynamic action may be very
small and the surfaces come into an intimate confeca result, there is significant heat
generated in the bearing, which if excessive caulrén bearing failure. To this end, PCD pads
are extremely valuable for their superior thermcehamical properties. Specifically, the thermal
conductivity of diamond is 12-fold greater thanttbhthe stainless steel counterpart and this is
the major advantage of PCD bearings. Interestirepdiensive experimental testing data with
PCD thrust bearings as performed by USS reveallieate bearings can operate in the
hydrodynamic regime. Specifically, the resultshad friction coefficient when plotted as a
function of the operating speed appear to showlairBitribeck-type behavior normally observed
in conventional bearings (Stribeck, 1902). (Figen&2)

11
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Figure 2-12. Stribeck curve relating lubrication regime and
friction coefficient to viscosity, rotational velibg, and
pressure.

2.2.3. Diamond-pad shapes

Diamond bearing pads can take on different shapgganfigurations. The original pad
shapes pertaining to this project were circulanwkeleer, more recently, USS Bearings has
developed bearing pads of wedge-shape configurdtiomhat follows we discuss the pertinent
conclusions from testing for both circular and wedtpape pads. Note that in contrast to
conventional bearings, both the slider and theastaty pads are segmented and distributed
circumferentially.

2.2.4. Design considerations I: Summary

In summary, for conventional and diamond planelidirgy bearings there are several modes or
regimes of lubrication, Refer to Figure 2-12:

» During rubbing contact in the presence of a lidulaticant, there is contact between the
high spots, asperities (boundary lubrication). mBwpawear would occur and friction
results because of the asperities bumping andisigeas the two surfaces move past each
other.

* As speed increases, there is both rubbing contatcthe beginning development of a
pressurized film (mixed mode lubrication), beanvmgar would be reduced but it still
occurs.

» As speed increases further, the surfaces are ctehpseparated by a fluid-film and there

is no contact of the surfaces. (hydrodynamic ludiron). There would be essentially no
diamond wear.

12



3. Bearing development and experimental methodology

Diamond bearings applied to MHK would potentialpyeoate in all lubrication regimes.
Therefore, how much the diamond bearing pads wéblbeimportant for determining life
estimates and how quickly the bearing developsid-film, also important for efficiency and
wear considerations.

All conventional bearing analysis methods assumeinuous runner and most
experimental data is based on bearings tested astogtinuous runner (Figure 3-1). In contrast
diamond bearings must be built from relatively drpalts that are formed into tiled or
segmented pads. Segmented or pieced togethensummdto be developed to accommodate the
fact that the size of PCD pad elements is limitgdhe high pressure sintering constraint.
Bearing performance of segmented diamond bearmgkerefore, largely untested, or if testing
has been done, it is not published and, theretorenown in the industry.

Figure 3-1. A tilting pad bearing, model (left), generally hmsontinuous runner (right).

An experimental and analytical approach had toexeldped for this work that would
answer the unknowns regarding segmented diamonthgsavhile also answering whether
these bearings would operate well in MHK applicagio The developed experimental and
analytical approach included:

* Conducting the experiments using water as thedabnig fluid.

» Choosing parameters that reflected the anticipspeeds, loads, cyclical loading, etc. of

MHK applications.

» Designing and building three iterations of diam@seigmented) bearings and testing the

resulting performance.

* Applying, after each iteration, what was learnethi® next iteration;

« Subjecting the final design to cyclical life tegisevaluate the resulting bearing wear.

Loads and cycles for life tests were based on athgbical tidal turbine operating in a
tidal stream with velocities between 0 and 2 mpla¢kiay 2009) (Figure 3-2).

13



Figure 3-2. Hypothetical rendering of an MHK turbine (left),cha cut away view of
the turbine revealing a PCD thrust bearing (right).

3.1. Analytical model development

It was hoped experimental results could be useeiidy new analytical techniques that
would account for the segmented nature of the bgatinner and allow us to estimate bearing
performance ahead of time. This task proved miffiewdt than anticipated during the proposal
process. Nevertheless, the following was accorngtis

» Design guidelines for circular pads were developed.

 Initial calculations of lift off point or beginningf hydrodynamic behavior were made.

(This was found to be very time consuming and mactical for routine design work.)

14



4. Experimental procedure, results and discussion
4.1. Experimental procedure

Bearing designs were subjected to the followingesoi tests to determine which design
would likely perform the best in an actual MHK apption and what the advantage of each
design might be. Each of three design iteratioas subjected to some, but not necessarily all of
the following test procedures. Based on the erpanmial results and the opinions of the study
team, the best design was chosen and used aslabd&sethe next set of experiments. A total
of four experimental sets were conducted with #st $et of experiments being life tests where
the surviving bearing designs were subjected ttiaalspeed and loadings that simulated the
conditions of a bearing in an MHK application.

All MHK thrust bearing tests were conducted in thrist bearing test stand illustrated in
Figures 4-1 and 4-2. The thrust bearing assensbégiirounded by a test chamber which serves
to retain the bearing cooling and lubricating fluedwater/glycol mixture. Fluid enters the test
chamber at location “A” through the stationary legrring and flows around the individual
PCD bearing pads on both bearing rings before rexithe chamber at location “B”. In the
process of flowing through the chamber, the fluild the chamber and completely submerges
the bearings. All tests were conducted using Ieidtiwater with 5% ethylene glycol to help
control corrosion of the test stand. All bearingsre run through a “break-in” test at 400 RPM
(4.1 ft/s) and 20,000 Ibf for approximately 2 hqutgs was an attempt to give all bearings the
same surface finish to reduce variation in resuits improve performance.

PCD wear pads
B

Torque cell A Fluid flow path
e o =t |

|
/ Rotatmg bearing
|

|
|
: Rotation
|
|
|
|

|

: i \}\ Stationary bearing
N |

|

1
oy . o
| Stationary side | Rotating side|

A
Fal

F—t

—— e

d

Fig. 4-1. Thrust bearing test stand (top) with a rotating ~ Fig. 4-2. Schematic of the thrust bearing test
thrust bearing (bottom left) and a stationary thhesaring ~ apparatu:
(bottom right).
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Axial loads were applied to the stationary bearryga hydraulic ram as indicated by
force “F” in Figure 4-2. An electric motor providé¢he rotation to the rotating bearing. Friction
coefficients were determined from torque values suead in a torque cell that was situated
directly behind the stationary bearing. Axial loaalues were also determined using a strain
gaged load cell.

As part of the contracted work, modifications wanelertaken to the test facility such
that the conditions of MHK could be more closeiyslated. Specifically, an additional flow
loop was added that allowed the circulation ofwhaer/glycol mixture (previously only testing
with oil had been done). Control software and har@ were improved to make possible
conducting extended tests of several days duratointo perform cyclical tests where both
rotational speed and load could be varied to sitaulee anticipated MHK environment.

US Synthetic standard test bearing rings are caagrmf a circular array of cylindrical
PCD wear pads set at a pitch circle of 2.35 inctieswear pad diameter is .528 inches. The
rotating and stationary rings contain 11 and 12 R¥&@r pads, respectively. These wear pads
are brazed into equally spaced pockets in thepes/e rotating and stationary stainless steel
carrier rings.

Figure 4-3 shows bearing configurations testedutindthe course of this contract. The
configurations discussed were designated as folla@8/R/15WS, 15WR/16WS, 15WR/15WS,
and 11CR/12CS. The number designates the numlipadsf the letter (C) or (W) designates
circular or wedge-shaped pads, and (R) or (S) @snehether it is the stationary bearing or the
rotating bearing, referred to herein as the rotat stator. The 11CR/12CS bearings, which are
the standard test bearings and described above,tested for comparison with the
hydrodynamic designs, or those bearings using #ageshaped pads. These configurations
were evaluated in friction, failure, and life (wgtests as described below. The wedge shaped
bearings had the same pitch circle as the starmzdng.
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12CS 15WS 16WS
Fig. 4-3. Bearing configurations used in the MHK test; tistftwo numbers indicate the number of inserts on

the ring, the first letter designates circular ¢€wedge-shaped pads (W), and the second lettegraass a rotor
(R) or a stator (S) bearing.

Engaged surface area of each bearing combinatiresented in Figure 4-4. This was
calculated using solid modeling software and regmessthe average bearing pad surface area
engaged with the mating part. This number staygively constant even with relative rotation
between the stator and rotor rings with in a taleesof a few percent. Flow area for each
bearing configuration was also calculated and aswshin Figure 4-5. Flow area represents the
minimum channel area that the lubricating fluideseas it transits from the inner diameter of the
bearing to the outer diameter of bearing duringrigs Here, the trend is opposite that of
engaged area, e.g. circular bearings had the hiflbesarea but the least engaged area.
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4.2. Types of tests performed and their purpose

Friction tests were performed with the purposeetednining how quickly the
hydrodynamic film was generated and how effectithb/bearing configuration carried load.
The results from this test are plotted as frictoefficient versus bearing speed. This produces a
curve that is much the like the classical Stribeakse as described earlier in Figure 2.12. Each
test was performed at constant load and a seriestsf were usually performed at several loads
from 2000 to 8000 Ibf. Comparatively, a bearingog transition into hydrodynamic lubrication
occurs at a lower speed is considered more desit@dause of its ability to generate a full-film.
This can be determined by examination of the friittiest trace creating a distinct minimum.
Bearings that demonstrated the lowest friction @alat the lowest rotation speeds would be
considered best. The least difference in the mmefit of friction traces between high load and
low load test cases would mean good load carryapacity. See Figure 4-8.

Constant load life tests were performed with thgopse of understanding the
performance of the bearing over time. Load was bettstant at 10000 Ibf and speed was held
constant at 2000 rpm for 70 hours duration. This severe test that always starts out in the
mixed mode lubrication regime with the surfacesain@ partial contact and, therefore,
generating heat and wear. This test quantifiebdaging configuration’s ability to withstand
premature failure during the ‘wear-in’ phase of ti@arings life. Also, a transition point (TP) or
time when the lubrication regime changes from ragkio hydrodynamic lubrication can be
observed. See Firgure 4-10.

Bearing load capacity tests were performed to deter at what specific load a bearing
configuration fails. During these tests speed wedd bhonstant while load was slowly (3 1bf/s)
increased until failure occured. Failure is usualthermally induced break down of the
diamond bearing surface. Cobalt extrusion fronhwitthe sintered diamond, surface
fracturing, and graphitizing of the diamond areeafldence of thermal failure (Figure 4-6). The
bearing that sustains the highest load beforer&aikiconsidered to have the best load
performance. This test is also a measure of argeeonfiguration’s ability to transfer the
generated heat of friction in to the cooling luant stream. Results are also dependent on how
efficient the bearing runs, that is to say, hotldiheat it produces. This, in turn, is related to
how quickly the bearing achieves hydrodynamic rogni
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E’i‘:ﬁ:i'a 33
Fig. 4-6. Thermal failure in an 11CR bearing (left) and &/ bearing (right).

Cyclical loading tests were performed to deterntioe well a bearing configuration
holds up to simulated MHK conditions. Load and speere cycled to simulate the start and
stop of the MHK environment. Load and speed patersare based on a submerged turbine
machine operating in 3 feet/sec flow while subjddtestart and stop cycles every 12 hours.

4.3. Results and discussion
4.3.1. First set of experiments

Referring to earlier work using oil as the lubritahere is a substantial difference in
performance between wedge-shaped pads and cishdged pads as seen in Figure 4-7. This
of course raises this important question; whatlaeeerformance differences in water
compared to oil? To address this question, tisé tiests were performed to compare circular
versus sector-shaped or wedge-shaped pad perfoernamg water as a lubricant. All testing
was performed using a water/glycol mixture for lilnericant. Two wedge-shaped geometries
bearing sets, 15WR/16WS and 16WR/15WS, were tmgldcampared to the circular shaped
bearing, 11CR/12CS.
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Fig. 4-7. COF comparison of circular pads and wedge-shapdd fested in oil (TP

denotes onset of the transition point).

It is important to note that when 16 wedge-shapathdnd bearing pads are used to
populate the ring it creates an almost continugaiidnd surface. One bearing configuration
had this almost continuous diamond surface ondtw,rl6 WR/15WS, and the other bearing
had the almost same continuous diamond surfackeostator, 15WR/16WS. Both were
compared to our standard test bearing, 11CR/12{g8ré~4-3. The continuous diamond surface
on the rotor, 16 WR/15WS, possesses the bearinggewation that is most like conventional
tilting pad bearings which have rotors that ardtlwath a continuous bearing surface.

4.3.1.1. Friction tests

Several friction tests were run on each singleibggrair. For each test the load was
held constant and the speed, rpm, was increas#@Dwrpm. Tests at loads of 2000, 4000, 6000
and 8000 Ibf were conducted for each bearing candition. RPM was increased in intervals and
then held constant for about an hour to allow thigue and bearing temperatures to stabilize.
Each test required about 24 hours to complete. foO&ach load is plotted versus RPM for each
bearing configuration and shown in Figure 4-8.
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Fig. 4-8. COF comparison of 11CR/12CS, 16 WR/15WS, and 158\RR configurations
versus speed. See text regarding negative COExalu
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It was observed that the measured torques weresiagplow, in fact, almost below the
resolution capability of the load cell. In someses, negative friction coefficients were recorded
which of course are unphysical. This is mostljikbe result of small calibration errors in the
torque load cell that showed up at these low, tlearesolution of the torque transducer,
readings. This unfortunate uncertainty has madetmparison of the absolute coefficient of
friction values of the various bearing configuraggroblematic. Nevertheless, there are still
important differences evident in the data that éelphoose the best designs. These will be
discussed in due course.

The wedge-shaped bearing with the near continuadgppulated stator, 15WR/16WS
performed with the least noise and most consisterityvas most able to carry increased load
based on the fact that it had the smallest difiezeaompared to the 2000 Ibf and 8000 Ibf traces.
At lower RPM, levels when the bearings are mosbabdy in mixed-mode lubrication regime,
there is considerable variation at each RPM leWdéle duration of each RPM step is about an
hour and it is believed that the change in COFrdptinis time is because of continued ‘wear-in’
of the bearing

The circular pad bearing, 11CR/12CS, showed evielenpartial ‘wear-in". The 2000
Ibf test had a higher friction than the 8000 llsttelt is assumed that the bearing was still
wearing-in during the 2000 Ibf test which was perfed first and continued to wear-in until the
8000 Ibf test which was performed last was compl@éner test results normally show COF
increasing as load is increased, see Figure 4-8hid case, however, it is assumed that the
improvement of COF values as load is increasedesat of continued ‘wear-in’ during the
entire test.

To confirm the above, detailed COF versus time deggplotted in Figure 4-9 for the
2000 and 8000 Ibf traces at 150 and 2850 RPM ertsely. All 2000 Ibf traces show
significantly higher COF and noisier data than¢baesponding 8000 Ibf trace. The 8000 Ibf
trace at 150 RPM shows the remnants of ‘wear-mcesiat the very beginning COF starts out
high, but quickly declines to approximately .031eT8000 Ibf data are very smooth when
compared to the 2000 Ibf trace at the same RPM28A0 RPM the 8000 Ibf trace is smooth and
the COF of friction is lower than all previous tegc The improved bearing performance at 8000
Ibf would be consistent with the bearing finallycbening ‘worn-in’ at this point in the test.
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Fig. 4-9. COF versus time for an 11CR/12CS configuratiotn\&®00 and 8000 Ibf at 150 and 2850 RPM.

4.3.1.2. Constant load life tests

Constant load life tests were performed on theseedaearing combinations. These tests were
performed, after ‘wear-in’, at 10,000 Ibf and 2RBM. The 16WR/15WS failed early at about
35 hours into the test. Note that the rotor hagdds which constitute an almost continuous
diamond surface. This configuration would be samib conventional tilting pad bearing
architecture as noted earlier. The other two ceméiions, 15WR/16WS and 11CR/12CS,
survived. Both of these bearings had segmentesl @adhe rotor that are circumferentially
distributed. Figure 4-10 presents these data eficent of friction plotted against time.
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There was a flow rate discrepancy of about onedwldon per minute out of a total of 5
gallons per minute (GPM) flow rate. The 16WR/15%{&rated at about 5.0 GPM flow rate.
Due to the unexpected pumping action created bgegeented wedges of the rotating 15 pad
geometry of the 15WR/16WS it operated at aboutC3B/.

Despite the flow rate differences, which could plgsxplain the early failure, the study
team was concerned that the 16WR/15WS failed whéeother two bearings survived. A
subsequent test was conducted that confirmedhkabtor with fewer pads creates a pumping
action in the lubricant. This pumping action isiédeed to be beneficial since it encourages local
flow velocities which in turn help with the coolirg the diamond. Therefore, it was decided on
future designs to make all rotors with widely smhpads to encourage pumping action.

4.3.1.3. Lessons learned from the first set of erpents

* Rotating the segmented part is best because @iutim@ing action on the lubricant and
better cooling of the diamond pads.

* Wedge-shaped bearings develop a fluid film at lospereds compared with round
bearing pads.

* Round bearing pads and wedge-shaped pads with abmatsnuous diamond surface
stators survived the constant load life test wtiikecontinuous diamond surface rotor did
not.

* Despite what was thought to be adequate ‘wearfimcgdures, there was still evidence of
inadequate ‘wear-in’ that affected COF results.

4.3.1.4. Design recommendations based on thesitsdf experiments

* The study team decided that all future designs @oahfigure the stator as the part with
the most bearing pads. This creates a bearingst#ferent from normal practice where
the rotor is a continuous surface and the pad ibgasistationary.

* The study team decided to investigate differentlmioations of bearing pad densities
distributed around the circumference of the rotat stator.

4.3.2. Second and third set of experiments

The next generation bearing designs for iteratremand three had the following
configurations: 11CR/12CS, 15WR/15WS, 15WR/16WBNVR/16WS, and 12WR/15WS.
Please refer to Figure 4-3. All of these confagions have lower pad count on the rotor as
decided in the previous testing. Two had only &8spon the rotor, a more wide open
configuration with ample space available for lubritflow through the bearing. See Figure 4-3
and the plot of flow area, Figure 4-5.
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Each bearing set was subjected first to the fmctesting, then the constant load life test
and finally the bearing load capacity test wheeelibaring was eventually loaded to failure. If
the bearing survived the first loading to the maeleapacity the speed was increased and the
bearing was tested again until failure at the nehdr speed. This process was repeated until
failure occurred.

4.3.2.1. Friction tests
‘Wear-in" and test procedure were performed asiptesly explained. Plots were

prepared as before and are presented in Figure 4drlcomparison test results from
11CR/12CS and 15WR/16WS of the previous test itaraire presented again.
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Fig. 4-11. COF versus RPM comparison for 11CR/12CS, 16 WR/15V88/R/16WS, 12WR/16WS,
12WR/15WS, and 15WR/15WS configurations.
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It was observed that all wedge-shaped geometrtableshed fluid-films before the
circular counterpart. The 15WR/16WS and the 12V8R/$ tolerated increased loading the best
as judged by the relative small differences betwber2000 Ibf and 8000 Ibf trace.
15WR/15WS ranked second and 12WR/16WS ranked third

Transition points (TP) are labeled on the graphtbe@tpproximate location where
hydrodynamic behavior occurred (lift off). Thiwgs an approximate ranking as to which
bearing achieves hydrodynamic running the quickesthis regard 15WR/16WS is the best.

Additional repeat friction tests were performe®@00 Ibf load for the following bearing
configurations: 15WR/15WS, 15WR/16WS, 11CR/12Gfl &2WR/15WS and are presented
in Figure 4-12. Bearing configurations 15WR/15%f8112WR/15WS repeated reasonably well
with previous tests while bearing configuration€RI12CS and 15WR/16WS did not. Itis
believed the difference between the original ampea¢ tests results may be because of in
complete ‘wear-in’, similar to what was experiencedhe first set of experiments with the
11CR/12CS bearing configuration.
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Fig. 4-12. COF comparison of 11CR/12CS, 15WR/16WS, 12WR/158%8,15WR/15WS configurations
versus speed at 6000 Ibf repeated friction tests.
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4.3.2.2. Constant load life tests

‘Wear-in’ and test procedures were performed agipusly explained. Plots also
prepared as before and presented in Figure 47l&se tests were performed after the friction
tests described above on the same set of beafingsomparison test results from 11CR/12CS
and 15WR/16WS of the previous test sequence asepted again. The point at where the
bearing ‘wore-in’ is also indicated with ‘TP’.
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Fig. 4-13. COF versus time for 11CR/12CS, 16 WR/15WS, 15WR/$6W2WR/16WS, 12WR/15WS, and 15WR/15WS
configurations during a test with a constant 10,@0oad and a constant 2000 RPM speed.
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It was observed that all bearings started outietidn coefficients between 0.02 to 0.04.
After a ‘wear-in’ time, friction coefficients drartieally reduced to below 0.01 or below. Each
bearing ‘wore-in’ at a different time and operatexin that point on at low friction levels
indicative of a transition to hydrodynamic or fltfitm operation. ‘Wear-in’ times were
approximately as follows:

Table 2. Approximate ‘wear-in’ time and engagement areaasfous bearing

configurations.

Bearing Configuration At%pvrvzgr_r;ﬁt(ehtrlge Egg:agtz,lrz%n :
11CR/12CS 0 1.581
15WR/15WS 9 3.910
12WR/15WS 10 3.306
12WR/16WS 12 3.507
15WR/16WS 42 4.335

Except for 15WR/15WS bearings with more engagerasrd required longer to ‘wear-in.’
4.3.2.3. Bearing load capacity tests

Bearing load capacity tests were performed at 5 Gt of the tests) and later 17
GPM (a few tests). Load at failure and speciiad (load/engaged area) are plotted as a
function of rotational speed for all the bearingdy tested included base line results using oil as
the lubricant for comparison, Figures 4-14 and 45.&PM). Further, load at failure is shown
in separate plots for 400 rpm and 1000 rpm for dmearing type tested, Figures 4-16 and 4-17.
An arrow associated with a data point indicatesotbering did not fail and the machine capacity
was reached. In such cases, the bearing wastegttaisa higher speed. This procedure was
repeated until the bearing eventually failed.
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Fig. 4-15. Specific load at failure versus speed for varioasfigurations.
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It was observed that the 12WR/15WS bearing cordijom has a high load-carrying
capacity (even though the engaged area is noatbgedt) both with regard to ultimate load and
specific load (load/engaged area). The 15WR/15%fBiguration was as poor performer except
at 2000 RPM. The most data points were availadiéhe round insert bearing, 11CR/12CS. It
clearly performed better in water than in oil alilgh there was a lot of variation evident with
failure ranging from 22,000 to 50,000 Ibf at 100BNR On average, the load at failure was the
lowest for the 11CR/12CS bearing of all the bearitegted at 1000 rpm; however, it was a
strong performer at 400 RPM. When viewed from dpelwad (load/engaged area) capacity the
11CR/12CS bearing did better.

At 400 RPM all bearings sustained the load limithed machine except the 15WR/15WS
configuration. It should be noted that at 400 RB®Aring operation for all configurations is not
hydrodynamic as seen from the friction testing tsquresented earlier. This means load
carrying ability at 400 RPM in mixed mode lubricatiis dictated by how effectively heat can be
transferred out of the bearing into the lubricatfilgg.

The 11CR/12CS configuration performed well at 4G0MReven though it has significantly
less engaged area when compared to the wedgeda@iions. The reason for this good
performance may be the cooling that the open fleangetry of the round parts afford (see the
flow area plot, Figure 4-5). In addition, the radumearing pad geometry minimizes the distance
from the center and hottest part of the diamondtpdde edge where the cooling fluid takes the
heat away.

At 1000 RPM the wedge shaped parts out-performeditisular parts except for bearing
configuration 15WR/15WS. Referring to the frictitast results at 1000 RPM, wedged-shaped
bearing configurations were hydrodynamic or clasbding hydrodynamic. The circular parts
appeared to be in transition at this speed. Tleians that the wedged-shaped bearings were
operating more efficiently than the circular shapedring. This is further substantiated by
looking at water temperature differences betweenrtlet and the outlet of the test apparatus and
torque versus thrust load as shown in Figures 4rbB4-19.
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The 12WR/15WS configuration developed the leasjuerand temperature difference
signaling the most efficient running in combinatiwith the best heat transfer out of the bearing.
The 11CR/12CS configuration was the least effigibat it is known from the 400 RPM
capacity tests that it can transfer the frictiameét effectively; so its poor performance is the
result of more frictional heating because of treklaf full fluid-film development, i.e. the
circular pad bearing was operating in mixed oriphrtibbing mode.

Why the 15WR/15WS did not perform well is not knowlhhas since been learned that
failure tests are very sensitive to test apparaligament which could be a cause, or it could be
that this bearing is not cooled as well as othersits rather constrictive flow area (see Figure
4-5).

In summary the 12WR/15WS and 15WR/16WS showedghtdliut not a significant
advantage. The 12WR/15WS which has a very open gegiio the cooling fluid performed the
best. The good performance is believed to be Ilsectuis design represents a good compromise
between developing a hydrodynamic film at loweresjseand an open design that allows
generous access to the diamond for cooling. Bhigrther confirmed by the torque and water
temperature difference data which shows the 12\WRABperating with the least friction and
the lowest temperature difference between inletartbbt temperatures. Lower temperature
difference can mean less contact between surfgegiags. This means there less rubbing, more
efficient operation, and less bearing surface wear.

Dependence on failure load versus flow rate isgaesl in Figure 4-20 that plots specific
load at failure against flow rate at 1000 RPM. émeral, increasing flow rate increases bearing
load capacity but not by a large amount and somégroations benefited more than others.
The most data are available for the 11CR/12CS guordition where the wide variation in failure
load may be due to mixed mode lubrication as careballed from looking at the friction test
results for 1000 RPM.
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Fig. 4-20. Specific load at failure versus flow rate for waur$ configurations.

4.3.2.4. Lessons learned from second and thirdfsstperiments

From the friction testing the 15WR/16WS best haddhereased loading although this
capability did not seem to confirm during the regeat.

The 15WR/16WS required the longest time to ‘weaamseen from the constant RPM life
test.

Based on the ‘wear-in’ results, bearings with #dmgést engaged area take the longest to
‘wear-in’.

From the capacity tests at 400 rpm (in the rubloiogle), all but one of the wedge-shaped
bearings reached the limit of machine capacity.

From the capacity tests at 1000 rpm, the 12WR/19\3ates the most efficiently.

4.3.2.5. Design recommendations based on the secahthird set of experiments

The 12WR/15WS bearing configuration is a good desgt combines good hydrodynamic
performance with good dissipation of the frictidpajenerated heat.

Increasing the flow rate improves load capacitevétheless, the 15WR/16WS performed
unexpectedly worse at higher flow rate. It mayha the rather restrictive area available for
flow did not allow this bearing to take full advage of the additional cooling.

The circular bearing is effective at transferrirggathout but does not operate as efficiently at
1000 RPM.
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4.3.3. Cyclical loading experiments

Life testing was performed using only 2 bearingfgurations; 12WR/15WS and
15WR/16WS. These bearing configurations were ainbseause they performed well in the
friction and failure tests, and because they regmesl extremes in engaged area for wedge-
shaped bearing configurations. These life teste wesigned to represent approximately 8 years
in the life of a MHK machine. Six thousand cyckesre run to represent 6000 tides (diurnal
tide) or 3000 days. The rotational speed cycléd/éen 0 RPM and 300 RPM (3.1 ft/s), and the
loads cycled from 1500 Ibf to 6000 Ibf. The speaed load increased from the minimum to the
maximum values in one minute. Following a 5 seadwdll time the speed and load returned to
the minimum values in one minute. Approximatelytigkirs were required for 1000 cycles of
testing.

All parameters in the life tests were based oragsimptions that typical tidal currents
are between 3.3 and 4.9 ft/s and that a tidalstifeam can be evaluated like a wind farm
(Mackay, 2009).

4.3.3.1. Life (wear) observations

The tests for both configurations, 12WR/15WS ab@/R/16WS, were carried out
without signs of mechanical or thermal failure.sé|l both configurations showed improved
performance as the test progressed (as the beanagsin’). Figure 4-21 shows the cyclic
torque during 6000 cycles of the life test for IiWR/15WS and the 15WR/16WS
configurations. In general, the torque decreasedtione. Abrupt reductions in torque were
evident in both configurations. These significelmanges in torque are a result of bearing ‘wear-
in’. When observing the torque data between 10@0D2900 cycles it appears that 12WR/15WS
wore-in faster than 15WR/16WS.
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Fig. 4-21. Torque over 6000 cycles in the MHK life test fbet12WR/15WS (left) and 15WR/16WS (right)

bearing configurations.
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The intermittent torque spikes observed in Figugd 4t each 1000 cycle mark are due
to removal of the bearing from the machine for measents. At the end of each 1000 cycles,
wear and surface roughness were measured. THeetastg required removal from the machine
for measurements, and thus, the peaks indicateei@ning of the next 1000 cycle period. The
1000 to 2000 cycle region and the 2000 to 3000ecyagion have a significant reduction in
torque. This is probably the result of slight ralsgnment when remounting the bearing.

The surface roughness (Ra) of the PCD bearingseirivas also recorded. Figure 4-22

shows the decreasing roughness following each &9€leé stopping point for the 12WR/15WS
configuration. After each period, the bearingseweamoved from the test machine and the
surface roughness was measured. The surface imggloved faster in the tangential direction
than the radial direction, since the tangentiaction was approximately parallel to the
rotational motion. After approximately 3000 cyclé#gere was little improvement in the surface
finish in both the radial and the tangential dil@at
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At each stopping point during the life test, tleégiht of the bearing (i.e. from the bottom
of the steel ring to the top of the diamond surfaecas measured. The results are found in
Figure 4-23. Wear during the ‘wear-in’ period & mcluded in the Figure 4-22 data.
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Figure 4-23 shows the 12WR/15WS configuration waster than the 15WR/16WS
configuration. This could be due to the higherc#peloading on the 12WR/15WS. The
12WR/15WS had a maximum specific load of 1800 pgslemhe specific load on the
15WR/16WS configuration was 1400 psi. Using tlghkst wear rate from the 12WR/15WS
rotor of 2.1e-6 inches/hour, it would take over0@D, working hours (over 5 years) in the thrust
bearing test stand under the described parametersdr 0.1 inches. This is a typical diamond
thickness for PCD bearings, but the thickness cbaldthodified to increase the wear life.

A less conservative estimate would be using an-8.®ehes/hour wear rate which is
based on the average wear rate from the 15WR/168®W& s This wear rate would result in a
total wear of 0.1 inches in 100,000 working howaspfoximately 11.5 years).

4.3.3.2. Conclusions from cyclical loading expenntse

* Both the 12WR/15WS and the 15WR/16WS bearings gedvand performed with
minimum wear, while the 15WR/16WS showed the |eaesir.

» Bearing surface roughness improved dramatically polish as the bearings ‘wore-in’.

* Though the wear was minimal it would be advisabletlie bearings’ mounts in an MHK
apparatus be so designed that minimal wear caodmranodated and still maintain the
alignment of critical machine components.
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5. Design considerations |l

5.1. Simplified design charts for round-shape pads

The first task of the design study was to deterrtieefeasibility of developing an
approximate analytical prediction method for deteing the hydrodynamic friction in bearings
equipped with round shaped pads in order to estahlbasis for future developments.

It is appropriate to point out that all the avaiéathrust bearing design methodologies are
limited to sector-shaped pads, not circular. Aviogsly mentioned (Section 2.2.1 referring to
Figure 2-11), practical experience indicates tbatbnventional sector-shaped metal bearings, a
film-thickness ratio (inlet to outlet) df;/h, =2 can be used for preliminary design calculations
(Khonsari and Booser, 2008). While the extent afegal applicability of these guidelines for
circular-shaped pads made of PCD is not knows, iéasonable to assume that this conclusion
applies to round-shape pads as well.

A simplified analysis was developed based on tka @f equivalent areas that converts
the results of a “standard square-shaped” padatoofha circular-shaped pad. The results of the
dimensionless load plotted as a function of tha-tihickness ratio is presented in Figure 5-1.
These results were verified by performing a nuna¢@analysis of the Reynolds equation using
the finite difference method. As shown the reslalteled “modified square” in dashed lines and
circular-shape bearing are in good agreement. Alsoywn in this figure are the results of a
standard square-shape pad. As shown, the dimeessladad-carrying capacity of a circular-
shape pad is lower than that of a square countefas finding, in part, provides a
confirmation to the experimental results and cosiclos.

Note that a$y/h, approaches unity, i.e. parallel surfaces, thertt@al hydrodynamic
load-carrying capacity becomes nil signifying ttieoretically the load-carrying capacity
diminishes. The associated hydrodynamic frictioaeftoient corresponding to the same
geometries is shown in Figure 5-2.

The use of these figures is only for preliminarggctions and necessarily restricted to
hydrodynamic regime. That is to say, after lift-offcurs and surfaces are fully separated.
Nevertheless, they are useful for rapid estimatioiniction coefficient. If the film thickness
ratio were known, one could obtain the load-cagyiapacity and operating coefficient of
friction. See Appendix 11.3 for a numerical exagnpl
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5.2 Lift-off calculations and Stribeck behavior

The determination of the speed at which lift of€oxs, i.e. when the bearing operates
under hydrodynamic lubrication, is best achievegeexnentally. This is typically obtained by
examining the behavior of the friction coefficidnt fixing the load and increasing the speed. At
low speeds, the friction coefficient is relativédyge as the bearing operates in the so-called
boundary lubrication regime, where the surfacesramgimate contact. That is, considerable
surface asperities of the mating surfaces rub agaach and the behavior of the bearing is not
governed by fluid mechanics. As the speed incredisedriction coefficient tends to drop,
signifying that the fluid (lubricant) begins to d¢dbute to the load-carrying capacity, while still
the major portion of the load is supported by tindasce asperities. This is often referred to as the
mixed lubrication regime. Further increase in theesl typically results in reduction of the
friction coefficient as the lubricant begins to tidoute to the load-carrying capacity until a
minimum value after which friction begins to risgam. The fully hydrodynamic regime is
thought to occur after crossing this minimum foctivalue. This entire friction behavior is often
referred to as the Stribeck curve, named after&atktribeck (1902). It is often used to
differentiate between different regimes of lubricat

The proper calculation of the behavior of the Striocurve in the mixed lubrication
regime is quite complex (Khonsari & Booser, 2010J avell beyond the scope of this project.
Complexity arises from the interaction betweenltiael-sharing capabilities of the surface
asperities together with that of the fluid. Thigies that one has to take into account the
deformation of the asperities as they are expaséuetexternal load. The most well-known
formula that account for the contribution of aspesiis due to work of Greenwood and
Williamson’s contact model (Greenwood & Williamsdr966) with the assumption that
asperities undergo only elastic deformation. Therage load per unit area supported by

asperities P.) can be obtained from
P, = 27y 0 E[ (s-H)" f (9)ds
Cc 3 H

where yis the tip radius of asperities (assumed spherigalepresents the asperity denshly,
(:g ) denotes the dimensionless surface separatiohf(a) represents the probability density

function., often assumed to be Gaussian for engimgeurfaces. The real area of contact is
given by

A =myoE[ (s= H) f(9 d

Using the above equations the total load suppdyesksperities can be calculated.
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Recent application of these equations is givenpaer by Qiu and Khonsari (2011,
2012) in modeling the frictional characteristicsaainechanical seal.

A simplified method was applied to a square-type gianilar to the operation of US
Synthetic bearings lubricated with Paratherm fluith a specified surface roughness to
approximately simulate the associated Stribeck Wieharhe load was 10,000 Ibf supported on
15 pads. The result is shown in Figure 5-3. Ithisven that hydrodynamic effect can be expected
after about 250 rpm. Similar results are obtaingueementally (see Fig. 4-7). It should be
emphasized again, that the detailed analysis obthieck curve and lift off conditions require
considerably more detailed analysis, beyond thpesob the work in this project.
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Fig. 5-3. Friction behavior as a function of speed.
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6. Field application of prototype diamond bearings

The original intent was to provide prototype begsifree of charge for use in actual
MHK machines. To that end, several manufactureitK were approached and offered
bearings for use in their respective machines. sGtant with the normal adoption of new
technology this proved to be a difficult processdiese of the perceived (or supposed) risk
associated with adopting a new technology for sucthtical machine component. Thus this
research represents a major milestone in provielgence for the successful utility of diamond
bearings in MHK applications.

It is to be mentioned that currently at least or@nuafacturer is very interested and had
USS Bearings develop prototype designs for thepaegtus. Upon further consideration,
however, this manufacturer decided to wait on #@seilts from an MHK bearing experimental
program being conducted at the University of AlaskisS (as part of this study effort) has
already supplied a set of radial test bearingbed.niversity of Alaska evaluation effort.

A solid model rendition of the radial test bearimgshown in Figure 6-1. Field data
from their evaluation were not available at theetiai the writing of this report.

Fig. 6-1. Solid 3D model of PCD radial bearings providedh® University of Alaska for testing.
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7. Study Summary and Conclusions

PCD bearings are a good fit for use in MHK machin€key have been shown to:

o Operate effectively using water as the lubricant.

o Operate effectively in the mixed-mode lubricatiegime that is associated with

stopping and starting of an MHK machine operatmgdal flows.

0 Have an estimated life of 11.5 years or more inMiHK environment.
Diamond bearings for MHK applications are TRL 4dgameaning diamond bearing
technology is ready to be tested in scaled andstale MHK machines.
There is an important trade-off between fluid-fillevelopment and heat transfer out of
the bearing (for bearings designed to operate xedimode and hydrodynamic
lubrication regimes.)
The rate at which diamond bearings wear and ‘we'asia function of the engaged
diamond surface.
Reasonable estimates for the performance of robapesl bearing pads can now be
made analytically.
Bearing lift off can be calculated but is very tic@nsuming and complicated and not yet
practical for routine design work.
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8. Accomplishments

Developed a viable diamond bearing design for nddHK.

Demonstrated the performance of diamond bearingster.

Obtained first look at cyclic wear rates with diamddearings.

Obtained failure/capacity estimates for diamondibga operating in water.
Demonstrated that pad bearings operating in wateidevelop a fluid-film.

Showed the exceptional heat transfer propertiegatér as a lubricant and that this
property plays an important role for diamond begsinperating in the rubbing mode in
an MHK environment.

TRL 3 to TRL 4 technical readiness level realiz8lamond bearings ready for testing in
prototype and scaled machines.

US Synthetic participated in the DOE sponsored pmeew.

Placed diamond bearings for experimental evaluatitim the University of Alaska,
Professor Mohammad Ali.

Show cased our bearing technology at the 2011 @hdd ARPA-E symposium.

Filed one US Patent entitled, “ Bearing Assemblgsparatuses, and Motors Assemblies
using the Same”, USPTO filing number: 13/550,835.

Two accepted papers, one presented this year anditibe presented next year:

 (ASME/STLE) IJTC2012-61061 Polycrystalline DiamoRdrust Bearing Testing
and Qualification for Application in Marine Hydraietic Machines

* (WOM) WOM2013-D-12-00285 Polycrystalline diamondabag testing for marine
hydrokinetic application

Reached out to MHK industry. Currently have thpeeential customers for diamond

bearings.

Developed the beginning of what could be considarddsign methodology for discrete

pad bearings as it would pertain to application ighmoth fluid-film and mixed-mode

lubrication modes are important.

o0 Investigated in detail the performance of roundinggpads and compared those
results to rectangular pads. The rectangular gagrngethe common geometry for
bearing pads.

o0 Investigated in detail when hydrodynamic lift wowldcur. Knowing this would
be important for predicting the performance of begs that will operate both in
mixed-mode and hydrodynamic film lubrication regsne
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9. Recommendations

Though the wear was minimal it would be advisablddsign the bearing mounts such
that minimal wear can be accommodated and stilhtaad the alignment of critical
machine components.

US Synthetic should and will continue to reachtoypossible users of diamond bearings
for MHK and other renewable energy related apphbcet with the intent of
commercializing diamond bearings.

DOE, DARPA, ARPAE and other government entitiesustidoecome aware of the
possible advantages of PCD material. Possiblaéagigins include defense related
technologies and renewable energy technologieadimg MHK.
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ACCOMPLISHMENTS

Project Objective: The objective of this project is to demonstrae fdmsibility of using
polycrystalline diamond (PCD) bearings in marinddokinetic energy producing machines.

Project Goals. Develop a diamond thrust bearing design that vp#rate effectively in a MHK
machine for an extended period of time without reaance intervention. To that end the
following specific goals have been identified:

» Develop a bearing that performs well in an MHK @omiment.

» Understand the life expectancy of the bearing dgpes in ‘1’ above.

» If possible with in the project scope, develop aigie methodology or design

guidelines for MHK diamond bearings.
* Provide proto-type bearings to an MHK manufactiweffield trials.

Goal Status:

Task 1.0 Modify US Synthetic test stand for MHK testing:

I. Major activities: As originally planned, succedbfumodified the US Synthetic flow
loop portion of the bearing test apparatus for whdsv. In addition modified the test
machine control system to permit long duration eyalical testing.

il Specific objectives: The objective was to makeUlssS test facility capable of testing
thrust bearings under conditions that simulatechatiteal field application. This required
using water as the lubricating fluid and it alsquieed conducted tests over extended
periods of times with cyclical loading to imitatdes.

iii. Significant findings: The modifications were susskilly carried out.

V. Outcomes: Meaningful testing of thrust bearingsiie MHK application was made
possible.

Task 2.0 Analytical Design of Thrust Bearings

I. Major activities: As originally planned, succedbfiwcompleted three design iterations for
thrust bearings to be used for MHK application$isTask was done in conjunction with
Task 3.0. Each time a bearing was designed amdetveduated according to Task 3.0 after
which the lessons learned were applied to the itergtion of this task, Task 2.0. This
process was repeated three times.

ii. Specific objectives: The objective of this tasksvia arrive at a design that would be suitable
for use as a bearing be used in an MHK applicaimhsuitable for further life testing Task
4.0.

iii. Significant findings: A significant result of thvgork was a bearing design that represented a
compromise between heat removal from the bearidggand hydrodynamic performance of
the bearing. These design constraints compete thieugsulting bearing was a good first
estimate of a compromise between competing beariigtectures.

iv. Outcomes: The results from Task 2.0 and Taskit6tantiated the original thesis that
diamond PCD bearings would contribute to the rdligtand ultimately the cost
effectiveness of MHK.
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Task 3.0 Bearing Fabrication and Design Confirmation Testing

Major activities: As originally planned, succedbfiwompleted three iterations of friction
testing. More than planned, laboratory life tegtivas conducted to successfully confirm the
performance of the bearings. This consisted ofamed constant load life tests that
provided important information regarding bearingatility.

Specific objectives: The object of this work wastaluate the designs developed in Task
2.0 of this SOPO with regard to their suitabilioy ise in MHK applications.

iii. Significant findings: see Task 2.0 above

Outcomes: see task 2.0 above.

Task 4.0 Bearing Life Tests:

Major activities: As originally planned, four exiged life tests were successfully conducted
on two bearing designs. Also as planned, multigdts to failure where conducted on five
bearing configurations.

Specific objectives: The objective was to vertigttithe bearing designs chosen for the life
tests demonstrated sufficient life and durabilityen subjected to the MHK environment to
last at least 5 years and that the configuratiom®wufficiently durable to withstand
anticipated MHK loading conditions.

Significant findings: A significant result was thHzoth bearing types that were tested easily
withstood the life testing and that the majoritytloé bearings withstood the necessary
loading conditions. In addition, PCD bearing wedes were found to be consistent with an
anticipated life of 11.5 years. Finally, it wasifa that bearing performance improved with
time as the bearings ‘wore-in’.

Outcomes: Results from this task substantiatéhibsis that diamond PCD bearings have
sufficient life to contribute to the cost effectness of MHK.

Task 5.0 Modify design methods

Major activites: A calculation protocol for roupad bearing geometry was developed and
calculations were undertaken to determine thefffvelocity (the beginning of fluid-film
lubrication) of a rectangular pad bearing.

Specific objectives: The original objective wagiiermine a design methodology that
would permit the design and calculation of fixed pamond bearings for use in MHK
based on simulation or mathematical modeling. &ludgectives were determined to be
beyond the realistic scope of the project and wewdified to produce a bearing analytical
method for predicting the performance of round padsaddition calculations were
performed to analytically determine the speed eflibaring at the beginning of fluid-film
lubrication.

Significant findings: A key finding was that it wial be best to determine some bearing
performance characteristics experimentally andhms@dvanced modeling to help in
furthering the understanding of bearing performance

. Outcomes: With the help of experiment and undadstey gained from the specific analyses

bearings can be developed that will operate effelstiin the MHK environment.
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Task 6.0 Supply of Prototype Test Bearingsto MHK Machine Builder

Major activities: US Synthetic sought out manufiaets of MHK apparatus that could
meaningfully evaluate PCD bearings in their redgedteld trials. Three manufacturers
were identified. In the end, one was interestatialyle to potentially evaluate our bearing.
Before using the PCD bearing in the field this nfanturer decided to evaluate the bearing
further using the University of Alaska’s testingifdies where bearings can be subjected to
sand and grit laden lubricating fluids. US Synithas part of this contract supplied bearings
to the University of Alaska free of charge for teigluation.

Specific objectives: The objective is to obtaituat field experience to confirm our
laboratory results.

iii. Significant findings: No field evaluations or tessults are yet available although PCD

diamond bearings will be evaluated in the next fieanths.

Outcomes: Six sets of radial bearings have bdmicéded for and provided to free of charge
the University of Alaska for evaluation in theistdacility. Outcomes from these tests are
still pending, however, a key outcome could bewifaer acceptance of PCD bearings in
MHK devices.

Task 7.0 Project management and reporting:

Project reporting and management was accompligiredghout the project as needed and in
a timely manner.
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11.2 Discussion of TRL4 justification
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Technology Readiness Level Advancement from TR BRL4

The successful completion of this project as oadiin the SOPO (Appendix 11.2) has advanced
PCD diamond bearings from the TRL 3 to TRLA4.

In the technology readiness matrix provided with pinoposal instructions the funding phase
characteristics for TRL3 are described as:

“Design space explored with sufficient analysigustify detailed design and basic experimental
validation. Engineering design is sufficient tstjfy functional scale model build and backed ugbbgic
small scale model tests.”

The work described in this report has certainlylesqu the design space experimentally.
Confirming tests have been conducted on test bgmtinder realistic and extreme loading conditions.
Evaluation of failure loads, transition from mixeabde to fluid-film lubrication, fixed load life dability
and cyclical life durability have all been exploredThe MHK environment has been simulated with th
use of water as the lubricant. A full environméstmulations using for example salt water ladethwi
potential fouling particles was not undertakenis known that from experience using these beaiimgs
drilling fluid lubricated applications in the oikld that grit and sand have no detrimental effecthe
bearing and that simulating same would have addestantially to the testing effort with no real add
benefit. All testing showed conclusively that thégarings are well suited for application in MHK
machines.

As mentioned elsewhere in this report the originnt was to develop an engineering design
method specifically suited for segmented PCD beariit was soon realized that this was beyond what
was possible given the limited time and resoureedable; nevertheless, limited and useful analyses
were conducted to look into the performance of tbpad bearings and fluid-film lift off velocities.

It has also been realized through the course sfitbrk that a new method of analysis was not
necessary to achieve TRL4 and that traditionalysesl for hydro-dynamic and rubbing bearings gives a
sufficiently accurate result for a first approximnoat of the field performance. Despite this US Stic
is continuing its efforts to develop more accuratelels to predict the performance of these bearings
using internal funding.

Certainly based on the results of this work itasvrpossible to design and build a thrust bearing

with confidence that would operate successfullg fmll scale MHK machine. This fact satisfies the
requirements of TRL3 and moves the technology teast TRL4.
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11.3 Example analysis of a round pad bearing

Predict the coefficient of friction and minimumnfilthickness for a centrally-loaded,
pivoted pad circular-shape thrust bearing thatazary a maximum load of 24,279 Ibf when
rotating at 3000 rpm. The lubricant viscosity is 1125- 10 Ibf-s/irf. The average operating
radius (bolt circle) is 4.341 inches. The radiugath pad is 2.461 inches. Assume that 10 pads
are to be used.

Since 10 pads are used, the load per pad is: \2Z.24bf
The linear speed is:

U=R 4341 i 3000 rev 2 rd 1min 1ft 113.6 ft
= = * E3 E3 * =
avg @ ' m min Trev 60s  12in b ft/s

Assuming thahy/h, = 2.0, from Figure 5-1, we haW¥ =0.05.

LB2Uuw *\*®
by = hy = [

SinceL=B=2R, the above equation simplifies to:

8R3UUW*\"°
by = hy = |~

Substituting the numerical values in the above ggugields:

(8(2.461)3(113.6)(12)(7.25 x 1077)(0.05)
hy —hy =

0.5
2427.9 ) = .00156inches

Since by assumptioth; = 2h,, then the minimum film thickness is:
h, =.000779 inches = 779 pinches (19.9 pm)

Note that this minimum film thickness is obtainesg@aming that the viscosity remains at the
specified value. Therefore, the temperature righivthe bearing must be predicted and the
viscosity adjusted in order to obtain a realistgcwsity, which would is expected be lower than
779 pinches. Several iterations on viscosity manéeded (Khonsari and Booser, 2008). The
final value of the minimum film thickness should ¢ddeecked to ensure that it satisfies the
composite surface roughness so that hydrodynarbrechtion can be accommodated. For PCD
bearings, this can be easily satisfied.
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To determine the COF, we use Figure 5-2. Entehedigure with the same film ratio, we read

B
=14

Solving for COF yields at the above minimum filnickness yields:

—14h1_h2—14.00156—9x10_3
f= R 2461

Having determined the COF, it is easy to deterrttieefriction force and power loss. The
result should be multiplied by the number of pad¥if this case) to determine the total power
loss.
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