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Abstract

With recent advancements in advanced manufacturing techniques, it is now
possible to fabricate complex geometries that take advantage of well known
principles of heat transfer. Therefore, unconventional configurations to en-
hance effectiveness beyond conventional designs can now be considered for
practical application. Thermal performance and overall cost of a new design
of heat exchangers in counter cross-flow configurations are studied using a
simplified but accurate computational method. The new heat exchanger de-

sign was introduced and studied previously for a cross-flow configuration by
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Sabau et al. [1, 2]. This new design concept uses multi-scale configurations
with successive plenums for the working fluid. At the smallest scale the tubes
are sized to be equal to the hydraulic entrance length of the inside fluid, in
accord with constructal design. Results indicate that compared to the ear-
lier cross-flow configuration, the counter cross-flow arrangement improves the
thermal performance of the heat exchanger by as much as 17% and lowers
the total cost by as much as 14%.

Keywords: Counter cross-flow heat exchanger, Thermal performance,

Constructal, Cost.

Nomenclature

A tube area, [m?]

Ay constant given in Table 4

a dimensionless tube spacing parameter

b dimensionless tube spacing parameter

4 tube fluid heat capacity rate, [W/K]

Cy shell fluid heat capacity rate, [W /K]

C, constant based on number of rows

G, specific heat, [J/(kg K)]

D tube inside diameter, [m], D = 2 X 1y,

f friction factor

h heat transfer coefficient for each fluid, [W/(m? K)]
Pz overall heat transfer coefficient, [W/(m? K)]
k thermal conductivity, [W/(m K)]

L tube length, [m]



RGD

Greek

subscripts
1

2

m

m

out

hydraulic entrance length, [m]
constant given in Table 4
mass flow rate, [kg/s|
constant given in Table 4
number of segments

number of rows

number of tubes in each row
number of stacks

number of heat transfer units
Nusselt number

Prandtl number

heat load, [W]

Reynolds number based on tube diameter

overall heat transfer coefficient of the heat exchanger, [W/(m? K)]

kinematic viscosity, [m?/s]

tube side fluid
shell side fluid
inlet

metal

outlet

wall



1. Introduction

Shell and tube heat exchangers are commonly used in many capacities
for heating and cooling, and their design has been an important research
topic for many years. In the past, the design and performance of shell and
tube heat exchangers has been extensively studied [3-15]. However, with
recent advancements in additive manufacturing, through which “unconven-
tional” designs can be investigated, there has been an increased interest in
improving the effectiveness and efficiency of traditional heat exchangers while
driving down the manufacturing and operational costs. As such, design tools
that are both efficient and accurate are needed to investigate many possible
configurations/geometries in a wide design space.

The concept of multi-scale heat exchanger design was previously stud-
ied by Bejan et al. [16-21], Zimparov et al. [22], da Silva et al. [23], Chen
et al. [24], and Lorenzini et al. [25]. A new design for shell and tube heat
exchangers based on constructal law [26] was recently proposed by Sabau
et al. [1, 2]. Their heat exchanger design incorporated the multi-scale de-
sign with successive plenums at several length-scale levels to attain better
thermal performance with limited cost increases. The original configuration
was in a cross-flow configuration where the working fluid, in this case brine,
was inside the tubes and the refrigerant (R134A) flowed on the outside or
the shell side of the heat exchanger. Sabau et al. [1, 2] demonstrated that
their concept had lower overall cost and better thermal performance when
compared to a traditional shell and tube heat exchanger with the same heat
load requirements.

As indicated earlier, it is always desirable to lower the overall cost of a



heat exchanger while keeping the thermal performance unaffected or even
improved. One possible way of achieving this goal is reversing the flow direc-
tion of one the fluids. According to Incropera et al. [27], for the same inlet
and outlet conditions the log mean temperature difference for counter flow
exchangers exceeds that of the parallel flow. Assuming the same value of
the overall heat transfer coefficient for both flows, the counter flow heat ex-
changer requires less surface area to attain the same heat transfer rate as the
parallel flow. The same holds true for the cross-flow and counter cross-flow
configurations.

The overall goal here is to rely on the new concept [1, 2] and investigate
configurations that lower the cost per heat load while improving the ther-
mal performance. Using the computational methodology presented in this
paper, the thermal performance of different heat exchanger configurations
in counter cross-flow are studied. These results are then compared to the
ones presented by [1, 2] to determine the effects of the flow direction on the
thermal performance and overall cost. As will be demonstrated later in this
paper, the counter cross-flow setup provides higher heat loads for the same

geometry configurations as the cross-flow heat exchanger.

2. Design Variables

Figure 1 shows a sample heat exchanger design from Sabau et al. [1, 2].
This design consists of three flow levels where the smallest scale is the flow
inside the cylindrical tubes. To enhance the thermal performance of the heat
exchanger, the tube lengths are set to be equal to the their hydraulic entrance

length [17, 26]. For turbulent flows, the thermal and hydraulic entrance are



Figure 1: A sample heat exchanger design from [1, 2] in counter cross-flow, showing the

flow direction of brine and refrigerant with inlet level 1 removed for clarity.

approximately the same, and therefore, can be used interchangeably.

The entrance length idea was first introduced by Bejan [17] for the design
of dendritic heat exchangers. At the entrance length region of the tubes,
the Nusselt number is much higher which translates into higher heat transfer
coefficients. Sizing the tubes to their hydraulic (thermal) entrance length
maximizes the thermal performance of the heat exchanger while keeping the
material cost low, which in turn reduces the cost per heat load metric for the
heat exchanger. For each individual heat exchanger configuration, the tube
lengths at level 3 are calculated according to Zhi-Qing [28] using Eq. (1) to

match the turbulent hydraulic entrance length of the brine flowing inside.

L.=1.36 D Re/* (1)

At each flow level, the heat exchanger is made up of tubes or ducts of
varying sizes as shown in Fig. 1. At the smallest length scale, the number

of tubes can vary horizontally (n3), or vertically (ns3). In a similar fashion,



(b)

Figure 2: Sample of heat exchanger design from [1, 2] showing all four geometry-based
design variables. (a) Sectioned front view with level 1 removed for clarity showing two
unit heat exchangers. Arrows represent the brine flow direction. (b) Top view of the heat

exchanger showing the level 2 channels arrangements.



at level 2 scale (the ducts connected at each end of the tubes), the number
of inlet ducts can vary horizontally (ny) and vertically (nsy). This is also
shown in Figs. 2a and 2b. For the heat exchanger depicted here the number
of ducts and tubes are taken to be ng = 3, ns3 = 2, ny = 2 and nsy, = 2.
Different combinations of ns3, nsz, no and nsy should be considered to find
the best performing heat exchanger design, and to examine the overall effects
of the number of stacks on the heat exchanger performance.

In essence, this new heat exchanger design consists of multiple “unit”
heat exchangers that are assembled in parallel to create a multi-stack heat
exchanger as shown in Fig. 2a. The number of level 2 channels in each of
the “unit” heat exchangers is equal to 2n, — 1, where the design variable
ng is the number of inlets for the brine. In other words, it is the number
of times the total brine mass flow rate is evenly distributed in level 2. The
level 2 channels in turn evenly distribute the brine to level 3 tubes. The
total number of tubes in a row, as seen by the refrigerant as it enters the
space between 2 adjacent level 2 channels, corresponds to the design variable
ng. That is, there are ng number of tubes in a row connecting two adjacent
level 2 channels, where one channel is the inlet channel for the tubes in that
row and the other is the exit channel. Therefore, in the unit heat exchanger,
there are a total of ng x (2ng — 1) tubes immediately facing the refrigerant
as it enters the system. This is the core architecture of the heat exchanger
where the outside fluid passes over a single wall of round tubes and then exits
the system.

Additionally, this configuration can be expanded by introducing a new

design variable and adding more tubes behind the first row of tubes in a



staggered arrangement and extending the width of the level 2 channel to
accommodate these new rows of tubes. The total number of parallel rows of
tubes in the unit heat exchanger is represented by the design variable nss.
These additional rows of tubes are connected to the same level 2 channels as
the first row, and therefore, share the same inlet temperature for the brine
as the first row in front of them.

To further enhance the performance of the heat exchanger, additional
unit heat exchanger configurations can be connected in parallel to the first
unit to create a stacked heat exchanger. The total number of stacked unit
heat exchangers is represented by nss. It is assumed that both the inside
and the outside fluids are well mixed as they exit each unit heat exchanger,
and thus, the average brine and refrigerant exit temperatures of the first unit
heat exchanger are used as the inlet temperatures for the 2nd unit and so
on.

The tube side fluid enters the heat exchanger at level 1, where it is divided
evenly between the level 2 inlets such that mp; = mrs X ny. The tube
side fluid is also assumed to be evenly distributed between the level 3 tubes
attached to the first stack (nsy = 1) such that my; = 13 X (2ng — 1) X ng X
nss.

The effect of tube spacing is also considered in the overall cost and thermal
performance of the design. Figure 3 shows the two variables a and b that are

adjusted to attain the best tube spacing for this heat exchanger design.



Figure 3: Definition of dimensionless spacing parameters a and b for a staggered bank of

tubes in level 3.

3. Thermal Performance Analysis of New Counter Cross-flow Heat

Exchangers

In this work, two separate models were developed for the performance
analysis of the cross-flow and counter cross-flow heat exchanger design. The
first model, as presented and discussed in this section, is used to gauge the
thermal performance of the new design cross-flow and counter cross-flow heat
exchangers using the entrance length concept. The second model that was
developed, is used to study thermal performance characteristics of a tradi-
tional shell and tube heat exchanger. The traditional shell and tube design
is used as a baseline design in order to compare its performance with the
new entrance length cross-flow and counter cross-flow heat exchanger design
concept allowing us to assess the advantages and disadvantages of the new
approach. For brevity, the theory behind the shell and tube heat exchanger
design will not be presented in this work. However, detailed information and
discussion can be found in an earlier publication by Sabau et al. [2].

The entrance-length concept presented here is approached numerically

10



by calculating outlet temperatures for the mixed-unmixed counter cross-flow
heat exchangers. Unlike previous studies reported in the literature, only
inputs for the current approach are the material properties, inlet tempera-
tures, mass flow rates for each stream, and the geometric variables such as
tube diameter and tube thickness.

At its core, this method computes the temperature distribution along
each tube based on the energy balance between the shell side fluid and the
tube side fluid. An initial guess is made for the outlet temperature and the
heat transfer coefficient, and their values are updated iteratively based on
the energy balance in the system. It should be noted that, the method is gen-
eralized and can be used to model any configuration with varying number of
tubes, tube diameters, and tube spacing. The analysis assumes that the flow
is turbulent and that the fluid is fully mixed inside the tubes and unmixed
on the shell side, except between each stack, where mixing occurs. It also
assumes that the working fluids are evenly distributed through each tube as
well as outside of each tube. Due to the periodicity, a simplified version of
each configuration can be used to calculate the temperature distribution.

Each tube is divided into N, number of segments, that results in Ny, +1
nodes along the tube for the tube side fluid and Ny, nodes on the outside of
the tube for the shell fluid. Therefore, the temperature matrix for the tube
side fluid has dimensions of (N, +1) x N; and the outside fluid temperature
matrix has dimensions of Ny, x (IV; + 1) where IV, is the total number of
tubes in each row. In what follows, the upper-case T will represent the tube
side fluid nodes and the lower-case ¢t will represent the shell side fluid. The

index ¢ increases along the length of the tube from top to bottom, and the
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index j increases from left to right, where each j represents a tube.

A representative computational grid for two adjacent tubes in counter
cross-flow configurations is depicted in Fig. 4, where the arrows show the
direction of the flow. As can be seen, the two nodes, namely (¢, 7 + 2) and
(1 + 1,7 + 2), correspond to the inlets for the shell side fluid, and therefore,
their temperatures [t(i, j+2) and ¢(i+ 1, j +2)] are known. This means that
the inlet temperature boundary condition (j = jnae) imposed on the shell
side fluid is on the right side of the temperature matrix. In contrast, for a
cross-flow heat exchanger the temperature boundary is on the left side of the
matrix or when j = 1. This technique assumes that the tube side fluid always
flows from top to bottom in all tubes. To mimic the serpentine configuration
of the heat exchanger, an average temperature condition is imposed on the
solution for the outside temperature nodes at the exit of each stack before
starting the next iteration. Therefore, according to Fig. 4 and assuming a
single tube per stack, T'(i+2,j) = T'(i, j+1). Furthermore, due to averaging,
t(i,j+2) =t(i+ 1,7 +2) and so on.

t(i,j)e l o l ot(i,j+2)
° ° &=
tii+1,75)e l ° l ot(i+1,j+2)
—— ——

T(i+2,7) T(i+2,7+1)

Figure 4: Grid point locations for the shell side () and tube side (T") temperature nodes.

(counter cross-flow)

The mass flow rate, 1o, is calculated based on the assumption that the total
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flow rate is evenly distributed to N; tubes. Using conservation of energy, the
unknown temperature values, (i.e., T(i+1,7) and ¢(i,j 4+ 1)) can be written

in terms of the known temperatures in the adjacent nodes. That is,

ur o o My o ‘ ‘
Ntheg p2 [ (Zaj + ) (Zvj)] NtNT pl [ (Z,j) (Z —+ 7])] ( )
Furthermore, the temperature values at each node can be related to the

overall heat transfer coefficient, hy,, through

t(,5) +t(,j+1)
2

(1,7)+t(i,j+1)
2

—T(i+1,j) = | — T (i,))| exp (—P)
(3)

where B
27T outhie L

b=—¢ N, (4)

Here hj, depends on both inside and outside heat transfer coefficients
which are calculated based on Nusselt number correlations. The definition
of hy, used in Eq. (4) and other relevant relationships are provided in Ap-
pendix A. Additionally, the tube length L is taken to be the thermal entrance
length of the brine, which is calculated individually for each heat exchanger
configuration through Eq. (1).

The idea behind the entrance length concept was first introduced by Be-
jan [17] to further improve the thermal performance of dendritic heat ex-
changer design. This enhanced heat transfer performance is due to higher
heat transfer coefficients in the entrance region of the channel or the tube.
For a round tube, the local Nusselt number has much higher values in the
entrance region of the tube. The Nusselt number sharply drops as the flow
develops approaching a constant value for the fully developed region. These

local Nusselt number values for the tube side fluid can be calculated using
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Eq. (12), which in turn depends on the tube friction factor given by Eq.
(13). The value of the local Nusselt number directly controls the local heat
transfer coefficient, and hence, the overall thermal performance of the heat
exchanger. In other words, the tube side fluid’s heat transfer coefficient in
the entrance region of the tubes is much higher when the flow is developing.

Therefore, to take advantage of the higher heat transfer coefficients, the
tubes are designed to have lengths equal to the thermal entrance length of
the fluid flowing inside, Eq. (1). This length depends on the particular fluid’s
properties at a given temperature, as well as the fluid’s mass flow rate. In
this approach, the entrance length is calculated separately for each individual
heat exchanger configuration. It is also possible to combine different flow
levels and different tube diameters, each with their own entrance length and
flow characteristics. For the shell fluid flowing through a bank of tubes, the
average Nusselt number is calculated using Eq. (14).

Next, it is assumed that the surface temperature for each segment of
the tube is constant and equal to the average of the outside temperatures
between the nodes j and j + 1. Rearranging Eqs.(2) and (3) one gets:

ml Nseg Cpl
s N, Cho

ml Nseg Cpl

]T(z’Jrl,j): {mg N OpJT(i,j)H(i,j) (5)

t(i,j—i—l)—{
and

T(Z_’_ 17]) - [1+6Xp (_ﬂ)]t<l7]+ 1) = t(le) — €Xp (_ﬁ) [T<Z7]) _t(l>])]
(6)
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Note that Egs. (5) and (6) can be written as a linear system as:

M1 | 1+ T(i, )M +t(i, )
= (7)
LK ti,j+1) T(i,j) 2E+1) = t(i,j)E
where M and FE are constant values for each segment of the tube and are

defined as:

E =05 [exp(—5) — 1] (8)
ml Nseg Cpl
= N, Gy 9)

For the entire heat exchanger, Eq. (7) is evaluated at every node and the
governing equation turns into a block diagonal system of equations in the
form of Ax = b where A is a square matrix of size n x n and b is a column
vector of length n, where n = Ny x N, X Ng.

The system of equations for the entire heat exchanger is solved iteratively,
until convergence - based on the outlet temperature residuals (0.01 °C) and
the overall energy balance error (less than 0.1%) of the system. Preliminary
simulations indicate that the overall number of iterations needed to reach
convergence depends on the size of the solution matrix (n x n) as well as
the maximum allowable error in the solution. However, in all cases consid-
ered, the total computational time to attain convergence was on the order of
minutes on a modern desktop system.

The computational method was verified by modeling heat exchanger con-
figurations used by Shah and Pignotti [12]. Although not presented here,
the results closely matched those presented in Ref. [12], with an error of less

than 1.05% [2] for all configurations.
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4. Results

The thermal performance results for the new counter cross-flow heat ex-
changer designs are presented in this section and compared to cross-flow heat
exchanger results published previously by Sabau et al. [1, 2].

To investigate the effects of counter cross-flow on the thermal performance
of the new heat exchangers design, five a/b tube arrangements were chosen,
while keeping other design variables constant. For different values of a/b,
the NTU, overall cost and the cost per heat load are calculated. The total
cost (in US dollars) is calculated using Eq. (17) given in Appendix B [29],
assuming a total of 8, 760 hours of operation per year.

For the results in Fiig. 5 the design constants are, no = 4, nsy = 8, ng = 25,
nss = 4. Figure 5 shows the total cost of the cross-flow (CF) and the counter
cross-flow (CCF) heat exchanger (HX) for five different tube arrangements,
a/b, with a = 2. For both CF and CCF configurations, as the value of a/b
increases from 1.5 to 3.5, the overall cost decreases and the NTU increases.

Comparing Figs. ba and 5b at each value of a/b tube arrangement, it
is clear that for both CF and CCF configurations, the overall cost of the
heat exchangers are about the same. However, the CCF HX has higher
NTU compared to its corresponding CF counterpart, which indicates the
CCF configuration has better thermal performance than CF for all tube
arrangements considered.

The calculated NTU values, at each a/b tube arrangement, for both cross-
flow and counter cross-flow HXs are shown in Table 1. The percent increase
in NTU from CF to CCF is between 5 to 16 percent depending on the a/b

tube arrangement. It is clear that the larger a/b values result in higher NTU
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Table 1: Cross-flow and counter cross-flow NTU comparison.

NTU
a/b Cross-Flow Counter Cross-Flow Jodiff
1.5 0.46 0.48 4.6
2.0 0.52 0.55 6.0
2.5 0.62 0.68 9.4
3.0 0.71 0.80 12.9
3.5 0.79 0.91 15.8

increase when going from the CF to CCF configuration.

Next, Fig. 6 shows the cost per heat load [$/kW] vs NTU for both CF
and CCF HX configurations. As expected, the CCF HX has better thermal
performance compared to the CF setup. For each tube arrangement shown in
Fig. 6, the CCF HX has higher NTU and lower cost per heat load. Since the
overall cost for both heat exchangers are about the same, the lower cost per
heat load for the CCF HX also indicates that higher heat loads are obtained
for each a/b arrangement.

Table 2 shows the comparison between cost per heat load [$/kW] for the
CF and CCF configurations. As can be seen, the overall cost per heat load
[$/kW] decreases with increasing a/b for both CF and CCF configurations.
Additionally, for each value of a/b, the counter cross-flow HX has lower
cost per heat load [$/kW] compared to the cross-flow HX, which depending
on the value of a/b is between 3.2 to 8.7 percent. For the CCF HX the
most cost effective tube arrangement with the best thermal performance is

a/b = 3.5. This was also chosen by Sabau et al. [2] as the best performing
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Table 2: Cross-flow and counter cross-flow cost per heat load [$/kW] comparison.

Cost per heat load [$/kW]

a/b Cross-Flow Counter Cross-Flow Yodiff

1.5 8.82 8.53 3.2
2.0 7.98 7.65 4.1
2.5 7.01 6.60 5.9
3.0 6.38 5.90 7.5
3.5 2.96 5.44 8.7

tube arrangement for the cross-flow configuration.

Next, additional configurations were considered for a/b = 3.5 in order to
assess the performance based on the number of stacks in level two, ns,. A
set of values for nsy, between 4 and 16 were chosen, while keeping n, = 4
constant and varying ns as well as nss such that (2ny — 1) X ng x nsz ~ 700.

Figs 7 and 8 show the cost and cost per heat load for for the counter
cross-flow heat exchanger. The filled symbols in Fig. 7 represent the cases
with heat loads in the range of 4.5 MW < ¢ < 5.5 MW, while the filled
in points in Fig. 8 show the cases where the heat loads are over 5.5 MW.
Depending on the tube arrangement and the HX configuration, it is possible
to achieve heat loads greater, equal to or less than 5 MW with nsy, = 6, while
nss = 8 will produce heat loads that are greater than 5 MW.

Table 3 shows the performance data for both CF and CCF HX for ny =
4 and 12, nsy = 4 and 8, while varying n3 and ns3 to keep the total number
of tubes in one stack approximately constant [(2ns — 1) X n3 X nsg & 700].

The maximum increase in the heat load was about 17% going from the

20
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Table 3: Performance comparison between Cross-Flow vs. Counter Cross-Flow configura-

tions. [(2ng — 1) X ng X nsz &~ 700]

q [MW] NTU Cost/q [$/kW]

na NSz N3 Ns3 m %diff W %diff W %diff
33 3 3.4 3.5 2.3 0.40 0.42 3.1 6.79 6.64 2.3

25 4 3.7 3.8 2.7 0.45 0.46 3.5 6.17 6.00 2.6

20 5 3.9 4.0 3.4 0.48 0.50 4.6 5.79 5.60 3.2

17 6 4.1 4.2 4.2 0.51 0.54 5.7 5.56 5.34 4.0

4 10 10 4.5 4.7 6.0 0.58 0.64 9.0 5.18 4.89 5.7
8 12 4.6 4.9 6.7 0.61 0.67 10.0 5.18 4.86 6.3

7 15 4.8 5.2 7.5 0.65 0.72 11.5 5.27 4.91 6.9

5 20 5.0 5.4 8.4 0.69 0.78 12.9 5.53 5.10 7.7

4 33 3 5.1 5.6 8.9 0.72  0.82 14.0 6.46 5.93 8.2
25 4 5.5 6.0 9.5 0.79 091 15.6 5.96 5.44 8.7

20 5 5.7 6.3 10.4 0.84 0.98 17.7 5.68 5.14 9.4

17 6 5.9 6.5 11.5 0.88 1.05 19.8 5.55 4.98 10.3

8 10 10 6.2 7.1 13.8 0.97 1.21 25.2 5.37 4.72 12.1
8 12 6.3 7.3 14.7 1.00 1.27 27.1 5.38 4.71 12.4

7 15 6.5 7.5 16.1 1.04 1.35 30.1 5.65 4.91 13.2

5 20 6.6 7.7 17.5 1.07  1.43 33.3 6.24 5.32 14.7

17 2 3.1 3.2 0.3 0.36  0.36 0.5 9.31 9.28 0.3

11 3 3.5 3.6 2.0 0.42 0.43 2.8 7.72 7.57 2.0

8 4 3.8 3.9 2.7 0.46 047 3.8 6.96 6.78 2.6

7 5 4.0 4.1 3.8 0.50  0.52 5.1 6.52 6.29 3.6

4 5 6 4.1 4.3 4.1 0.52  0.55 6.0 6.30 6.05 4.0
3 10 4.6 4.9 6.6 0.60 0.66 9.6 6.11 5.74 6.2

3 12 4.8 5.1 7.3 0.64 0.71 11.1 6.04 5.63 6.8

2 15 4.9 5.3 7.9 0.67 0.76 12.4 6.70 6.21 7.3

12 17 2 4.8 5.1 6.3 0.64 0.70 9.6 8.40 7.90 5.9
11 3 5.2 5.7 9.2 0.74 0.84 14.7 7.15 6.55 8.4

8 4 5.5 6.1 9.8 0.80 0.93 16.3 6.53 5.95 8.9

7 5 5.8 6.4 10.9 0.86 1.02 18.6 6.33 5.70 9.8

8 5 6 5.9 6.6 11.9 0.89 1.07 20.3 6.01 5.38 10.6
3 10 6.3 7.2 14.5 0.99 1.25 26.6 6.07 5.31 12.6

3 12 6.4 7.5 15.8 1.03 1.33 29.7 6.27 5.44 13.3

2 15 6.5 7.7 17.0 1.06 1.40 32.2 7.05 6.03 14.4
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CF to CCF configuration. This percent increase is seen for both ny = 4 and
12 for nsy = 8. The configurations with the largest increase in the heat load
also represent the largest decrease in cost per heat load. The lowest cost per
heat load is achieved with ny, = 4, nsy = 3, ng = 8 and ns3 = 12 in the CCF
configuration. This configuration has a cost per heat load of 4.71 [$/kW].
Having investigated the advantages of the CCF configuration over the CF
one, we now turn our attention to the performance of the entrance-length
design concept compared to traditional shell and tube designs. Figure 9
presents such a comparison for varying heat loads. For the new design,
values of no = 4 and nsy = 4 are used, and n3 and nss are varied as shown in
Table 3. For the shell and tube heat exchanger, each data point represents
the lowest calculated cost per heat load configuration for the given heat load,
where the heat load increases from 3.5 MW to 6.5 MW. As seen in this figure,
the counter cross-flow configuration has lower cost per heat load compared to
both cross-flow with the same design variables as well as the traditional shell
and tube heat exchanger design. As such, the current concept is significantly

better than the current state of the art.
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Figure 9: Comparison between the new design Cross-Flow, Counter Cross-Flow and tra-
ditional shell and tube heat exchangers with heat loads of 3.5 MW < ¢ < 6.5 MW. a)
cost[$]. (b) cost per heat load [$/kW]
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5. Conclusions

The objective of this study was to improve the thermal performance and
lower the overall cost of a newly introduced cross-flow heat exchanger design,
by changing the configuration to counter cross-flow. By using a numerical
approach to solve for the temperature distribution in the heat exchanger
it was possible to determine the thermal performance and overall cost of
the cross-flow configuration. Results indicated that using the same design
variables as the cross-flow counterpart, it was possible to improve the thermal
performance of the new design by as much as 17% and lower the total cost
by as much as 14%. In geothermal applications the total available energy
depends on the hydro-thermal resources. This limits the heat exchanger’s
maximum attainable heat load. For this reason it is not possible to improve
the thermal performance of the heat exchanger any further. However, it
is possible to build a smaller scale heat exchanger in counter cross-flow to
match the same heat load levels as the cross-flow heat exchanger but at a

lower overall cost.
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Appendix A: Heat transfer and fluid dynamic correlations for tube

and shell side fluids

The overall heat transfer coefficient hy,, for the tube side fluid is calculated

from:
- 1
hha: = 1 _ _ (10)
i eto () + 2
where
k — k
hl = Nul—l; hg = NUQ 2 (1]_)
Tin Tout

In addition, the turbulent Nusselt number for the tube side fluid using
the friction factor [27] is taken to be

(f/8) (Rep — 1000) Pr,
Nu1 =
1+12.7(f/8)"° (prg/:a _ 1)

(12)

where the friction factor is given as

1
[0.790In (Rep — 1.64)]?

f= (13)
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and temperature dependent Prandtl number for the tube side fluid is obtained
from lookup tables.
The Nusselt number correlation for the flow through a staggered bank of

tubes [30] on the shell side is given as:

L Pro\ %% o\ mi
Nuy = A,C,Rel3 Prd3 (P—2> (5) (14)
rw

where A;, n; and m, are constants as defined in Table4.

Table 4: Constants for the Nu number correlations in a tube bank at various Rep numbers

(from [30]).

ReD A1 nq mi

1 to 100 1.04 | 0.4 0.0
500 to 103 0.71 | 0.5]0.0
10° to 2x10° | 0.35 | 0.6 | 0.2
2x10° to 2x10° | 0.031 | 0.8 | 0.2

For turbulent flows, C), has a value between 0.6 to 1, which depends on
the number of tube rows in the stack as shown by Bejan [30], and @ and b are
dimensionless tube spacing, as depicted in Fig. 3. Reynolds number, Rep =
Umae D /v, for the outside fluid is based on the maximum velocity through
the tube banks, which occurs at the smallest cross sectional area between
the tubes; and Pry,,is evaluated for wall temperature. Further details about

the approach used herein can be found in Ref. [1, 2].

Appendix B: Cost Calculations

The total heat exchanger cost is calculated using the following formula

29]:

32



Ctot = Cinit + Coper (15>

0.91
Ciie = 8000 + 259.2(A,,)"! = 8000 + 259.2 (ma‘ism) (16)

pmm

Ql QQ ) CEL-Hoper |: 1 1 1
Coper = | — AP, + Z=2AP | ——— 2 |1 — ——— | = 17
P ( 01 ! P2 2 n (1+4)" (17)

i
where the overall pumping efficiency, cost of electricity, operational time per
year, and interest were n = 1,Cgr, = 0.2 [$/kW], Hyper = 8,760 [hr/year],
and 7 = 10%, respectively.
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