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John T. Finger 
GEOTHERMAL TECHNOLOGY 

DEVELOPMENT D I v I s I ON 6241 

ABSTRACT 
THIS REPORT DESCRIBES THE WORK DONE UNDER CONTRACT TO 

SANDIA NATIONAL LABS AND TO THE DEPARTMENT OF ENERGY FOR 
IMPROVEMENT OF DOWNHOLE DRILLING MOTORS, THE FOCUS OF THIS 
PROGRAM WAS THE DEVELOPMENT OF A BETTER BEARING-AND-SEAL 
ASSEMBLY THAT COULD BE USED IN DIFFERENT KINDS OF DRILLING 

(1) DESIGN AND CONSTRUCTION OF SEAL TESTING DEVICES, 
(2) SCREENING AND EVALUATION OF CANDIDATE SEALS I N  A 

MOTORS IN A GEOTHERMAL ENVIRONMENT, MAJOR TASKS WERE: 

SIMULATED BEARING/SEAL PACKAGE, (3) TESTS OF THE MOST 
PROMISING CANDIDATES IN A FULL-SCALE BEARING~EAL PACKAGE, 
AND (4) ANALYSIS OF FAILED SEALS AFTER TESTING. THE KEY 

SEAL/SHAFT/LUBR ICANT SYSTEMS THAT PERFORMED WELL AT HIGH 
RESULTS FROM T H I S  PROGRAM WERE: (1) IDENTIF ICATION OF 

PRESSURE AND TEMPERATURE, (2) IDENTIF ICATION OF OTHER 
SEAL DESIGNS THAT SHOULD BE AVOIDED FOR SIMILAR APPLI -  
CATIONS, AND (3) EVALUATION OF THE TEST MACHINES' DESIGN, 
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I. INTRODUCTION AND BACKGROUND 

In 1976 ERDA began support for a program to improve downhole 

drilling motors that has continued for more than six years. Since 

budgetary and philosophical guidelines concluded this program at the end 

of FY'82, it is an appropriate time to summarize the work that has been 

done. 

The original motivation for this work rested on the advantages of 

downhole motors (DHM): 

-- accurate directional drilling 
-- more power delivered to the bit than with rotary 
-- reduced casing wear 
-- higher speeds available 

and on the performance of DHM at that time (typical lifetimes under 40 

hours because of bearing failure). The objective, then, was to design an 

improved motor that would be long lived and would allow high bit AP while 

operating at high temperature and pressure. Since the bearing section is 

the most vulnerable part of the DHM assembly and since turbine design 

would not change significantly to meet the 

focused on the developmelit of an improved 

used on any type of drilling motor. 

objective, the program became 

bearing section that could be 

Thrust loads on the bearing section are the ]result of an inequality 

between the hydraulic downthru from the motor and the upthrust of the 

bit load. Prevalent practice in DHM bearing design at -that time was to 

use either rubber thrust pads or metal rolling bearings--but t o  have them 

ttlubricatedtt by the abrasive -laden drilling fluid. Rubber thrust pads 

generated high torques if the up and down loads were very different, and 

the effort to balance these loads often meant drilling with a poor com- 

. I  
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bination of bit weight and hydraulics. Metal bearings could take higher 

thrust loads but wore quickly in the drilling mud environment. The cri- 

teria for improvements in the proposed new bearing package were derived 

from the shortcomings of existing tools and from requirements imposed by 

geothermal drilling. Other requirements such as load capacity, physical 

size, and rotary speed were assumed to be the same as for conventional 

tools. The most important criteria (with comments) were: 

0 200 hour life--this was roughly equivalent to the best perform- 

ance of bits and motors, and it led to the design concept of 

heavy duty bearings running in a sealed lubricant bath. 

0 Pressure drop over 1000 psi--this requirement on the pressure 

seal in the bearing package was equivalent to the pressure drop 

in the bit nozzles. This pressure may be excessive, since it is 

not commonly used in the field, even today. 

0 Operate at 250"F, soak at 500°F--these conditions represent typi- 

cal circulating and shut-in temperatures in- a geothermal well; 

they also preclude the use of most common elastomers. 

The development of the bearing package was done by two contractors, 

hurer Epgineering of Houston and Terra Tek of Salt Lake City. Major 

Yaurer tasks were bearing package design and seal selection, while Terra 

Tek was responsible for testing of seals and complete bearing packages. 

In the more detailed summary of results that follows, some activi- 

ties will be described topically; that is, a narrowly defined subject 

will be completely covered from the beginning of the program. The most 

recent activities will, however, be presented in chronological order to 

give an impression of the test program flow. 

. 
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11. APF'ROACH 

The bearing package development was quickly seen to revolve around 

the central problem of the seals to contain the bearing lubricant. There 

are two of these seals--both allow shaft rotation but the floating piston 

has essentially zero pressure drop, while the lower seal has a AP equal 

to the pressure drop in the bit. Both seals are heated by 

the geothermal foFation and by the friction of rotation. Both seals may 

also be degraded by the abrasive cuttings carried in the drilling fluid. 

Added to these difficulties are the high rotational speed (-500 RPM) and 

pressure drop (1000+ psi) required of the bearing package. 

(Figure 1) 

Because of the large number of variables--seal design, lubricant, 

shaft surface finish, drilling fluid, etc.--affecting the seal selection, 

it was impractical to test each candidate seal in a full-scale bearing 

package. Not only is the bearing package slow to disassemble for seal 

replacement and difficult to instrument, but testing it requires a large 

and expensive facility. The basic approach, shaped by these factors, had 

two components: (1) use a relatively simple screening machine to rank 

candidate seals; and (2 )  reduc the number of variables by holding some 

of them constant in the screening program. Although the screening ma- 

chine test conditions were to be as realistic as practical, the concept 

of ranking the candidate seals meant that their absolute performances 

were not crucial as long as t results were valid. 

There were several p for failure criterion in the 

screening tests, but eventual1 lubricant leakage of one gallon 

was chosen as the standard. Since this is approximately one-half the 

volume of lubricant in the bearing package reservoir, the seal life in 

the screening tegt would be more conservative than a full-scale test. 

9 
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Some aspects of the screening test procedure (such as the 1500 psi pres- 

sure drop) would tend to shorten the seal life compared to field use, 

while others (such as the lack of abrasive fluid and of radial and axial 

vibration) would tend to lengthen it. Balancing all these factors, it 

appeared that seal life in the screening machine would be at least repre- 

sentative of seal life in bearing package field use. This led to the 

addit.iona1 stipulation that if a seal survived for 200 hours without 

leaking one gallon of lubricant, the test would be ended. 

Once this approach to bearing package development was established, 

the contractors went about their respective tasks. Maurer Engineering 

was responsible for design of a bearing/seal package (BSP)--which was a 

modification of an existing Maurer unsealed design--and for selection of 

seals to be tested. Terra Tek was responsible for the design of two 

major pieces of test equipment-the Seal Test Machine (STM) used as a 

screening device and the Bearing/Seal Package Test Facility (BTF) used 

for tests of the full-scale ESP--and for the tests performed in them. 

Another machine, a Lubricant Test Facility (LW), also provided valuable 

infohation but was originally built by ,Terra Tek for a program involving 

high-temperature roller bit lubricants. All of these devices, which were 

built and used at Drilling Research Lab (a subsidiary in Salt Lake City 

of Terra Tek), are described in more detail in the following section. 

111. HARDWARE DESIGN 

A. Bearing/Seal Package 

The aajor function of the ESP is to support the axial and radial 

loads inposed during drilling on the driveshaft that turns the bit. The 

axial loads are in both directions--down because of the hydraulic force 

on the turbine blades or the rotor, and up because of the force of the 

11 
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bit against the hole bottom. These forces are fairly large (at least 

20,000 pounds) but are frequently similar in magnitude, giving a fairly 

small net force. At some times, such as rotating off bottom, they are 

completely unbalanced and require the thrust bearings t o  carry the full 

load. 

Common bearing designs for downhole motors were rubber friction pads 

or metal rolling bearings, each operating with the drilling fluid as lu- 

bricant. The rubber pads had the advantages of simplicity and low cost, 

but suffered from the necessity of closely balancing the up and down 

thrusts and from the inefficiency of high friction (as much as 40% of the 

motor's torque could be absorbed by the bearing pads). The requirement 

fo r  load balancing also means that drilling is frequently done with an 

inefficient combination of bit weight and hydraulics. The metal bearings 

had mu& less drag, but the drilling fluid lubrication sharply reduced 

their lifetime and load rating. The Yaurer BSP was designed with large 

( 4  in IC x 7 in OD) roller thrust bearings to give high load capacities 

and maximum life whether running in mud or oil. 

Radial bearings are a less severe problem because the lateral loads 

on the bit--suck as those during directional drilling--are smaller than 

the thrust loads m d  there is Rore room to use larger capacity bearings. 

This bearing package uses radial roller bearings with a capacity much 

higher than expected loads. 

This bearing package has been used as a "leaky" system (Figure 2)-- 

that is, the drilling fluid is passed through the bearings to cool and 

lubricate them. A flow constrictor is used on the downstream side of the 

bearings to control the amount of fluid through them. Although this sys- 

tem is relatively simple, it has very little chance of lasting for 200 
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hours even if clear water could be used as the drilling fluid. To allow 

the bearings to operate in an oil bath, the leaky unit is modified by 

replacing the flow constrictor with a rotary pressure seal and by in- 

serting a floating piston in the annular space between the rotating shaft 

and the outer case. In this arrangement, the drilling fluid pressure on 

top of the floating piston keeps the oil in the reservoir at the same 

pressure. Since there is a pressure drop as the drilling fluid flows 

through the bit, the same pressure drop acts across the rotary seal be- 

tween the bearing lubricant and the wellbore annulus. Assuming that 

there is a small leakage at the rotary seal, some lubricant will be lost 

into the annulus and the floating piston will move down the length of the 

reservoir to keep pressure on the remaining lubricant. 

is approximately 7-3/4" in diameter and 96" long. 

The complete BSP 

The great majority of work in this program has been devoted to 

finding a seal that would achieve a low leak rate under the conditions of 

pressure, temperature, and rotary speed imposed by the BSP design. Se- 

lection of the early candidate seals and baseline tests will be described 

in a later section of this report. 

B. Seal Test Machine 

The major function of the STM is to screen and rank various candi- 

date seals more quickly and cheaply than could be done in full-scale 

tests with the Bearing/Seal Package. Although the emphasis is on compar- 

ative performance, the validity of the ranking depends on having the test 

conditions as realistic as practical. 

The most important requirements on the STM design were: 

1. 

2. 

size and type of seals to be tested 

seal environment to be created 

i 

C 
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3. measurements to be taken 

4. ability to change seals quickly. 

Many design concepts were considered and the one chosen is shown in 

Figure 3. Basically, the 

seals at once so that the 

a zero net axial force on 

replaceable sleeve which 

S'lM tests two full-scale (5 in ID x 6 in OD) 

same pressure drop in opposite directions gives 

the rotating shaft. The rotating surface is a 

can be cooled by water flowing behind it and 

which carries thermocouples as shown in Figure 4. The S?M is driven by 

an electric motor through a transmission (Figure 5 )  to allow various ro- 

tary speeds and is fitted with threaded end closures for access to the 

test seals. The range of test parameters for the STbi includes: 

Hydrostatic pressure in S?M - up to SO00 psi 
AP across seal - up to 5000 psi 
Temperature - up to 600'F 
Rotary speed - 100 to 1700 RPM 
Deliberate shaft eccentricity - to .010 inch 
Seal length - up to 5 inches 
Ability to choose number of seal rings, shaft surface finish, 

type of lubricant, starting temperature, etc. 

Some other key features of the STM design are listed below: 

1. The rotary shaft has replaceable sleeves for the test seals and 

the vessel seals. ?he life of the vessel seals is enhanced by a lower AP 

than the test seals, by the lower surface speed that results from their 

smaller diameter, and by more cooling water flow than the test seals. 

2. In the original design, the vessel was heated by 30 one kW rod 

heaters. This power level was the result of an early testing concept 

that involved static seal heating in a 600'F vessel, but as test proce- 

15 
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dure evolved, a standard starting temperature of 250°F was established. 

This became significant when the rod heaters persisted in shorting out 

because of cracked insulation and when the heater controller gave serious 

RF interference to the instrumentation system. Both of these problems 

were solved by replacing the rod heaters with flexible band heaters (8.2 

kW total power) and a new zero-voltage-switched SCR controller. 

3. The torque cell was placed at the end of the main shaft to sim- 

plify the instrumentation and mechanical design. This means, however, 

that the cell reads the total torque of the two test seals, as well as 

the outer vessel seals. The torque of the vessel seals can be measured 

and subtracted by rotating the shaft with no test seals, but this still 

gives a combined torque reading for the test seals. It is mechanically 

possible to design a tester with individual torque readings, but it is a 

much more complicated device. 

4. The cooling water flow behind the replaceable sleeve is necessary 

to simulate the heat removal by a 250°F circulating fluid in a real down- 

hole environment. There are two major factors that determine the flow 

rate of the much cooler water in the S'IM: the cooling fluid is separated 

from the seal by a greater thickness of steel in the STM than in the ESP, 

and the flow rate is far less in the SIM than in the BSP. Since it is 

important to simulate the heat transfer from the seal into the shaft, the 

cooling water flow is adjusted to give the correct temperature gradient 

in the sleeve at the shaft/seal interface. This gradient was derived from 

a combination of theoretical analysis in a one-dimensional heat transfer 

model and baseline experiments in which temperature was measured by the 

sleeve thermocouples (T6 and T,, Figure 4). The corresponding flow 

rate is 18 gal/hr and that rate remained constant for nearly all subse- 

I 
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quent tests. 

It is also clear that T6 and T7 are much lower than the temper- 

ature at the shaft/seal interface. Assuming a linear gradient in the 

sleeve, the interface temperature could be calculated, but this usually 

wasn't done because the failure criterion is leakage volume, not temper- 

ature. 

5. Vessel heating is controlled by the temperature sensed at the 

outside (stationary side) of the seals (T3 and T4, Figure 4). These 

readings are brought up to 250°F before rotation begins and then main- 

tained at or above this set point by the heater controller. Once the 

shaft rotates, there is usually enough frictional heat to keep these 

readings above 250°F without further input from the electric heaters; 

that is, the heaters are only switched on if the T3 or T4 readings 

fall below 250°F. 

Other minor modifications to the STM have been made, but this sum- 

mary describes the basic design and operating procedure. Further detail 

on the STM can be found in References 6 - 8 .  

C. Bearing/Seal Package Test Facility (BTF) 

The function of the BTF is to simulate the downhole environment for 

tests of the Bearing/Seal Fackage. The BTF is a heated pressure vessel, 

with mud inlet and outlet, that is large enough to accept a complete 

BSPhotor assembly (Figure 6). The mud flow can drive a downhole motor 

attached to the BSP to provide rotation or a separate hydraulic motor-- 

part of the BTF--can rotate the BSP if it is tested alone. Either pro- 

grammable dynamic or static axial loads can be applied to the BSP and 

pressure pulsations can be introduced into the circulating fluid. The 

nozzle sub is used as a dioke to raise the pressure in the BSP and the 

. 
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fluid return sub/fluid impact sub combination is used to decelerate this 

high-momentum fluid before it leaves the BTF. 

To expand this brief, general description of the facility there are 

more details on certain features. 

1. The dynamic actuator is a servo-controlled hydraulic piston that 

can apply a static load up to 60,000 lbs plus a programmable varying load 

up to 60,000 lbs in either direction. The varying load--which can be an 

arbitrary nonperiodic waveform--has a frequency range of 3 to 10 Hz. 

These performance levels are derived primarily from data acquired by 

Exxon using a downhole recorder to measure forces at the bit. The force 

is representative of weight on bits up to 12-1/4" and the limit of 10 Hz 

is the frequency of pulses from each leg of a three-cone bit turning at 

200 m. 

2. The mud circulation to the BTF was originally supplied by the 

main mud pump at the Drilling Research Lab, giving an adequate flow rate 

to drive a downhole potor. Since the mud pump is essential to many other 

tests at  the DRL, this scheme created severe scheduling problems. Late 

in the program, a smaller 30 gal/min mud pump was bought and dedicated to 

the BTF. Since the BTF drive motor turned the B Y ,  the new pump with a 

small choke gave plenty of AP and flow rate for circulation through the 

BSP. Scheduling became much easier, while retaining the option of using 

the big pump for motor tests. 

3. The hot water system is designed to heat the BSP by circulating 

hot water inside a jacket that separates that water from the drilling - 
fluid (Figure 6). The water jacket is not a pressure vessel, so that the 

hot water is at the same pressure as the drilling fluid. The original 

design required the hot water to circulate by convection, but this proved 
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unsuccessful. Terra Tek surveyed pump manufacturers for a high pressure, 

high temperature circulating pump, but these were so expensive that the 

idea was abandoned and the self-generated friction heat became the prin- 

cipal heat input to the BSP. 

4. Somewhat associated with the hot water problem is the inability 

of the mud circulation system to handle mud at temperatures much above 

170OF. The reason for this limit has never been precisely determined, 

but it appears that the suction side of the pump is getting the hot mud 

below its vapor pressure. The effect of these temperature problems is 

that the body of the BSP cannot be held uniformly at a high temperature 

during a test. This does not mean that the results are unrealistically 

optimistic, for none of the tests has approached the 200 hour goal and 

few of the failures appear to be related to high temperature. 

5. A crucial factor in analyzing test results has been the lack of 

instrumentation on certain key parameters. 

In contrast to the S’IM, where thermocouples are near the shaft/seal 

interface, the BSP has thermocouples in the outer case. Not only is a 

much greater thermal mass involved, but the thermocouple is separated 

from the interface by the thickness of the seals (which are typically 

good insulators). The result of all this is that the thermocouple reading 

is generally much lower than the seal temperature and lags it in time. 

It is impossible t o  use the temperature reading either to predict incip- 

ient seal failure or to know what temperature the seal reached during a 

test. 

An even greater handicap in the test postmortem is the lack of in- 

formation about the floating piston performance. Specifically, the move- 

ment of, and mud leakage by, the floating piston are uninstrumented so 

23 



that it is impossible to know how fast the lubricant has leaked out and 

mud has entered the bearings. 

There is a port in the outer case just above the bearing section 

which allows lubricant sampling, but these samples do not always reflect 

the presence of mud in the oil and do not give any information about the 

floating piston position. In the existing test method, the usual failure 

indicators are the inability of the rotary seal to hold pressure and/or 

the increase in torque caused by mud in the bearings. 

These data deficiencies could be alleviated by modifying or rede- 

signing the BSP, but it would become much more complex and less repre- 

sentative of a true field-usable unit. If further testing were to be 

done in this program, however, these changes would be worthwhile. 

The configuration of the BTF is the result of many detail design 

choices, the great majority of which have worked very satisfactorily. 

The program reports listed in the References describe many of the con- 

cepts that were considered, as well as the reasons for the choices that 

were made. With the invaluable advantage of hindsight, it is easier to 

identify things that could be improved in any future work. 

D. Lubricant Test Facility (LTF) 

The lubricant tester (Figure 7)  was designed and built as part of a 

program to improve roller-cone bits for geothermal use. Since the effort 

to develop a ESP has the common denominator of bearing lubrication at 

high temperature and pressure, the data from these experiments can be 

useful in both programs. 

The lubricant rankings derived from the LTF were based on the lubri- 

cants' load carrying abilities at high temperature and pressure. As in- 

dicated by Figure 7,  a steel ring running in a partial lubricant bath 
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rotates at a constant speed while rubbing against a steel wear block 

under a 150 lb load. The test chamber is filled with nitrogen to prevent 

oxidation and is pressurized to reduce the volatility of the lubricant. 

After 5000 revolutions at 72 RPM the wear block is removed and the width 

of the wear scar created by the ring friction is measured. This, with 

the block width, gives a load bearing area and, therefore, a lubricant 

stress. Since we want the lubricant to have a high load capacity, the 

narrower wear scars indicate the better lubricants. Over forty different 

lubricants were screened at 400°F and the best performers were checked 

again at 600OF. A complete table of test results is in Appendix C y  but 

in general there was a wide range of performance, with order-of -magnitude 

differences in wear scar width. 

The most successful lubricant tested is a product of Pacer Lubri- 

cants, Inc., in houston, and is a synthetic hydrocarbon with proprietary 

additives. It is identified in the test results as PLX-014, and it has 

been introduced to the commercial market under the name "Geobond." Al- 

though a lower viscosity version of this oil was successfully used in the 

S'M at seal temperatures near 700°F, tests in full-scale heated bits in- 

dicate that its high temperature load-bearing properties need more inves- 

ti gat i on. 

IV. EARLY SEAL TESTS IN THE STM 

A complete tabulation of all tests in the STM is in Appendix A, but 

this section has brief descriptions of the classes of seals tested in the 

early part of the program. 

A. Debug 

A series of about 

lation--was performed 

fifteen tests--which is not included in the tabu- 

before the actual screening began. These tests 
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. 1 

provided an opportunity to discover problems in the irisi-Im.mtz cion, data 

recording, operating procedure, and in the definition of failure cri- 

terion. The longest of the debug tests was about five hours; the seal 

did not fail, but the shaft was turning at a low rate (-210 WM). The 

seals used for these tests were chevron-shaped packing made from Buna-N 

reinforced with cotton duck. No attempt was made to run the seals until 

failure, and some of the seal paclis were used on more than one test. 

B. Baseline 

A seal pack design commonly used in downhole equipment was tested 

seven times in various conditions to give baseline data at high temper- 

ature. The seals were the same as those used in the debug tests (Figure 

8), that is, a Buna-h chevron packing reinforced with cotton duck and 

designated UTI3 701. All seal packs were tested to failure, but that 

occurred after times ranging from nearly 53 hours to just over one hour. 

The changing conditions .for each test undoubtedly influenced the lives, 

but it was difficult to draw any general conclusions correlating seal 

life with test parameters. Except for the obvious fact that the tests at 

lower speed (211 RF%l vs 412 RPM) ran much longer, the effect of other 

changes such as number of seal rings, type of back-up ring, and cooling 

flow rate was not clear. The readings from the shaft thermocouples 

showed that the seals usually failed fairly quickly after reaching a tem- 

perature of 27S0F-30OoF, but the leakage behavior varied a great deal in 

reaching this temperature. 

Aside from the variables deliberately introduced into the tests, 

there were possible manufacturing variations in the seals, inadvertent 

small changes in the installation procedure, and the effect of unplanned 

stops caused by equipment problems. These tests were convincing evidence 
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that the baseline seals could never reach a 200 hour life, and the tests 

also showed some relation among seal temperature, torque, and leak rate. 

The failure mode of the seals seemed to be high temperature hardening of 

the elastomer which caused either high leakage or shaft seizure. The 

erratic results in this test series were a hint of a problem that was to 

plague this program through. its course--the lack of repeatability in 

seemingly similar tests. 

HIGH PRESSURE 

I 

SHAFT $ 

Figure 8 .  

FRONT RING 

SEAL RINGS 

BACKUP RING 

Chevron Packing Seal 

L 

28 



C. Elastomer (42D) 

Five tests were done with another elastomer seal pack that was iden- 

tical in geometry to the UTEX 701 pack used in the baseline tests. The 

Buna-N rubber in the 42D seals was impregnated with graphite for lower 

friction. The shaft thermocouple readings indicated that the friction 

reduction was not especially effective, however the graphite content did 

seem to give the seals better heat resistance because they operated for 

longer times at temperatures above 300'F than the baseline seals. Four 

of the five tests were done at 211 Wi shaft speed, but the longest life 

was still only 24 hours so further effort on these seals was abandoned. 

D. Elastomer (RD181) 

This seal had a different cross section (Figure 9) and a different 

material (Viton) from the previous designs--it was tested twice. The 

Viton is softer than the Buna-N used before, and has a higher temperature 

resistance. The coefficient of friction is higher, however, which appar- 

ently negated the advantages, because these tests were not significantly 

longer than the baseline. 

E. Elastomer (UNEEPAC) 

The UNEEPAC seals (Figure 10) are manufactured by Johns-Manville 

and are made of neoprene reinforced with flocked asbestos. This design 

has been used successfully on other oil-field equipment and is also used 

for the outer vessel seals on the STM. The performance of these seals 

was comparable to the earlier elastomer models, with an average life of 

18.5 hours and a failure mode that was predominantly wear on the seal 

inside diameter. 
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F. Elastomer (Canted) 

During this program Terra Tek tested five variations of the canted 

seal design. Although the details differed, Figure 11 shows a typical 

configuration. The principle of the canted seal is the elimination of 

line contact on the rotating shaft, thereby reducing heat buildup and 

localized shaft-wear. Although this idea is attractive, it was not eval- 

uated because the seals never ran long enough to see these effects. Four 

of the tests did not hold the initial pressurization and in the fifth, 

after the seal had been forced into position by reverse pressure, the 

test was only 45 minutes. The reasons for the failure to hold pressure 

seemed to be largely associated with the installation of the separate 

seal rings and backup rings. In some cases the seal lips were damaged 

during installation and in others the various rings rotated relative to 

each other. Most of these problems could be solved by a cartridge seal 

pack--made and installed as a single unit--but this kind of design would 

not fit into the 6 inch OD of the !?Ill test cavity. 

The seal which ran briefly failed from a large tear in the lip. 

Since the seal material was basically Buna-N the rip may have been caused 

by heat degradation, but analysis (Ref. 17) shows that the friction com- 

ponent parallel to the shaft axis loads the seal lip almost as much as 

the pressure and thereby may have locally exceeded the material strength. 

Most industrial applications of canted seals are in high speed, low 

torque (i.e., low pressure) situations where the mechanical loading of 

the seal lip is not as crucial. Use of a cartridge design, however, com- 

bined with better materials tested later in the program, might greatly 

improve the canted seal performance. Although the test results have been 

very poor, the worth of the canted seal design has not been truly eval- 

uated. 
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Figure  11. Canted Lip Seal 
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v. GRAPI-IITEBASEDSEALS 

During a two year period, 16 graphite based seals were tested in the 

S?M. The seals were made either from powdered graphite pressed into 

shape around a metal mesh matrix (Figure 12A) or from Grafoip, a propri- 

etary graphite- based material made by Union Carbide , sandwiched between 
preformed metal rings (Figure 12B). In theory, the graphite seals have 

several advantages : 

0 the material is insensitive to high temperature 

0 self lubricating properties allow a smoother shaft finish and low 

coefficient of friction creates less torque--both characteristics 

that reduce heat input 

0 thermal conductivity of graphite is much higher than elastomer, 

thus transferring heat away from the interface better, 

BACKUP RING 

SEAL RINGS 

FRONT RING 

i 

Figure 12a. Cross Section o f  Graphite-Metal 
Matrix Seal Pack 
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Figure 12b. Cross Section of Grafoil-BeCu 
Seal Pack with Flexing Lip 
Backup System 
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but the tests showed that there were severe drawbacks as well. The fail- 

ure mechanism of all the graphite seals is linked to the combination of 

low shear strength in the graphite and high frictional forces at the 

shaft/seal interface. These conditions degrade the seals in at least 

three ways: 

1. The friction force detaches small pieces of graphite from the 

seal ID and these migrate along the shaft out of the seal cavity, leaving 

insufficient material to deform into a new seal surface. Sometimes this 

process is accelerated by the graphite cakiq on the seal surface, which 

can cause local stresses even higher than normal. This process is more 

typical of the softer Grafoil seals where it also creates gross seal pro- 

file deformation and distortion. 

2. If the seal is rigid enough not to deform badly, the friction 

wear simply enlarges the seal ID until a permanent leakage path is estab- 

lished. This behavior was common in the stiffer graphite/metal matrix 

seals. 

3. In both types of seal, the friction forces may have been respon- 

sible for internal fractures of the seal rings, thus forming leakage 

paths through the cross section of the seal. 

In spite of these probletns, development of the graphite seals was 

pursued vigorously because of good performance in an early test. Test 024 

lasted almost 41 hours after a better shaft finish (4 pinch) and a backup 

ring with very small clearance (.001 inch) were added to the test setup. 

The significance of this performance is lessened, however, by the unre- 

peatability of results--no other graphite seal ever did that well again. 

The first two failure effects could be greatly mitigated by a backup 

ring with a very small shaft clearance, so much of the development effort 
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was devoted to different types of zero clearance backup (ZCB) system. 

Two types that received the most attention are shown in Figures 12B and 

13. Each depends on flexure of the metal backup ring to give zero clear- 

ance with the shaft--multiple flexing leaves in Figure 13 and an undercut 

ring with a flexible lip in Figure 12B. Although these systems did im- 

prove performance compared to the large-clearance ( .015 inch) backups 

first tried, the life increase came from trading seal failure for backup 

failure. Since the ZCB depends on the seal pressure drop forcing the 

backup lip against the shaft, there is always metal-to-metal contact. 

The flexing lip has the ability to compensate for some wear, but even- 

tually either the lip or the shaft will be ground 

is a leak. 

TOP BACKUP RING 

TEST SEALS 

1 /32” FLEXING 
BACK UP LEAVES I 

away so much that there 

Figure 13. Flexing Leaf Zero-Clearance 
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These test results led to abandonment of the graphite seals even in 

the laboratory, but there are at least two additional difficulties for 

field use in the BSP. First, the shaft finish must be very smooth under 

the graphite but it is worn while running. This means that any time a 

1 

seal is replaced, either the shaft surface must be refinished (by a re- 

placeable sleeve) or the seal contact point must be moved by using 

spacers around the seal pack. This point is rather minor but the second 

* problem--that of radial shaft movement--is not. The S?M has a fairly 

short stiff shaft supported between two sets of radial bearings, but the 

ESP has its shaft cantilevered from radial bearings with the seal between 

the bearings znd the bit (see Figure 1). With maximum tolerances in the 

ESP the shaft could have a radial deflection as great as .0045 inch at 

the seal position, and minimum tolerances would give up to .0025 inch. 

Even if we only consider the best case, it is unlikely that any ZQB sys- 

tem could survive random radial motions that large. 

VI. REDUNDANT SEAIS 

The rationale for a redundant seal is based on the theory that a 

seal which is in place on a rotating shaft--but not loaded by pressure-- 

will experience little or no wear. A pair of seals can then be put in 

place so that only the first one is pressurized until it begins to leak, 

whereupon the second one will be pressurized and take the load. Although 

no redundant seals were tested in this program, a great deal of design 

effort was expended and many ingenious ideas for sensing first seal leak- 

age and triggering the second seal were proposed (see References 9-11). 

The principle of redundancy can even be extended to more than two seals, 

but the design becomes more and more complex. 
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Redundant seal development was not pursued for two major reasons: 

1. Since we did not have a clear understanding of the failure mech- 

anisms and their cures in the seals being tested, it seemed premature to 

introduce the additional complexity, expense, and failure opportunities 

of the redundant seal operating apparatus. 

2. A two-stage redundant seal only helps to reach a 200 hour life if 

a single seal has consistently shown a life between 100 and 200 hours. 

Since only one test (out of more than 60) had a life in this range and it 

was not repeatable, it did not appear that even a successful redundant 

mechanism would help to reach our goal. 

Redundant seals have been successful in practice (e.g., Ekxon high 

pressure swivel design) but that case was for much lower speed and tem- 

perature and for an accessible location where the second seal could be 

triggered by hand. 

VII. TESTS OF COWERCIAL BEARING/SEAL PACKS 

In mid-1980 we began to hear several anecdotal reports of 100+ hour 

runs by motors in difficult drilling conditions (i.e., maybe industry had 

already solved our problem). In an effort to define the commercial state 

of the. art, we surveyed all U.S. and most European drilling motor manu- 

turers and contacted the companies that used sealed bearing assem- 

blies. ied (Dyna Drill, Baker Ser- 

vice Tools, and Bat-Jac Tool Co.) were invited to participate in tests of 

their tools. The important terms of the proposal were: (1) Sandia would 

pay all testing costs (2) Sandia .did not require details of the bearing 

package design (3) test results Id be published by Sandia. Baker 

Service Tools and Bat-Jac Tool Company declined the invitation, but 

Dyna-Drill agreed to supply two kinds of bearing packages. Their sealed 

The three companies that were iden 



unit operated on the basic principle of metal bearings in an oil bath, 

but they also had an unsealed, mud-lubricated unit that used hard mate- 

rial for the bearing surfaces. The potential for  low friction and the 

lack of elastomers in the unsealed bearing assembly made it an inter- 

esting candidate for geothermal drilling. 

The tests in the BTF began with the unsealed unit. To measure the 

torque variation under different drilling conditions, a test matrix which 

varied axial load from 0 to 25,000 lb and pressure drop across the 

bearings from 100 to 1000 psi was applied to the bearing assembly while 

torque was measured. Average torques were moderate, usually under 200 

ft-lb, with a general but inconsistent tendency to be lower when net 

thrust force was lower. The mud passing through the bearing assembly was 

only about 6°F warmer at the exhaust, also indicating low friction. 

Since the torque performance was promising, the bearing assembly was 

next prepared for an endurance test to determine if its lifetime was near 

the 200 hour goal. The tool was operated with an axial load of about 

32,000 lb and a bearing pressure drop of 600-800 psi at a rotary speed of 

800 RF%L Rotation was very smooth for almost nine hours when the torque 

suddenly tripled and became erratic. The test continued for approxi- 

mately two more hours but torque remained high and rotation was very 

rough. P&en the bearing package torque exceeded the capacity of the 

BTF's drive motor the test was ended and the bearing assembly was 

returned to Dyna-Drill. It was disassembled to find the cause of fail- 

ure. ?he conclusion of the Dyna-Drill engineers who inspected the tool 

was that several of the hard material bearing pads had come loose and 

caused partial seizure of the rotary shaft. They also stated that the 

remedy for this problem was a fairly simple design change. 
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Two sealed bearing assemblies (SBA) were tested next at the condi- 

tions: 400 RPM, 700 psi bearing pressure drop, and 15,000 lb axial 

load. The first SBA was described by Dyna-Drill as having run more than 

300 hours in their lab but lasted less then ten hours in the BTF. After 

disassembling the SBA at Dyna-Drill, its mechanical face seals were found 

to be badly broken. The coating on one of the faces had apparently worn 

through and allowed the opposing face to rub on the bare steel sub- 

strate. Even though the wear rate had been low, the long previous runs 

in the Eyna-Drill lab might have caused the seal face wear, so the second 

SBA (with an unused seal) was prepared for test. This tool also had a 

very short run and also failed by wear of the coating on the seal face. 

After further examination, Dyna-Drill engineers stated that the metal 

face coating on both the failed seals was well below the thickness spec- 

ified to the seal manufacturer and that the seal failures should be 

attributed to the inadequate coating. 

We do not claim or believe that these tests offer conclusive evi- 

, dence on the state of industry's bearing package design. Nothing in the 

description of these tests should be construed to mean that Dyna-Drill's 

bearing packages were of poor design or quality, either then or now. 

Published case histories (Ref 19) show that long bearing package runs 

have been made in the field, and it is possible that lab test criteria 

are more severe than field use, however, the fact remains that long runs 

in controlled laboratory conditions have not been publicly demonstrated. 

Unfortunately, since the time and budget for this program are expended, 

it is unlikely that such a demonstration will occur. It does appear, 

however, that the assurance of this problem's solution, coupled with the 

increasing use of straight-hole drilling motors, could significantly 
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lower the cost of geothermal drilling and thus expand the access to this 

resource. 

VIII. TESTS OF NEW SEAL TYPES IN THE S'IM 

Since none of the seal types tested until this time (early 1980) had 

seemed especially promising, several new concepts and materials were in- 

troduced to the screening program. In general, the graphite-based seals 

were unsuccessful for the reasons described in Section V, the canted 

seals (although perhaps not fairly evaluated) had not shown good perform- 

ance, and the elastomer seals suffered material degradation from the high 

temperatures produced by frictional heating. The last problem offered 

three avenues for improvement: reduce heating by reducing friction, re- 

duce temperature by conducting heat away faster, and use a material that 

is not degraded by the high temperature. All of these methods were tried 

and are described below. 

A. CONDUCTIVE SEALS 

Hybrid seal packs with combinations of elastomer and graphite chev- 

ron seals were tested with the hope that the graphite rings would help to 

carry the heat away from the elastomer. These designs were still trou- 

bled by the loss of material from the graphite, so further effort on this 

idea was abandoned. 

B. LOW FRICTION SEALS 

The candidate for a low friction seal was the Variseal , one of 
several brands of a seal type generically known as U-seals (Figure 14). 

The body of tbe Variseal is a proprietary material, but a typical U-seal 

@ 

might be made of carbon-loaded Teflon with springs to force the legs of 

Registered trademark of American Variseal Company 
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the U apart. 

the pressure maintains the sealing surface contact against the shaft. 

Once tale springs hold the seal lips in contact initially, 

I 
IHlGH PRESSURE SIDE I 

Figure 14. Variseal Diagram 

Tests of the Variseals produced mixed results. Each of the first 

two runs (041 and 042) lasted about five hours, but post-test insp-ction 

showed that the back-up ring clearances were over 0.060 inch--far greater 

than recomended. This large gap had allowed the seals to extrude be- 

tween the shaft and the back-up ring, eventually causing early failure. 

The torques for these tests were also fairly high (-120 ft-lbs), possibly 

an effect of the extrusion. 

For the next test (045), back-up rings with a 0.005 inch clearance 

Torque was much lower (-50 ft-lbs) and the test 

Efforts to du- 

were made and installed. 

duration was the longest to that date, almost 165 hours. 

plicate this test (047 and 053) failed, with torque again over 100 

ft-lbs. Detailed analysis of the latter failures is discussed in Section 
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IX and tests of a second generation seal are described in Section X. 

C. HEAT RESISTM SEALS - Four tests (043, 044, 049 and 050) of non- 

elastomer high temperature seals gave uniformly dismal results--a maximum 

run of two hours. These seals were a conventional chevron cross section, 

but made of a proprietary high temperature binder reinforced with either 

copper wire glass fiber. After the sintered graphite back-up rings frac- 

tured in the first two tests, bronze back-ups were used, but the seal's 

basic rigidity hindered them from establishing contact with the shaft and 

holding pressure; at best, there was a large constant leak. 

The graphite seal concept got a final test (052) but was no more 

encouraging than before. The Grafoil seals tested earlier were manufac- 

tured by winding a Grafoil ribbon on a mandrel and then pressing it into 

a .chevron shape (Figure 15). This method not only gave anisotropic ther- 

mal conductivity, but increased the potential intralaminar leakage paths. 

GRAFOIL* RIBBON RIBBON COMPRESSED 
WRAPPED ON MANDREL TO SEAL SHAPE 

Figure 15. Formation of Grafoil Seal on Mandrel 

44 



The seals in test 052 were made of rings cut from Grafoil sheet and lami- 

nated in the direction perpendicular to the previous seals. This proce- 

dure did not improve the performance, since the seals failed from graph- 

ite loss in less than four hours, even with the use of a flexing leaf ZCB. 

The most successful heat-resistant seals tested were those made of 

HTCR (Eiigh Temperature Corrosion Resistant) elastomer, a proprietary 

product of Utex Industries. HTCR is based on the Aflas (a product of 

Japan's Ashai Glass Co.) copolymer of tetra-fluoroethylene and propylene 

reinforced with glass fabric and synthetic aramid. The compound is 

molded into a basic chevron shape (Figure 16) that can be used either 

singly or in multiple seal packs. 

, 
I SF DESIGN A = 0.281' 

SSF DESIGN A = 0.562" 

. c  
Figure 16. HTCR Seal 
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The first test (040) with this material lasted 53.3 hours, which was 

the longest test until that time. Aside from the length of run, two 

other phenomena were observed for the first time on this test. First, 

the temperatures reached sustained levels of 450+O at the shaft thermo- 

couple (implying near 700" at the shaft/seal interface) but there was 

little thermal degradation of the elastomer. Second, the failure mech- 

anism was a groove worn into the shaft surface rather than deterioration 

of the seal itself. To determine the repeatability of this result, the 

setup was duplicated as closely as possible for test 046. That test ran 

71.8 hours and again failed because the shaft was worn to a depth that 

couldn't be accommodated by the seal lip flexure. This was much better 

repeatability than we had ever seen before, but the 165 hour Variseal 

test had occurred between the two HTCR tests and our focus was tempo- 

rarily shifted away from the HTm. 

Several more KTCR tests are described in Section X, but to preserve 

some chronological continuity the next section describes an effort to use 

a scientific approach to failure analysis. 

IX. CONTRACT TO FAILURE ANALYSIS ASSOCIATES 

Until this fairly late stage of the program, the analysis of failed 

seals was based on the obvious macroscopic defects in the seal and on the 

extensive experience of several program participants. Although this 

method was perfectly adequate in many cases, the hope of understanding 

nonrepeatable tests and of making rational specific design changes led us 

to place a contract with Failure Analysis Associates (FAA) of Palo Alto, 

CA. Their tasks could be simply described as examining the failed seals, 

defining the failure modes, and suggesting design changes to cure them. 

These tasks were no different from previous effort, but FAA was experi- 
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enced in applying chemical, microscopic, and theoretical analysis to the 

procedure. 

FAA examined at least one failed seal from each major group tested 

until that time. Many of their conclusions on the earlier seals have 

been incorporated into this report's descriptions of the failure modes. 

Much of their effort, at Sandia's direction, was devoted to extensive 

failure analysis and redesign of the Variseals. 

To recap, five tests were done on the original design Variseal: the 

first two failed quickly because of large gaps between the shaft and 

backup rings, the third one ran almost 165 hours, and the last two (which 

were efforts to duplicate the third) failed in ten hours and one hour, 

respectively. The major question was, then, why did the three seemingly 

identical tests have such different results. 

The failures in all the tests were cracks either through the heel or 

through the side of the seal (Figure 17). Because these seals had come 

from different batches of raw material, there was some suspicion of de- 

fective processing but no evidence of this could be found. In fact, no 

conclusive evidence of the failure cause was established but the most 

probable factors were extrusion of the seal material and excessive shear 

forces. Extrusion into the gap between the shaft and backup rings is 

harmful because: loss of seal material causes the lip to be thinner and 

more easily cracked. As the material extrudes at the heel the inside 

fillet becomes more of a sharp corner, which encourages cracks to begin, 

and filling the gap with material may raise the torque and, therefore the 

temperature. Two possible reasons for high shear forces were also dis- 

cussed: lubricant might flash at local high temperatures, causing 

sticking; and thermal expansion of the seal might tend to jam it between 
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the shaft and housing. The coefficient of thermal expansion for the seal 

is about ten times that of the metal enclosing it, and calculations 

showed that if the seal was heated much faster than the vessel there 

could be a lateral pressure of 2000 psi between the sides of the seal and 

the shaft and/or housing. These shear forces between the inner and outer 

lips would clearly tend to cause cracks in the seal. 

MAXIMUM HEEL I I 

I SHEAR STRESS 

MAXIMUM LIP SHEAR STRESS 
Figure 17. Variseal Failure Modes 

To alleviate these problems, FAA proposed a second generation 

Variseal (Figure 18) with the following design changes: 

-- Minimize extrusion by making a sharp corner on the backup ring 
-- Strengthen the seal by increasing the seal heel thickness and 

using the spring to tie the inner and outer lips together 

-- Reduce shear loads by increasing the diametral clearance at the 
heel, using a weaker internal spring, and using Pacer high 

temperature lubricant. 

Seals with these features were built and tested--the results are 

discussed in Section X. 

- 
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It is somewhat difficult, even with hindsight, to assess the value 

of this failure analysis. Although the test data is limited, it appears 

that FAA's definition of failure modes was reasonable and their Variseal 

design changes were valid. If the actual benefit to the program was 

small, it was primarily because this activity was near the end of the 

work instead of being done more appropriately near the beginning. In 

general, the relatively low cost of this contract (about 10% of that 

year's test budget) appears to have been very worthwhile. 

X. CONCLUDING TESTS IN THE STM (1981) 

The tests described in this section involve either HTCR elastomer 

seals or second generation Variseals. 

In an effort to solve the shaft wear problem of earlier HTCR tests, 

two changes were made to the previous setup. At the suggestion of Utex 

Industries the shaft surface was changed from chrome plate to carburized 

9310 steel. Since the earlier runs indicated high temperatures at the 

shaft/seal interface, the lubricant was changed to the Pacer PLX-014 de- 

scribed in Section I11 (d). The chemistry of this lubricant holds up 

well at high temperature, but its viscosity was made high for better per- 

formance as a bit lubricant. The series of four tests labeled 054 had a 

common failure mode that was apparently an effect of that high viscosity. 

The seal rings, backup rings, and spacer/adapters are in a stack that is 

normally held in alignment by the axial force of the vessel closure (see, 

for example, Figure 8). In these seal tests, however, the lubricant's 

high viscosity prevented it from properly wetting the shaft/seal inter- 

face and the resulting friction caused the adapters, backup rings, and 

seal rings to spin relative to each other. This relative motion caused 

rapid leaks, with none of the four tests lasting longer than 17 hours. 
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More lubricant with the PLX-014 chemistry was mixed, but this batch 

had a lower viscosity similar to the Texaco Ep85-90 that had been used in 

all the tests up to 054. Using a combination of the carburized steel 

shaft sleeve, the low viscosity lubricant, and a seal pack of two HTCR 

rings, test 055 ran for 200 hours with no seal failure. It appeared, in 

fact, that the test could have gone considerably longer since one of the 

seal packs had only leaked about half its lubricant and the other had 

leaked about a quarter. 

This result was so encouraging that a series of tests was next done 

These tests in- with drilling mud on the low pressure side of the seal. 

troduced several new problems, at least some of which were caused by 

changes in the configuration of the Seal Test Machine. Until this time 

all tests in the SlM had been run with the high pressure injection be- 

tween the seals (Figure 3 ) .  To minimize the exposure of S?M parts to 

mud, however, the seal direction .was reversed so that the high pressure 

was applied from the ends and the lower pressure mud was between the 

seals. This meant that, instead of the "face-to-face" arrangement used 

before, the seals were now in a "back-to-back" configuration (Figure 19). 

Three tests were done with the mud injection system and with a 

lower LIP of 1000 psi. Failures were at times ranging from 8 to 42 hours 

and all were caused by a combination of seal lip wear and seal assembly 

rotation. Utex Industries' analysis of the failures was that the back- 

to-back sezl arrangement caused uneven loading and therefore rapid wear 

and high torque at the seal. This analysis was primarily based on their 

past observations of other back-to-back seal applications. Since we also 

suspected that the failures were associated with the abrasive-laden mud, 

we tried to separate the effects by running the back-to-back seal config- 
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Figure 19. Seal Arrangement in the STM 
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uration with oil instead of mud on the low pressure side. These tests 

were inconclusive, one lasting 16 hours and the other 74 hours, because 

the failure modes were still related to adapter rotation. An established 

seal/shaft/lubricant combination did not last as long as expected, espe- 

cially at the 1000 psi pressure drop, thus giving credibility to the idea 

of seal configuration causing failure. On the other hand, the tests with 

oil on both sides of the seal averaged longer lives than with mud on the 

low pressure side, so it seems that the abrasive mud was at least a con- 

tributing factor in the failure. 

Unfortunately, it appears that this question will remain unresolved, 

because the testing budget was very limited at this point in the pro- 

gram. Since the second generation Variseals described in Section I X  were 

availgble, they were chosen for the final tests in the S'IM. 

The first Variseal I1 test used a 4140 steel backup ring, a shaft 

sleeve with a tungsten carbide coating, and the seal assembly shown in 

Figure 20. The run was ended at 2.5 hours when a high leakage rate be- 

gan. After disassembly the steel backup ring was seen to have severely 

galled the shaft, leading to a severe leak. The next test was identical, 

except for using a new shaft and a bronze backup ring. This run was 

ended at 1100 hours, having leaked about 20% of its lubricant, because no 

more testing time was available. Post-test inspection showed no discern- 

able wear on the anti-extrusion ring, and evidence that the seal and 

anti-extrusion ring had spun relative to the backup ring. Since the leak 

rates were low and relatively constant until the 100 hour mark, it is not 

farfetched to expect this combination to last for 200 hours. Even if 

true, that would imply nothing about the seal's performance with mud. 

This question, too, will remain unresolved but any future work should 
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XI. FULL SCALE TESTS IN THE BEARING/SEAL PACKAGE TEST FACILITY 

A. General 

The BSP Test Facility (BTF) was designed to allow realistic tests of 

The BTF is described in a full-scale, field-usable bearing/seal package. 

Section 111-C. 

Full-scale testing served three major purposes: (1) to apply more 

realistic tests to the best candidates from the S?M screening; (2) to 

evaluate seal designs that were difficult or impossible to test in the 

m!; ( 3 )  to debug the BTF and to reveal design problems in the BSP that 

would not be appareht in the STM tests. 

Twelve tests were performed on candidate seals after three de-bug 

\ tests were used to validate the BTF (see Appendix B for test summary). 

The twelve tests were divided among HTCR chevron seals, second generation 

Variseals, and mechanical face seals. 

The major problems in these tests seemed to center on the BSP 

floating piston (see Figure 1 and Section' 111-A for a description). 

Since this seal h d  near-zero pressure drop, its design was originally 

not considered to be difficult, but all the floating piston designs used 

in the twelve tests were either unsuccessful or tested for such a short 

( time as to remain unproven. The floating pistons were of two basic de- 

signs: a molded, one-piece, bi-directional seal made of HTCR (Figure 21) 

and a carrier assembly that used individual Variseals on inside and out- 

side diameters in both directions (Figure 22). The molded piston was 

susceptible to wear on the inside lip which allowed mud to pass the seal 

into the bearings. The leakage mode was not as obvious on the Variseal 

piston since the seal showed little wear. The most likely mechanism was 

poor seal/surface contact on the outside diameter; this was a result of 

, 
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I 

I I Figure 21a. UTEX Double Lip 
Floating Piston 

I 

Figure 21b. UTEX Single Lip 
Floating Piston 
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corrosion and pitting in the ESP outer housing. A majority of the tests 

ended because of mud in the bearings, so those pressure seal assemblies 

could not be judged on their suitability for use in the BSP. The only 

clear-cut results were the early failures of the mechanical face seals. 

\ 
Figure 2 2 .  Variseal Floating Piston 

The handicap of mud leakage past the floating piston was aggravated 

by the difficulty of knowing when the leakage occurred. In most cases 

the piston was found at the end of its travel, with mud below it in the 

bearings, but there vas nothing to show when during the test the piston 

moved. The mud in the bearings was detected by an increase in the torque 

required to turn the 33SP shaft but it is possible that some of the torque 

increase was caused by mud in the seal, which would have generated an 

unrealistic amount of seal wear. 

The Variseals and the HTCR elastomer pressure seals used in the BSP 

were identical to those tested in the STM, so they are not described in 
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detail here. The mechanical face seals had not been tested before be- 

cause they would not fit in the S?M, so they are described below. 

B. Mechanical Face Seals 

The principle of face seal operation is shown in Figure 23. The key 

' points in this type of seal are: (1) the sealing surface is the contact 

area between two flat annular faces, one of which rotates with the shaft 

and one of which is stationary with respect to the tool housing; ( 2 )  for 

a given pressure drop, the force holding the seal faces together depends 

on the pressure distribution across the faces, the geometry of the seal 

rings, and sometimes a spring in the seal assembly; (3 )  since the sealing 

surfaces are usually made of metal or ceramic, they are much less vulner- 

able to high tenperature than elastomers. 

The seal faces are held together by the pressure on the seal rings 

(and usually by a weak spring in the assembly). By changing the radius 

of the static seal relative to the seal face (on the high pressure and/or 

the low pressure side), the forces acting on the seal ring due to the 

pressure drop can be adjusted in a predictable way. The pressure distri- 

bution across the sealing surface, however, is not well defined. For 

simplicity, it is frequently assumed to vary linearly from the high pres- 

sure at one edge to the low pressure at the other, but there are several 

theories and some experimental data to indicate that the situation is 

more complex than this. The importance of all this lies in the necessity 

for a seal design compromise that will not produce excessive force (and 

thus heat and wear) but will produce enough force to keep the faces 

closed under all conditions so that abrasive particles will not invade 

the sealing surface. For the drilling motor application this problem is 

complicated even further by the axial vibration of the drill bit motion 
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and by the fact that the pressure drop direction may change during the 

drilling cycle. (During normal operation, pressure is higher in the tool 

than in the annulus, but with no circulation the swabbing pressure may 

reverse this. ) 

This brief and oversimplified discussion of face seal design shows 

why we tried to find face seal manufacturers with experience relevant to 

drilling motor seals. Four such manufacturers were contacted, and con- 

tracts for seals were placed with two of them--Gits Brothers and Stein 

Seal Company. 

The Stein seal design used the hard face/soft face concept in which 

scratches caused by abrasives would be in the face made of softer mate- 

rial and would then be polished out by rotation of the hard material in 

the opposing face. Test ESP-010 used one of these seals and ended after 

approximately 8 hours when the seal assembly would no longer hold pres- 

sure. The B P  was disassembled and the seal inspected--the softer face 

material had completely disappeared. Since this seal design offered no 

sign of encouragement, no further tests were done. Stein Seal Company 

was informed of the test results, but they made no suggestions for alter- 

native seal designs. 

The Gits Brother seal used hard material for both seal faces--it was 

tested in three different versions. The first attempt to test the seal 

ended before it ever started because of the seal's inability to hold 

static pressure. Examination of the seal and consultation with Gits re- 

vealed a misunderstanding of the way pressure was to be applied to the 

seal, resulting in a design that would not hold internal pressure. One 

of the seal rings was made from a ceramic material that is strong in com- 

pression but weak in tension, and this ring cracked when it was loaded in 
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tension by the internal pressure. The second'Gits design used a revised 

seal ring geometry with metal rings carrying hard facing on the sealing 

surfaces. This design operated for 6.5 hours before failing; seal dis- 

assembly showed that the hard facing had worn through and the substrate 

was too badly eroded to hold pressure. The first Gits design used the 

same seal ring geometry as the second but the seal rings were made of 

solid tungsten carbide. This seal assembly operated for 24 hours and was 

still holding pressure when an increase in BSP torque was measured. The 

floating piston had failed and allowed mud in the bearings. There was 

some noticeable wear on the seal faces but this may have occurred after 

mud got into the bearings and thus on the high pressure side of the seal. 

The results of these tests were inconclusive in evaluating mechan- 

ical face seals for drilling motor use. The fact that seals failed 

quickly does not necessarily imply that a face seal cannot be designed to 

work properly under the specified conditions. Face seals still offer the 

potential of long life relatively unaffected by high temperature, but 

they face the major obstacles of high cost and design problems that are 

not understood well, if at all. 

XII. CONCLUSIONS AMI HINDSIGHT 

The objectives of this section are to assess the experiences and 

results of the program and, from that, to offer conclusions about what we 

learned and to suggest areas that other investigators should either pur- 

sue or avoid. 

The basic approach of screening seals in a unique machine with a 

leakage failure criterion and then moving toward full-scale tests in the 

laboratory or the field still appears to be valid. The execution of this 

plan could have been more effective, however, if certain parts of it had 
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been done differently. Those parts chiefly involve the test equipment 

design, thelchoice of seals to be evaluated, and the failure analysis of 

the tested seals. 

The three major pieces of test equipmment (SRr;, BSP, and BTF) had 

design characteristics that did not necessarily give misleading results, 

but that made the results more difficult to interpret. During the test 

program, all of the machines were modified to correct deficiencies that 

did not require major redesign. The remaining features are those that 

should be considered by anyone planning a machine of the same kind. 

The SThi would have provided more useful information if it had had 

torque measurements for the individual seals and if the thermocouples had 

been placed nearer the shaft /seal interface .. The torque and . temperature 

values actually measured are good averages, but the improved instrumen- 

tation would have shown more about rapid fluctuations that might be cor- 

related with each other and the leak rate to give a better understanding 

of the failure process. 

Redesign of the ESP would probably have had the most beneficial 

effect of any hardware chafige. As discussed in Sections I11 and XI, the 

ESP has two major impediments to data collection--lack of information on 

floating piston performance and lack of temperature measurement anywhere 

near the shaft/seal interface. These problems would not have been so 

acute if the floating piston had worked well, but its consistent failure 

aggravated what might otherwise have been minor shortcomings. The 

problems are also a consequence of a decision early in the program to 

trade instrumentation sophistication for the realism of a field-usable 

Bearing/Seal Package. Again, this decision turned out poorly because of 

the difficulties with the floating piston, so the obvious summation of 
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recommendations for the BSP is to redesign or eliminate the floating 

piston. By having a flexible bellows or diaphragm in the annular space 

between the rotating shaft and the outer case, the sealing problem could 

be reduced to that of a nontranslating, low-pressure rotary seal. The 

redesign could also incorporate a method for signalling when the lubri- 

cant was expended and a method for measuring temperatures nearer the 

shaf t/seal surf ace. 

The lack of high-temperature capability in the BTF was not a serious 

operational handicap because the runs were not long enough for hot fluid 

to become a significant factor in the seal life (see Section 111-C.). If 

the BSP redesign were successful, then curing the BTF's high temperature 

problems would become important. 

The choice of seals to test and the analysis of failed seals are 

directly related, since the latter frequently influences the former. 

Until late in the program (see Section IX) the analysis of failed seals 

was based primarily on macroscopic examination or theoretical calcula- 

tion. The pronounced unrepeatability of the early tests strongly indi- 

cates that there were failure processes which were not seen at the scale 

of our investigation. It is not guaranteed that a more,rigorous exami- 

nation will clearly define the failure modes and causes of unrepezitable 

tests, but it does seem that a more thorough look at the failed seals 

would have led to a more systematic selection of seals to be evaluated 

subsequently. This effort seems especially worthwhile when the rela- 

tively modest cost of the failure analysis is compared to the cost of 

testing the seals. 

Despite tbe preceding catalog of things that could or should have 

been done differently, the program produced a number of useful conclu- 
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sions and generated much unique information. There is now a large base 

of raw data concerning seal temperatures and leak rates versus time for a 

wide variety of seals. Seal materials and designs that are promising 

candidates for further development have also been identified. The most 

important specific conclusions from this program fall into the following 

areas : 

0 Seal Design - The seal, shaft surface, and lubricant must be con- 
sidered as a system. Perhaps this is obvious, but when the perform- 

ance of one of these items is discussed, then remember that the per- 

formance of the complete system is implied. With this qualification 

then, the best seals tested were the HTCR chevron seal by Utex In- 

dustries and the Variseal by American Variseal Company, when these 

were run with a carburized steel shaft and a tungsten-carbide coated 

shaft, respectively. The chevron shaped HTCR seal also performed 

better when only one or two rings were used in the stack. When 

three rings were used, there seemed to be poor lubrication and ex- 

cessive wear of the center ring. Some industry experience indicates 

that a single lip seal with additional body material (such as the 

Utex double-length SSF design) is the optimum arrangement, but our 

experiments did not make this direct comparison. 

0 Lubricant - The high temperature (-700'F for many hours) at the 

shaft/seal interface in some tests indicate that a synthetic lubri- 

cant will be necessary for those seal designs. The Pacer PLX-014 

lubricant (commercialized by Pacer Industries as DHT-9OG) was the 

best one tested in this program. This lubricant ran in one seal 

test for 200 hours at high temperature with almost no sign of chem- 

ical degradation, however, its load bearing properties in a real 
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bearing package under these conditions are still unproven. 

0 Bearing/Seal Package - In the course of de-bugging runs and seal 
tests, the ESP was operated for a total of about 300 hours. Except 

for the problems with the floating piston, the BSP worked very 

well. It h7as disassembled many times for the installation of var- 

ious seals, and there were few signs of deterioration during this 

process. Field use of a unit similar to this, but with mud-lubri- 

cated bearings, also indicates that the design is structurally sound. 

In conclvsion, I believe that this work did advance the state of 

knowledge in rotary seal design--particularly as applied to geothermal 

drilling motors--and that there are clear objectives if this program is 

ever resumed. 
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001 

002 

003 

004 

005 

006 

007 

008 

009 

010 

011 

012 

013 

014 

01 5 

016 

017 

APPENDIX 

NO. Of 
Seal Type Rings 

Elastomer, 701 3 

Elastomer, YO1 3 

Elastomer, 42D 3 

Elastomer, 42D 3 

Elastomer, 42D 3 

Elastomer, 42D 3 

Elastomer, 42D 3 

Elastomer, 701 2 

Elastomer, 701 2 

Elastomer, 701 2 

Aborted, 
No 
Test 

Elastomer RDl8l 1 

Elastomer RD181 1 

Elastomer, 701 1 

Gra f oil /BeCu 5 

Grafoi 1/BeCu 5 

A -- Summary of Tests in the Seal Test Machine 
--1978-- 

Back up/ Shaft Duration, 
Clearance, in Finish hours Failure Mode 

P in,rms 
Notes 

Buna N/Orig. 16 52.7 Slow, constant leak a 

Buna N/Orig. 16 28.5 Faster leak beginning after a, b 
temp. spike-7 unplanned stops 
during test 

Buna N/Orig. 16 20.4 General wear, sudden leak a 

Buna N/Orig. 16 13.1 Sudden failure after 3 5 0 * +  a 

Buna N/Orig. 16 5.5 Sudden failure, seal appeared a 

Buna N/Orig. 16 24.2 Sudden failure, 350.F for a 

Buna N/Orig. 16 3.1 Sudden failure 

Brass/. 010 17 18.2 Sudden failure, elastomer 

Brass/. 010 16 3.5 Sudden failure, no unique 

Brass/.010 12 10.3 Sudden leak after 390.F 

temperature spike 

to seize shaft 

first three hours 

hardened @ 300'+ 

feature 

Brass/.010 12 11.3 High frict. coeff. gave high 

Brase/.010 12 8.6 extrusion (013 and 014) 

Brass/.010 12 5.5 Sudden catastrophic leak 

Brass/. 010 12 17.5 Grafoil separated from beryll. 
copper leaves and was washed 

Brass/.010 11 9.9 from seal cavity(016 and 017) 
Shaft was removed and replaced 
3 times during 016 

temp--backup allowed seal 
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APPENDIX A -- Summary of Tests in the Seal Teat Machine 

--1978-- 

No. of Back up/ 
Test Seal Type R i n g s  Clearance, in 

018 Elastomer, 701 3 Braas/.010 

019 Graphite/Metal 3 Alum-Bronze 

020 Graphite/Met Mtrx l AlBr/.010 

021 Grafoil/BeCu 3 AlBr/. 002 

022 3-M Uneepac 3 AlBr/.003 

023 3-M Uneepac 3 Alar/ .015 

Matrix /. 010 

Shaft Duration, 
P inlsh hours Failure Mode cc in,rmB 

16 1.2 Three rings @ 412 RPM gave 

16 4.6 Massive migration of seal 

13 13.1 Loss of graphite 

17 5.9 Loss of graphite 

17 10.6 Both Uneepac seals ahowed high 

17 26.6 inaide diameter 

high temp quickly 

material (graphite) 

wear and distortion in the 

--19790- 

024 Grafoil/BeCu 3 Flexing Lip 4 40.9 Losa of graphite, flexing 
.OOl lip wore 

025 Graphite/Met Mtrx 3 

026 Graphite/Met Mtrx 3 

027 Graphite/Met Mtrx 3 

028 Grafoil/Brass 3 .  

029 Grafoil/Brass 3 

030 Elastomer, canted 2 

031 Elastomer, canted 2 

032 Graphitehet Mtrx 3 

Teflon/Bronze 4-8 
.001 

TFE /Br-. 001 4-8 

Flex Lip/.OOl 4-8 

Flex Lip/.oo1 4-a 

Flex Lip/.OOl 4-8 

AlBr/.008 4-8 

AlBr/ .008 4-8 

Flex Lip/.ool 4-8 

2.00 

2.00 

23.5 

2.9 

3.2 

0 

0 

8.6 

Test stopped because seal 
was damaged in handling 

Graphite loss, probably backup 
ring failure 

Graphite loss; internal frac 
in seal rings (leakage paths) 

Seals damaged by removal and 
replacement of shaft 

Test ended by STM failure 

Seals and back-up rings rotated 
in housin ; would not hold 
pressure 7030 and 031) 

Graphite lose, internal fracture 

Notes 
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APPENDIX A -- Summary of Tests in the Seal Test Machine 
No. of 

Test Seal Type Rings 

033 Elastomer, canted 2 

034 Grafoil/Phos. Brnz 3 

035 Grafoil/Phos. Brnz 3 

036 Elastomer, canted 2 

037 Grafoil/Phos. Brnz 3 

038 Graphite/Elastomer 2E 
Hybrid 1G 

039 Grafoil/Elastomer 2G 

040 Elastomer, HTCR 3 

Hybrid 1E 

041 Variseal 1 

042 Variseal 1 

043 Copper Wire/Binder 3 

044 Glass Fiber/Binder 3 

045 Variseal 1 

046 Elastomer, HTCR 3 

047 Variseal 1 

048 Elastomer, HTCR 2 

--1978-- 

Back up/ Shaft Duration, 
Clearance, in Finish hours 

AlBr/. 008 4-8 0.7 

P in,rms 

--1980-- 

Flex leaves 4-8 
3 ea. .031/.001 

Flex leaves 4-8 
4 ea. .016/.001 

AlBr/. 008 8-12 

Flex Lip/.OOl 4-8 

Bronze/.016 8-12 

Flex leaves 4-8 
4 ea. .Q15/.001 

Brnz/.Ol6 8-12 

Brnz/. 063 8-12 

Brnz/. 063 8-1 2 

Sintered 4-8 
graphite/.008 
Sint grph/.008 4-8 

Brnz/.005 8-12 

Ern?./ .016 8-12 

Brnz/. 005 8-12 

3.5 

32.3 

0 

0 

8.0 

3.8 

53.3 

5.3 

4.3 

0.8 

0 

164.8 

71.8 

10.3 

Brnz/.OlB 8-12 6.7 

Failure Mode Notes 

Seal lip torn (parts pinned 
together to prevent rotation) 

Flexing leaves probably too c, d 
stiff 

Flexing leaves wore groove 
in shaft 

Seal had shrunk (possibly by 
temperature) wouldn't hold 
initial pressure 

Back-up ring seized shaft 
when pressurized 

Serious material loss from 
graphite rings in both teste. 
Mat'l loss from elastomer 
ring in 038 

Groove worn in shaft too deep 
for seal to compensate 

Excessive clearance in 
back-up ring allowed seal 
extrusion (041 and 042) 

Sintered graphite 
back-up rings 
cracked 

Seal extruded through groove 
worn in shaft 

Groove worn in shaft 

Crack through seal heel 

Wear on seal ID 

I I '  
, 



Teat 

049 

050 

051 

052 

053 

054 

APPENDfX A -- Summary of Tests in the Seal Test Machine 
--1978-- 

No. of Back up/ Shaft Duration, 
Spal Type Rings Clearance, in Finish hours Failure Mode cc in,rms 

Copper Wire/Binder 3 Brnz/.016 4-8 0 Seals were too rigid to 
flex and form seal (049 

Glass Fiber/Binder 3 Bmz/. 016 4-8 2.0 and 050) 

Notea 

Elas (HTCR),canted 2 Brnz/ ,008 8-12 0 Seal lips damaged by installation 

Grafoil/Phos Brnz 3 Flex Leaves 4-8 3.7 Severe graphite loss 
4 ea .016/.001 

c, f 

Variseal 1 Brnz/ .005 8-12 0.9 Crack through seal heel 

--1981-- 

Elastomer, HTCR 2 Brnz/ .005 8-12 16.7 High friction in all 054 tests u. h - -  
caused seals and adapters to 

cause was apparently inadequate 

cosity lube 

054A Elastomer, HTCR 2 Brnz/ ,005 8-12 9.2 rotate in the seal gland. The g, h 

0548 Elastomer, HTCR 3 Brnz/. 005 8-12 1.0 lubrication by the high vis- g, h 

054C Elastomer, HTCR 1 Bmz/. 005 8-12 7 . 8  4, h 

055 Elastomer, HTCR 2 Brnz/ .005 8-12 200 None 9, i 

056 Elastomer, HTCR 2 Brnz/ .005 8-12 8.3 Seal assembly rotated g* 1. k 

OS7 Elastomer, HTCR 2 Brnz/. 005 8-12 41.8 Wear on seal lip g* j. k 

058 Elastomer, HTCR 1 Brnz/. 005 8-12 19.0 Wear on seal lip g. j, k, m 

059 Elastomer, HTCR 1 Brnz/. 005 8-12 16.0 Adapter rotated during test gr in k, m 

060 Elastomer, HTCR 1 Bmz/.OOS 8-12 74.0 Adapters rotated during test g, i, k, rn 

061 Variseal 11 1 ~tee1/.005 8-12 2.5 Back-up ring galled shaft i, n 

062 Variseal 11 1 Brnz/.OOS 8-12 100 No failure--only 20% of i, n 

Unless superseded by a "note", all seal teats at these conditions: 

Rotary speed - 412 RPM 
Shaft sleeve coating - chrome plate, ground to diameter 
Lubricant - Texaco EP 85-90 

lubricant expended 

AP - 1500 psi 
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Appendix A Notes 

a - 211 RPM 
b - 1400 psi AP 
c - Flexing leaf clearance was .001, back up ring clearance was .170 

d - High leak rate at 1500 psi AP. Leak rate much lower at 1750 psi AP. 

e - One seal ring was homogeneous, the other was fabric reinforced. 
f - These seals had the Grafoil lamination direction perpendicular 

to that in previous Grafoil seals. 

g - Shaft sleeve is carburized steel. 
h - High viscosity Pacer lubricant on both sides of seal. 
i - Low viscosity Pacer lubricant on both sides of seal. 
j - Low viscosity Pacer lube on high pressure side, mud on low 

pressure side. 

k - 1000 psi AP 
m - The seal ring is twice as long as normal. 
n - Shaft sleeve coated with tungsten carbide WAR-LWlN30 
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APPFCNDIX B 0- Summary of Test8 in the Bearing/Seal Package 

Test Pressure Seal Floating Piston Test 
ID Assembly Assembly Duration, Failure Mode 

hr 
Notes 

001 3 Rings, 701 Bron2e piston- 001 and 002 were debug 

002 3 Rings. 701 As above 

tests ended by test E 1 as t omer Chevron seals OD. 
UNEEPAC ID facility failure 

Elastomer 

003 

004 

005 

006 

007 

008 

009 

01 0 

01 1 

3 Rings, 701 AS above 5 
Elastomer 

2 Rings, HTCR 1 piece. molded HTCR 31 
E las tomer double lip ID 

Gits Bros. Face As 
Seal 

2 Rings. HTCR As above 
Elastomer 

0 

6 

1 Double Height Variseah in ryton 51 
HTCR Ring carrier 

Seal If single lip ID 
Gits Bros. Face 1 pc molded HTCR 6.5 

4 

Stein Face Seal AS above 8 

1 Double Height 
HTCR Ring forced HTCR, single lip 

One-piece molded rein- 48 

No failure. teat wan run to a. b 
measure temperature 

Floating piston failed. 
allowing mud in bearings 

initial presaurieation dus 
to faulty design 

Seal adapter sheared align- 
ment pin, causing tool seizure 

Floating piston failed 

Face seal cracked during C 

Tungsten carbide coating worn c 
off seal faces 

Floating piston failed, ID 
completely worn away 

destroyed 

Mud in bearings: both pressure 
seal ana floating piston worn 

One seal face completely C 



Test 
ID 

01 2 

01 3 

01 4 

01 5 

APPENDIX B -- Summary of Tests in the Bearing/Seal Package 

Pressure Seal 
Assembly 

1 Double Height 
HTCR Ring 

Variseal I1 
(without extru- 
sion ring) 

Variseal 11 
(without extru- 
sion ring) 

Gits Bros. Face 
Seal I11 

Floating Piston Test 
Assembly Duration, 

hr 
Failure Mode Notes 

One-piece molded rein- 46 
forced HTCR, single lip 

Variseal 48 

Variseal 24 

Floating piston failure, ID e 
lip worn away 

Mud in bearings: source un- d, e 
clear because little wear on 
either seal 

Mud in bearings: floating e 
piston had not moved 

C 

Unless superseded by a "note", the BSP tests were at these conditionsr 

Axial Load - 10,000 lb nominal 
AP - 1000 psi  
Rotary Speed - 450 RPM 
Back-up Rings - SAE 660 bronze, .005 in diametral clearance 
Pressure Media - Pacer 9oG (low viscosity) lubricant on high 

pressure, mud on low pressure side 
Pressure Seal Shaft - Carburized 9310 steel, 8-12 pin finish 
Floating Piston Shaft - Chrome plate 
"Pressure Seal Assembly" refers to sealing pressure in one direction: 
in the tests of non-face pressure seals there is one "P.S.A." in 
each direction 

Notee for Appendix B 

a Chrome plated pressure seal shaft 
b AP = 900 psi, speed 5 400 RPM 
c Data on back-up rings and pressure seal shaft not applicable 
d AP = 500 psi because of damage to BTF 
e Floating piston shaft is carburized steel 

t 
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Appendix C 

Lubricant Test Results 

n 

Nominal Load 
Avg. Wear Bearing 

Test. Lubricant Lubricant Scar Width Capacity Test Temp 
1. D. Manufacturer Number (inches) IPSi)  (OF) 

32 
33 
40 
41 
42 
43 
44 
4s 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 
60 
61 
62 
63 
64 
65 
66 
67 
68 
69 
70 
71 
72 
73 
74 
75 
76 
77 
78 
79 
00 
81 

105 

104 
105 
106 
107 
162 
163 
105 
186 
187 

Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Schmiers toffe 
Schmierstoffe 
Schmierstoffe 
AP I 
API 
Mavom 
Mavom 
Optimol-Olworke 
Optimol-01werke 
Texaco 
Texaco 
Wooley Booger 
Wooley Booger 
Mobil 
Mobil 
Jet - Lube 
Jet - Lube 
Jet-Lube 
Watch 
Watch 
Tenneco 
TeMeCO 
Watch 
Dow- Corn ing 
Dow-Corning 
Dow-Corning 
Amoco 
Amoco 
ARloco 
Amoco 
Amoco 
Amoco 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 
Pacer 

PLX-013 
PLX-013 
PLX-01s 
PLX- 01 5 
PLX-011 
PLX- 011 
PLX-011 
PLX-014 
PLX-014 
PLX-014 
PLX- 010 
PLX-010 
Cleitno 500 
Gleitmo 500 
Gleitmo 500 
BUC SA2 
BUC SA2 
BSK 
BSK 
optimoly white T 
Optinoly White T 
EP 85-90 
EP 85-90 
Teflon Grease 
Teflon Grease 
600W 
600W 
Kopper Kote 
Kopper Kote 
Kopper Kote 
10:1 
1O:l 
Anderol 456 
Anderol 456 
10: 1 
710 
710 

31052 
M-125 
Rykon No. 2 EP 
Rykon No. 2 
Amdex No. 1 EP 
1157 
PLX-014 

PLX-014 
PLX-014 
PLX-014 
PLX-014 
PLX-014 
PLX-014 
DHT-9OG 
DHT-906 
DHT-9OG 

n-77 

0.077 
0.080 
0.108 
0.098 
0.102 
0.075 
0.083 
0.070 
0.064 
0.057 
0.092 
0.094 
0.104 
0.147 
0.132 
0.114 
0.130 
0.142 
0.162 
0.307 
0.376 
0.260 
0.259 
0.204 
0.173 
0.137 
0.148 
0.136 
0.197 
0.136 
0.116 
0.165 
0.167 
0.185 
0.158 
0.576 
0.561 
0.269 
0.326 
0.164 
0.150 
0.140 
0.242 
0.12s 
0.070 
0.087 
0.068 
0.043 
0.041 
0 .  If4 
0.108 
0.110 
0.091 
0.065 

7,435 
7,155 
5,277 
5,816 
5.588 
7.600 
6,895 
8,143 
8.860 
9.942 
6,218 
6,064 
5.463 
3.878 
4.329 
5,000 

4,396 
4,014 
3,519 
1.857 
1,516 
2.190 
2 * 205 
2,990 
3,301 
4.171 
3,851 
4,181 
2,889 
4,181 
4.900 
3.448 
3.406 
3,087 
3,696 
900 

1.016 
2,119 
1,752 
3,476 
3,808 
4,081 
2,360 
4,560 
8,104 
6,577 
0,542 
13,256 
13,902 
3.276 
5.278 
6.195 
6,325 
9.135 

400 

400 
550 
660 
660 
400 
400 
200 
400 
660 

'Lubricant Test Machine was develo ed in conjuytion with the "Program to 
Develop Improveil Sealed-Geothema! Rock Bits. 
by the Department of Energy/Division of Geothermal Energy with Terra Tek 
as the prime contractor. Lubricant tests for the Downhole Motor Prograa 
and the Geothermal Bit Program were numbered consecutively. The tests 
results listed in this table apply to the Downhole Motor Program. 

This program was funded 
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